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Enhancement of Impingement
Cooling in a High Cross Flow
Channel Using Shaped
Impingement Cooling Holes
Impingement systems are common place in many turbine cooling applications. Generally
these systems consist of a target plate that is cooled by the impingement of multiple
orthogonal jets. While it is possible to achieve high target surface heat transfer with this
configuration, the associated pressure drop is generally high and the cooling efficiency
low. Furthermore, especially in large impingement arrays, the buildup of cross flow from
upstream jets can be significant and results in deflection of downstream impingement jets
reducing the resultant heat transfer coefficient distribution. This paper presents a com-
putational and experimental investigation into the use of shaped elliptical or elongated
circular impingement holes designed to improve the penetration of the impinging jet
across the coolant passage. This is of particular interest where there is significant cross
flow. Literature review and computational investigations are used to determine the opti-
mum aspect ratio of the impingement jet. The improved heat transfer performance of the
modified design is then tested in an experimental rig with varying degrees of cross flow at
engine representative conditions. In all cases, a 16% increase in the Nusselt number on
the impingement target surface in the downstream half of the cooling passage was
achieved. Under the first four impingement holes, a Nusselt number enhancement of
28–77% was achieved, provided no additional cross flow was present in the passage.
When appropriately aligned, a significant reduction in the stress concentration factor
caused by the addition of a hole can be achieved using this design.
�DOI: 10.1115/1.3140282�

Keywords: impingement blade cooling

1 Introduction
Many modern high pressure turbine blades are cooled by pass-

ing air bled from the compressor through the blade, before feeding
it to the external surface to form cooling films. The heat removed
by convection is dependent on both the temperature of the flow
and the heat transfer coefficient. Cooling by impingement is of
particular interest as it provides heat transfer coefficient enhance-
ment over an ordinary plane passage, while the continual injection
of coolant keeps the driving gas temperature difference high to
ensure locally high heat fluxes. Improvements in casting technol-
ogy have increased the useful heat transfer area and flow path
length of impingement cooling systems while maintaining a ro-
bust design. Figure 1 indicates a cross section of a prototype tur-
bine blade cooled using impingement channels integrally cast into
the blade wall.

This paper is concerned with the heat transfer characteristics of
one such long low aspect ratio �z /d=1.54� channel, and the effect
of shaping the impingement holes. While mostly earlier impinge-
ment channel cross sections have tended to be of high aspect ratio
and had several rows of impingement holes spread across their
width �1–3�, the current study models integrally cast passages of a
race track cross-sectional geometry oriented radially in the turbine
blade. Typically the passage includes about 19 impingement
holes. This is much longer than impingement passages previously
tested, and results in changed flow conditions. Experimental mea-

surements of the Nusselt number and jet effectiveness distribu-
tions in a large scale Perspex model of the cooling passage were
reported in Ref. �4�. In that configuration, circular holes were
employed. Details of the experimental rig, which is modified for
the current study, are shown in Fig. 2. A reduction in impinging jet
penetration across the cooling passage with increasing cross flow
was seen to dominate the levels of heat transfer obtained, particu-
larly toward the end of the passage. While other workers have
investigated the use of passage roughness elements to increase
heat transfer in both leading edge �5� and midspan �6� applica-
tions, the aim of the current study was to investigate whether
impinging jet penetration could be improved by shaping the im-
pingement holes. It was hoped that this technique would be asso-
ciated with minimal additional passage pressure drop.

Round jets have been used almost universally in impingement
systems because of their ease of manufacture. When the imping-
ing jet has to traverse a cross flow, the impingement properties of
the jet become a function of the momentum ratio, the velocity
ratio, and the aspect ratio of the channel, z /D. Measurements by
Abramovich �7� and Wooler et al. �8� showed that a free jet in
cross flow undergoes considerable deflection and does not remain
round even at low cross flow to jet mass velocity ratios �Gc /Gj

�0.25�. The development of the jet shape consists of the initial
transition from a circular to an elliptical profile, and then a steady
increase in the jet diameter at a constant aspect ratio. The dilution
of a jet by the surrounding flow and the reduction in its ability to
reach the target plate are primarily determined by the following
properties.

• Jet drag. The component of the cross flow perpendicular to
the jet’s axis causes form drag that deflects the jet down-

Contributed by the Turbomachinery Division of ASME for publication in the
JOURNAL OF TURBOMACHINERY. Manuscript received June 9, 2006; final manuscript
received March 23, 2009; published online December 31, 2009. Review conducted
by David Wisler. Paper presented at the ASME Turbo Expo 2006: Land, Sea and Air
�GT2006�, Barcelona, Spain, May 8–11, 2006.
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stream. The drag coefficient, CD, for a circular jet is ap-
proximately equal to 1.8 �9�.

• Entrainment. The jet mixes with the surrounding cross flow.
This “dilutes” the jet cooling potential and erodes the poten-
tial core region. The transfer of momentum from the sur-
rounding flow also creates a force on the jet deflecting it
downstream �10�. Estimates of the entrained mass flow can
be made from the work of Hill �11�, who performed experi-
ments using a variable collar arrangement surrounding a jet
to measure the local entrainment rate in the presence of
cross flow.

The listed reasons above suggest that, in cross flow, an appro-
priately shaped jet would have improved impingement, when
compared with that of a round jet. A streamlined jet could be
designed to have a reduced drag coefficient, CD, and thus very
low form drag, but the surface area of its circumference would be
greater than that of a circular jet of the same cross-sectional area.
A circular jet of the same area has the smallest possible perimeter
and hence the lowest entrainment drag, but would suffer more
from form drag as the projected area is greater than that of a
streamlined jet.

Very little data exist into the impingement performance of non-
circular jets. Callaghan and Bowden �12� made measurements of
elliptical, square, and circular jets using heated jets in a free cross
flow. Somewhat surprisingly, it was found that square jets pro-
vided the best penetration performance, followed by that of circu-
lar jets, and then that of an elliptical jet with a 2:1 aspect ratio.
Manufacturing and lifeing constraints dictate that a square jet is
not feasible in a hot engine component, and the current authors
conclude that the optimum aspect ratio of an elliptical jet lies
somewhere between that of a circular jet and a 2:1 aspect ratio.

2 CFD Analysis
Computational fluid dynamics �CFD� was used to investigate

the impingement performance of shaped jets at a Gc /Gj ratio of
0.707, this being the asymptotic and maximum value of Gc /Gj for
a cooling passage with the impingement hole area to passage
cross-sectional area ratio being used in this study. The flow field
was modeled for jets with an aspect ratio of 1, 1.2, 1.5, and 2, and
for circular jet with a hole axis inclined by 30 deg upstream into
the oncoming channel flow. Angling of the hole has been shown to
improve jet penetration �13,14�, but is difficult to achieve in the
short holes �typically l /d=1–1.5� used in engine applications be-
cause of flow separation through the holes, and nonreattachment
over the length of the hole. The jet cross-sectional area, the jet
Reynolds number, and the channel dimensions were the same for
all the geometries investigated.

The discharge coefficient of a jet orifice is dependent on its
shape and, therefore, for a fixed cross-sectional area and mass
flow rate, the pressure drop will vary between geometries. A com-
parison at identical flow conditions would require matching both
the mass flow rate and the pressure drop, which could only be
achieved by varying the hole cross-sectional area. This would re-
quire prior knowledge of the discharge coefficient, and presuming
this was known, the jet areas should be varied in accordance to the
ratio

Ashaped

Around
=� Cd round

Cd shaped
�1�

However there are no reports of the discharge coefficient of such
shaped holes in cross flow in the literature, and therefore the ex-
periments were performed with mass flow rate and hole cross-
sectional area matched. While this implies that the impingement
supply pressure will vary slightly between the different cases
tested, this pressure is rarely marginal in the engine �particularly
toward the blade tip where improved jet penetration is required�,
and will not change the performance ranking of the different con-
figurations. In any case, the CFD performed here was used as a
comparative tool, and promising potential geometries were subse-
quently tested experimentally.

2.1 Model Geometry and Running Conditions. A model of
a generic impingement channel onto which various impingement
hole designs could be superimposed was constructed using GAM-

BIT 1.3.0. The cooling passage modeled was of the aspect ratio of

Fig. 1 Schematic cross section of a turbine blade

Fig. 2 Impingement channel geometry
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1.54:1 to match the impingement channel described above, how-
ever the impingement hole was located centrally in the passage,
allowing symmetry conditions to be applied and hence reducing
computational demands. Figure 3 shows the initial mesh before
grid adaptation.

Tetrahedral elements were employed throughout and the bound-
ary layers modeled using nonequilibrium wall functions. The flow
fields were solved using FLUENT 5 with a realizable k-� turbulence
model. This was chosen as it is considered more accurate for
flows with high shear rates, such as those found at the jet bound-
aries. Nonequilibrium wall functions are based on the y� �the non-
dimensional wall cell thickness� value, which ranged from 52.5 to
68.6 on the wall adjacent cells on the target surface. This is within
the limits recommended by the code developers. A uniform veloc-
ity boundary condition was applied at the channel entrance and a
jet Reynolds number of 20,000 was used to set a mass flow inlet
boundary condition at the entrance of the hole. The authors rec-
ognize that a more accurate simulation might have been achieved
by modeling a plenum upstream of the impingement hole, how-
ever, the heat transfer results near the jet axis and the nature of the
boundary layer within the hole are strong functions of the precise
geometry of this plenum �15�. The effect of the latter boundary
condition is to eliminate flow separation in the holes, and hence to
focus the CFD investigation on the relative degradation of the jet
due to drag from, and entrainment of, the passage cross flow. As
the results of the simulations are being used merely to investigate
the relative jet effectiveness and velocity field, no formal grid
sensitivity study is presented below.

2.2 CFD Results. Results from the CFD calculations are pre-
sented in Figs. 4–8. For all cases, the target plate wall adjacent jet
effectiveness appears to be very similar, and is shown only for the
circular hole. Although the potential core of none of the impinge-
ment holes considered reaches all the way across the passage to
strike the target surface, along the centerline, the potential core of
the angled jet appears to have best penetration. There are small

Fig. 4 Flow field for jet aspect ratio=1.0

Fig. 5 Flow field for jet aspect ratio=1.2

Fig. 6 Flow field for jet aspect ratio=1.5

Fig. 7 Flow field for jet aspect ratio=2

Fig. 3 Grid used for CFD analysis of impinging channel
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changes in the flow field around the jet as the elliptical holes
aspect ratio is increased: the midpassage region of low velocity air
downstream of the jet is reduced, confirming that the form drag of
the jet is reduced, and the velocity of the air in the near wall
region from the hole axis moving 1d–2d downstream is progres-
sively higher. The highest velocities seen for the angled jet are
close to the wall, but they are in a region of low jet effectiveness.

To quantify the effect of hole shape on impingement potential a
number of measurement planes were defined parallel to the im-
pingement plate at distances of 0.43d, 0.83d, 1d, 1.25d, and 1.54d
from the holed surface �as shown in Fig. 4�. Particle lines emerg-
ing from the impingement jet were traced and the number of par-
ticle lines that crossed each measurement plane calculated as a
fraction of the total jet particle lines. The results of this calculation
are presented in Fig. 9.

An indication of the relative jet performance is given by the
fraction of the total particle lines that cross any given measure-
ment plane. No particle lines cross the 1.54d plane, as this repre-
sents the target plate. Of particular interest is the 1.25d plane, as
this is closest to the target plate, and thus the results on this plane
are likely to be indicative of the relative performance of each hole
design. The results indicate that a jet with an aspect ratio of 1.2
should provide the greatest impingement enhancement. Nearly
four times as many jet particle lines cross the 1.25d plane from the

jet with an aspect ratio of 1.2 as do from a circular jet. The results
show that a jet with an aspect ratio of 1.5 would appear to offer
the next best impingement performance.

The relative performance of the impingement jets was also
ranked using the maximum effectiveness that occurred on the
measurement planes detailed in Fig. 4. This interpretation of the
results is presented in Fig. 10.

These results indicate that the greatest impingement enhance-
ment would occur using a jet that is inclined at 30 deg upstream
followed by that of an elliptical jet with an aspect ratio of 1.2.
However, the 30 deg inclined jet was ranked as the worst per-
former in the previous measure, suggesting a highly nonuniform
behavior away from the passage centerline. All the jets resulted in
a similar maximum target plate effectiveness of 0.37; the reasons
for these are not as yet fully understood, however, nonuniform
velocity profiles in the impingement is likely to aid the shaped
holes to punch through the cross flow and raise their actual effec-
tiveness. The results on both the 1d and 1.25d planes support the
conclusions of Fig. 9 that, of the elliptical jets, an aspect ratio of
1.2 provides the greatest impingement enhancement. The jet
angled 30 deg upstream results in the highest local maximum
effectiveness on any of the given measurement planes. For this
condition, the CFD results show that a “tongue” of the impinge-
ment gas penetrates the flow leading to the high effectiveness,
while the majority of the jet flow is stripped by the cross flow.
These results are in line with those of Ward et al. �14�, where it
was shown experimentally that a jet angled 30 deg upstream
would produce the highest peak heat transfer coefficient �for a
range of jet inclination from 0 deg to 60 deg. As a high average
effectiveness was required, the angled jet was discounted, and
only elliptical jets were considered further.

3 Additional Benefits of Shaped Jets
Elliptically or racetrack shaped impingement holes have the

independent advantage that when the major axis of the machined
hole is aligned with the direction of the predominant blade stress,
there is a reduction in the resulting stress concentration factor.
Comparison between elliptical and circular holes located in an
infinite plate loaded in tension in which the major axis of the
elliptical hole aligned with direction of axial tension shows a re-
duction in the theoretical stress concentration factor by between
11% and 22% for elliptical holes of aspect ratio 1.2 and 1.5,
respectively �after Ref. �16��. High aspect ratio elongated holes
have been investigated for leading edge applications by other
workers �7�. The impingement channel detailed in this report is

Fig. 8 Flow field for jet aspect ratio=1.0,30 deg upstream
injection

Fig. 9 Particle lines crossing a measurement plane as a frac-
tion of the total jet particle lines

Fig. 10 Maximum effectiveness on a plane
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aligned with the radial axis of the blade, and thus the use of
streamlined holes would result in reduced stress concentration fac-
tors, which would lead to blade life improvements. This is of
particular benefit in integrally cast systems where inspection of
internal features is difficult. For this reason alone such holes
should be considered as a serious contender in future cooling sys-
tem designs.

4 Experimental Tests

4.1 Experimental Considerations. Experiments were per-
formed on a candidate racetrack shaped hole impingement con-
figuration using the test rig shown schematically in Fig. 11, and a
modified impingement plate, Fig. 12. The channel used is con-
structed from Perspex and coated with a single narrow band ther-
mochromic liquid crystal displaying peak intensity at 33.0°C.
Cross flow may be introduced at one end of the channel, while air
impinges from a separate source through a single staggered row of
19 evenly spaced holes along the length of the channel, spacing
x /d=4.36, y /d= �1.8. In both cases, the turbulence intensity of
the air in the plena is less than 0.1%. The air exhausts at the far
end of the channel via a control valve to a vacuum pump. The
proportion of cross flow is controlled by a variable speed blower.
Independent heating of each gas stream is achieved by passing the
air through two planar mesh heaters �17�. Both the Nusselt num-
ber, Nu=hd /k, and the local jet effectiveness, e=Taw
−Tcross /Timp−Tcross, are found using a two test strategy, which
ensures a well conditioned experiment. A full description of the
specific transient heat transfer technique employed in these tests
can be found in Refs. �18,19�, where the root sum square �rss�
experimental uncertainties in heat transfer coefficient and effec-
tiveness are quoted as 8.85% and 16.37%, respectively, after �20�.
The apparatus is able to reproduce engine representative Reynolds
numbers based on impingement hole diameter, Rejet
=10,000–35,000, and cross flow of up to 10% of the total mass
flow rate. The uncertainty in mass flow rate measurements made

using two British Standard 1042 orifice meters was similarly de-
termined and found to be 1.90% for the impingement flow and
1.68% in the case of the additional cross flow. This infers that for
nominal cross flows of 5% and 10% of the total mass flow rate,
values lying in the ranges 4.83–5.17% and 9.68–10.32% are
achieved, respectively.

The aim was to determine if the shaped hole would lead to
increased target plate heat transfer. To facilitate manufacture, it
was decided to approximate the elliptical hole by an elongated
circular hole. The CFD results indicate that the optimum hole
geometry has an aspect ratio lying between 1.2 and 1.5. The width
�and diameter� of the elongated circular hole were chosen by
matching the length of the major axes and the cross-sectional area
of the hole. These parameters form a quadratic equation that was
solved to find the required aspect ratio. Elliptical holes, with as-
pect ratios of 1.2 and 1.5, had an equivalent elongated hole aspect
ratio of 1.27 and 1.66, respectively. A design aspect ratio of 1.35
was chosen, as this lies a third of the way between these values,
being closer to the better performing aspect ratio of 1.2. The im-
pingement plate with elongated holes was identical to the standard
impingement plate in all, but the hole shape �Fig. 12�. While the
circular holes had an inlet chamfer of 0.167d this was considered
to be unrepresentatively large for the narrower elongated holes,
and instead a 0.083d chamfer was used. Experiments were carried
out at four flow conditions using both round and elongated holes.
These were impingement into the channel with flow exiting
through one end, and �1� and �2� no additional cross flows, aver-
age jet Reynolds numbers of Rejet=20,000 and 35,000, �3� 5%
additional cross flow, Rejet=20,000, and �4� 10% additional cross
flow, Rejet=20,000. The cross flow is quoted as a percentage of
the total impingement flow entering the channel.

5 Experimental Results

5.1 Local Nusselt Number and Effectiveness. Local Nusselt
number and jet effectiveness maps are presented in Figs. 13 and
14, for the tests carried out at an average jet Reynolds number of
Rejet=20,000 and an initial channel cross flow equal to 5% of the
total impingement flow with both round and elongated holes. The
Nusselt number and Reynolds number data presented were calcu-
lated in all cases using the circular hole diameter, d, as the char-
acteristic dimension. For the elongated hole, the hydraulic diam-
eter is 0.985d �i.e., a 1.5% difference�, however, the use of a
single characteristic dimension means that a comparison of Nus-
selt number relates directly to a comparison of local heat flux at
the same mass flow rate. These Nusselt number data are normal-
ized by the chordwise �y-direction� averaged Nusselt number
measured at x /L=0.95, for round holes, with 10% cross flow. This
was the maximum average Nusselt number achieved using round
impingement holes at Rejet=20,000, and is denoted hereafter by
Numax. This method of normalization has been chosen to allow
comparison between different hole and cross flow configurations
while maintaining the underlying variation in the level of Nusselt

Fig. 11 Schematic diagram showing the layout of the experimental apparatus

Fig. 12 Details of the elongated hole impingement plate and
the hole geometry
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number along the passage. It clearly shows the improvement in
impingement performance through the use of shaped holes. The
effectiveness measurements indicate �=0 when the heat transfer is
driven solely by flow originating in the cross flow, and �=1 where
the impinging jet flow drives heat transfer. Full details of the local
heat transfer coefficient and effectiveness distributions for the
round hole case are reported in Ref. �19�. The effectiveness mea-
surements are very similar, being slightly lower in the case of the
elongated hole in the early part of the passage �compare the value
directly under hole 5�, the changes reflect small changes in the
flow distribution and jet velocities. This, however, does not indi-
cate identical flow fields as the levels of normalized Nusselt num-
ber are quite different. The Nusselt number distributions show the
same general pattern but the level is clearly higher for the elon-
gated holes, suggesting that more of the high cooling potential jet
flow reaches the target surface. Interestingly this is the case along
the entire passage length, suggesting an unexpected change in the
character of the jets where there is little or no cross flow.

5.2 Average Nusselt Number. Further insight can be gained
into the mechanisms driving the improved heat transfer by con-
sidering the chord wise averaged Nusselt number, similarly nor-
malized, as presented in Fig. 15, for all tests conducted at Rejet
=20,000.

With no additional cross flow, impingement flow, which fully
penetrates across the passage, occurs in the upstream portion of
the channel �holes 1–3�. The average and peak Nusselt number
enhancement factors compared with the equivalent round holed
case for the first four impingement holes are detailed in Table 1.
The average is calculated over an area that extends across the full
target plate width and two diameters upstream and two diameters
downstream of the center of the impingement hole in question.
The experimental results show that shaped jets resulted in a 28–
77% increase in the Nusselt number in this region. This cannot be
due to the protection against entrainment that the elongated hole
was designed to provide, as there is little cross flow in this region.

The pattern with no cross flow is extremely similar at Rejet
=35,000, with the only difference being the small increase in the
level of Nusselt number enhancement in the upstream part of the
passage as noted in the table.

The peak Nusselt number increases with hole position until the
fourth hole where it drops despite the mass flow rate through the
holes increasing with downstream position. This is explained by
the build up of cross flow deflecting the impingement jet before it
strikes the surface resulting in a decrease in the peak Nusselt
number. This trend and the mechanism driving are precisely the
same as those previously reported for circular holes �4�. The key
features are the reduction in the peak Nusselt number when the
potential core of the jet no longer strikes the surface, and the
underlying increase in the average Nusselt number along the pas-
sage as the mass flow rate in the passage and the flow through
each impingement hole increases. In the downstream half of the
passage flow through the impingement holes acts to accelerate the
passage flow under the obstacle presented by the emerging jet.
This increased velocity, and the improved cooling potential of the
flow is responsible for the ripple in Nusselt number seen in this
region.

The change in the peak value of Nusselt number in the jets
known to impinge on the surface suggests that the peak velocity
of the jet is increased at the same hole position for the same
average jet Reynolds number, when the array of elongated holes is
used.

This infers a decrease in the hole discharge coefficient. The
impingement plate is the same thickness for both the circular and
elongated holes and it is thought that the reduced ratio of the
minor diameter to plate thickness of the elongated holes results in
a reduced discharge coefficient due to separation effects, Fig. 16.
Furthermore, the elongated holes were machined with a smaller
inlet chamfer to that of the round holes, which may have resulted
in a slight additional reduction in Cd. Chambers et al. �19� mea-
sured the discharge coefficient for a circular hole and showed that

Fig. 13 Local Nu/Numax, cross flow=5%, Rejet=20,000

Fig. 14 Local jet effectiveness, cross flow=5%, Rejet=20,000
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it remained constant for a Gc /Gj ratio of up to 0.85. It is assumed
that shaped holes exhibit similar performance in the presence of
cross flow, and Cd is constant along the passage. There are two
mechanisms through which a change in discharge coefficient af-
fects the Nusselt number distributions. First, the flow distribution
in the passage is changed. A reduction in discharge coefficient
reduces the effective size of the impingement holes. Thus, for a
given total mass flow rate in the passage, this results in a more
uniform flow distribution between each of the injection holes, as
the drop in pressure required to pass the flow through the holes is
increased relative to the drop in pressure as the flow moved from
the first impingement hole toward the passage exit. This acts to
increase flow through upstream holes and would lead to increased
Nusselt numbers in this region.

The effect of changing hole discharge coefficient can be ana-
lytically assessed using a distributed injection model of impinge-
ment, as first proposed by Florschuetz et al. �21�. Figure 17 shows

relative jet velocity for discharge coefficients in the range Cd
=0.8–0.95. This confirms that the relative velocity near the pas-
sage increases as the discharge coefficient drops.

The second possible reason for an increase Nuavg in holes 1–4
is an increase in the peak jet velocity caused by increased flow
separation and the associated reduction in the jet effective area. It
is, of course, impossible to uncouple the two effects above to
determine which is dominant. It is noticeable that there is a reduc-
tion in Nusselt number in this region with either 5% or 10% initial
cross flow. In the case of no cross flow, the enhancement seen is
caused by higher local impinging jet velocities, however, with
additional cross flow, although the jet velocities will still be
higher, the effective area of the jets is reduced. The authors specu-
late that in this region where the cross flow is dominant and the
jets fail to cross the passage, enhancement is caused by the accel-
eration of the cross flow near the target surface. The reduction in
the effective area of the impinging jet, particularly the jet width
�y-direction�, reduces this local acceleration and thus the average
Nusselt number observed. In these cases, the changed geometry of
the first impingement hole unexpectedly has an effect on the level
of the target plate Nusselt number far upstream �almost to the
passage entrance�, the precise cause of this is not fully understood.

In the downstream half of the passage, regardless of the initial
cross flow rate or test Reynolds number, the impingement plate
with elongated holes resulted in an approximately 16% increase in
Nusselt number. As the cross flow in this region is dominated by
the flow from upstream holes, which will be proportionally higher
for the elongated holes �if the assumption of lower Cd is sensibly
correct�, the improved heat transfer performance must be caused
by the reduced drag and entrainment of the shaped jets, and the
higher peak jet velocity caused by the reduced hole discharge
coefficient.

It is clear that a lower discharge coefficient for all of the holes
implies a higher driving pressure difference across the impinge-
ment system, and the improved heat transfer has not been gained
without some additional pressure penalty.

6 Summary and Conclusions
Computational simulations have been used to show that shaped

holes and directed cooling jets in an impingement channel are able
to offer enhanced heat transfer performance through the improved
ability of the jets to penetrate the cross flow. Experimental tests of
an elongated hole, with semicircular ends and an aspect ratio of
1.35, confirmed the changes in behavior predicted by the CFD and
provided reliable measurements of the Nusselt number enhance-
ment.

From the tests performed it may be concluded that:

• a low aspect ratio hole, of axes ratio 1.2–1.5, is required to
obtain heat transfer enhancement;

• average Nusselt number enhancement in the early part of the

Fig. 15 Nuavg/Numax, Rejet=20,000

Table 1 Heat transfer enhancement for the upstream impinge-
ment holes „holes 1–4…

Re Hole

Enhancement

Avg Peak

20k 1 1.66 1.3
2 1.39 1.29
3 1.43 1.45
4 1.28 1.28

35k 1 1.77 1.4
2 1.43 1.41
3 1.48 1.56
4 1.36 1.3

Fig. 16 Reduction in effective area caused by separation at
impingement holes „view of the y-z plane…

Fig. 17 The effect of Cd on relative jet velocity for the 19 hole
impingement channel
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channel �low cross flow� lies between 28% and 77%, and is
a weak function of the jet Reynolds number being driven by
a drop in the hole discharge coefficient;

• average Nusselt number enhancement in the cross flow
dominated region was 16% and independent of Rejet at the
limited number of Reynolds numbers tested.

An additional benefit of the shaped holes is a reduction in stress
concentration factors. When appropriately aligned, these are re-
duced by 10–20% over the range of aspect ratios recommended
above.
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Nomenclature
A � area, m2

d � round hole diameter, m
D � passage hydraulic diameter, m

Cd � discharge coefficient
CD � drag coefficient
Gc � cross flow mass velocity �density�velocity�,

kg m−1 s−1

Gj � jet mass velocity �density�velocity�,
kg m−1 s−1

h � heat transfer coefficient, W m−2 K−1

k � conductivity, W m−1 K−1

l � length of impingement hole, m
L � passage length, m
N � total number of holes

Nu � Nusselt number, Nu=hd /k
Nuavg � Nusselt number averaged across target surface

in the y-direction
Numax � maximum value of Nuavg for a given Rejet at

all cross flows �0%, 5%, and 10%�
Rejet � average jet Reynolds number, Rejet=4ṁ /��dN
Tcross � cross flow temperature, K

Taw � local adiabatic wall temperature, K
Timp � impingement jet temperature, K

x � distance along passage, m
y � distance across passage, m

y� � nondimensional wall cell thickness
z � holed surface to target surface spacing, m
� � jet effectiveness, �=Tgas−Tcross /Timp−Tcross
� � dynamic viscosity, Pa s

Subscripts
avg � average values

elongated � elongated hole with semicircular ends

round � circular hole
shaped � hole of arbitrary cross section and inclination
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Detailed Heat Transfer
Measurements in a Model of an
Integrally Cast Cooling Passage
Detailed measurements of the heat transfer coefficient (htc) distributions on the internal
surfaces of a novel gas turbine blade cooling configuration were carried out using a
transient liquid crystal technique. The cooling geometry, in which a series of racetrack
passages are connected to a central plenum, provides high heat transfer coefficients in
regions of the blade in good thermal contact with the outer blade surface. The Reynolds
number changes along its length because of the ejection of fluid through a series of 19
transfer holes in a staggered arrangement, which are used to connect ceramic cores
during the casting process. Heat transfer coefficient distributions on these holes surface
are particularly important in the prediction of blade life, as are heat transfer coefficients
within the hole. The results at passage inlet Reynolds numbers of 21,667, 45,596, and
69,959 are presented along with in-hole htc distributions at Rehole�5930, 12,479,
19,147; and suction ratios of 0.98, 1.31, 2.08, and 18.67, respectively. All values are
engine representative. Characteristic regions of high heat transfer downstream of the
transfer holes were observed with enhancement of up to 92% over the Dittus–Boelter
level. Within the transfer holes, the average htc level was strongly affected by the cross-
flow at the hole entrance. htc levels were low in these short �l /d�1.5� holes fed from
regions of developed boundary layer. �DOI: 10.1115/1.3140283�

1 Introduction

The heat transfer performance of internal cooling passages in-
side gas turbine blades is of great importance to the designer
because higher cooling effectiveness generally allows higher tur-
bine inlet temperatures, which results in increased power output
from the engine. Many strategies including impingement cooling,
film cooling, and ribbed serpentine passages have previously been
employed to maximize the heat transferred from the blade to the
coolant. In all such designs, many regions, which are unable to
lower the external blade surface temperature, are heavily cooled.
Figure 1 shows spanwise and chordwise cross sections through a
prototype turbine blade, in which the cooling features are located
in the blade wall, providing good conduction paths between the
external �heated� and internal �cooled� surfaces. The coolant is fed
from a series of racetrack channels to a central plenum through a
series of transfer holes. Subsequently the flow impinges through
further holes into a second series of racetrack channels. Finally
the air is ejected onto the pressure surface through conventional
film-cooling holes.

This paper presents experimentally measured heat transfer co-
efficient distributions on the internal surface of an inlet racetrack
cooling passage used in this design. The passage modeled is con-
nected to the central plenum through a series of 19 transfer holes
in a staggered configuration. The local heat transfer coefficient
distribution in a number of these holes is also presented. Knowl-
edge of the thermal stresses inside such holes can help in the
design of blades with greatly extended life. Currently there are
very little such data available in the literature.

The use of thermochromic liquid crystals has enabled research-
ers to measure full surface heat transfer coefficient distributions of
very complex shapes with very little flow intrusion. The transient
technique was used for the experimental work because it allows

full surface data acquisition while reducing errors introduced by
lateral conduction and nonuniformity in the heating of the model
surface.

Heat transfer measurements using liquid crystals is a technique
that has been used since early 1980s. It was established by Ireland
and Jones �2�, and only a short description is given here. For the
technique to produce useful results, the experimental test section
should be manufactured from a transparent material with low ther-
mal diffusivity, such as Perspex. The liquid crystals are sprayed on
the surface of the test section using an air brush and the thickness
of the coating is between 5 �m and 10 �m. In a typical transient
heat transfer experiment, the flow temperature is subject to a sud-
den change and the optical response of the liquid crystal surface
coating is monitored using digital video cameras. From these data,
the temperature history of the model surface and hence the heat
transfer coefficient distribution are determined.

Although several previous workers have made detailed mea-
surements of the flow distribution in manifolds, their studies have
mainly been limited to investigations of manifolds with long inlet
and outlet ducts in which the flow always becomes attached over
the length of the duct. The most comprehensive of these, Miller
�3�, studied flow distributions in dividing manifolds, correlating
loss coefficients in the feed and dividing ducts to the ducts’ area
and flow ratios. Importantly he noted that by varying the branch
and manifold areas and modifying branch junctions to adjust
branch loss coefficients, it is possible to obtain any required flow
distribution, provided the resultant pressure losses are acceptable.

Heat transfer coefficient distributions in branched passages and
manifolds have been measured, usually at low resolution by a
number of other workers. Wesley and Sparrow �4� measured local
and circumferentially averaged turbulent heat transfer coefficients
in a tube downstream of a tee. They found that heat transfer co-
efficients in the thermal entranced region of the passage were very
much higher than those for conventional axisymmetric turbulent
tube flows, and also noted that circumferential variations of the
Nusselt number were found to be confined to the initial part of the
entrance region, with circumferential uniformity being attained at
a downstream length of about 8 diameters. Ainsworth and Jones
�5� used a transient technique based on point measurements from
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thin film gauges to examine the effect of mass removal through
discrete holes from a circular duct representative of a turbine cool-
ing passage. They observed that the enhancement was doubled
downstream of the hole and that it increased proportionately with
the bleed rate of flow. Sparrow and Kemink �6� made a similar
study of flow downstream of a branch takeoff, measuring heat
transfer enhancement factors of up to 5 using a steady state tech-
nique.

Byerley �7� studied the heat transfer coefficients near film-
cooling holes angled at 30 deg, 90 deg, and 150 deg to the on-
coming flow, using a transient liquid crystal technique. For all
configurations, they found that the peak level of enhancement is
located at the downstream hole edge. Average heat transfer en-
hancement factors of up to 6 were found in up to 3 hole diameters
downstream of the holes. Shen et al. �8� extended this work to
investigate a blade midchord convergent cooling passage with
single and multiple holes. Once again they concluded that heat
transfer is always enhanced downstream of the film-cooling hole.
They also found that the diameter of the film-cooling hole has an
effect on the heat transfer coefficient, with smaller hole diameters
yielding larger enhancement. In a related study Gillespie et al. �9�
measured the effect of cross-flow on the inside surface of single
holes inclined at 90 deg and 150 deg to the flow direction. They
concluded that the effect of cross-flow is considerable and pro-
duces a Nusselt number distribution within the 90 deg hole, which
is far from symmetrical about the 90 deg line. Along the 0 deg line
there is always a region of low heat transfer due to the separation
on the upstream edge of the inlet in both geometries. They also
found that the overall circumferentially averaged Nusselt number
for the 150 deg hole is higher than that for the 90 deg hole, but
lower than that predicted by the tried and tested sharp-edged hole
entry enhancement correlation of Boelter et al. �10�.

Goldstein et al. �11� investigated the flow and mass transfer
coefficient distributions in a duct feeding three short holes perpen-
dicular to the duct flow direction using the naphthalene sublima-
tion technique. By changing the number of open holes used, the
effects of neighboring holes, hole spacing, distance to end of the
duct, and duct height were investigated. They concluded that the
flow into a hole �for one open hole� can be thought of as the
combination of flow along a 90 deg tube bend and a sink flow �a
sudden contraction�. The Sherwood number around the circumfer-
ence of the inside hole surface varies considerably due to the
secondary flows. The Sherwood number near the trailing edge
side of the hole entrance is about two times that on the leading
edge. However, the Sherwood number is quite uniform near the
exit of the hole. Although the local Sherwood number is very
nonuniform around the circumference of the hole, the circumfer-
ential average Sherwood number inside the hole is only about 6%
lower than that for open sink flow. It is suggested that the average
mass transfer rate in the hole for a sink flow can be used to
approximate that for duct flow, however, the thermal boundary
conditions for these two cases are quite different.

2 Experimental Apparatus
A large scale rig of a single cooling passage was constructed.

The working section was built from Perspex, which ensured good
optical access and low thermal diffusivity. Figure 2 shows a sche-
matic of the rig. Figure 3 describes in detail the working section
of the rig. The model is approximately 20�engine scale. This
scale was chosen to allow both the inlet and hole Reynolds num-
bers and suction ratio SR �defined as uhole /upassage�, to be matched
to engine conditions. It was not necessary to match the Mach
number as it was less than 0.2 over the full range of engine rep-
resentative conditions �12�. The air intake is atmospheric. Hole
centers are located y /d= �1.77 from the passage centerline; the
hole pitch is x /d=6.54 along the passage axis. The first hole is
located at x /d=13.08, and the total passage length is x /d=147.5.
The holes are orientated at 90 deg to the oncoming flow. The
length of the holes was 1.5d. A 45 deg casting representative
chamfer 0.125d deep is included on the passage side of the holes.
Flow entering the passage is bled through these holes resulting in
a reduction in the cross-flow passage velocity with distance from
the inlet. The passage has a characteristic racetrack shape in cross
section. The flow through each hole in the manifold was sepa-
rately metered, and additionally the total mass flow rate was mea-
sured at the rig exit using orifice meters designed in accordance
with BS1042. Temperature data were obtained using T-type ther-
mocouples and thermochromic liquid crystal coatings. The color
change in the coated surfaces was monitored using a number of

Fig. 1 Typical sections of a turbine blade †1‡

Fig. 2 Schematic of experimental setup „not to scale…

Fig. 3 Detailed description of working section geometry
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digital video cameras. The gas temperature transient required for
heat transfer tests was produced by a planar heater mesh located at
the passage inlet.

3 Transient Heat Transfer Technique
Local heat transfer coefficient distributions were determined us-

ing the transient liquid crystal technique as briefly described
above. Narrow-band thermochromic liquid crystals �TLCs� were
used as full surface thermometers; these experience a full scale
color change over a range of 1°C and are insensitive to both
illumination and viewing angle. The liquid crystal color play was
calibrated prior to testing. The full method of solution of the tran-
sient liquid crystal technique employed in this study is described
by Abu Talib et al. �13�.

Experimental intensity histories are produced by using digital
video cameras to capture the crystal color change when the model
is subjected to a sudden gas temperature change. These intensity
histories are compared with analytical intensity histories gener-
ated for a range of heat transfer coefficients; the one with the
minimum variance is selected as a solution.

As the passage is long in this series of tests, it is appropriate to
base the heat transfer coefficient on the local passage centerline
temperature. The gas temperature history was calculated for every
column of pixels by linearly interpolating between temperatures
measured by the gas thermocouples positioned at seven points
along the passage. In-hole htc measurements were also based on
the local passage centerline temperature as inferred at the entrance
of each hole. Since the diameter of the hole is small, all pixels on
the inside surface of the holes were processed using the same
driving gas temperature history.

Two different temperature liquid crystals were used to obtain
temperature history data in the passage; however, these were ap-
plied as two separate coatings. Approximately three-quarters of
the passage �from the passage entrance to half way between holes
14 and 15� was sprayed with a liquid crystal displaying its maxi-
mum intensity at 40°C, and the rest of the passage and the interior
of the impingement holes were sprayed with a 30°C crystal. This
allowed high quality intensity signals to be obtained over the full
passage surface in a single test as the inlet gas temperature could
be controlled so that the liquid crystals at the beginning of the
passage reacted slowly enough for the cameras to capture the
characteristic signature of the color play with sufficient resolution,
and quickly enough toward the end of the passage so that the
crystal color play occurred within the experimentally valid test
time.

For the test surface to behave as a semi-infinite solid, the time
taken for the full liquid crystal color play to occur must be rela-
tively short compared with the time taken for the thermal pulse to
travel through the wall of the test rig and begin dissipating heat to
the surrounding environment. Schultz and Jones �14� showed that
the time t taken for the thermal pulse to travel across a wall of
depth d is calculated by

t =
d2

16�
�1�

where � is the thermal diffusivity of the material and has a value
of 1.08�10−7 m2 /s for Perspex. With a Perspex plate depth of
0.0125 m, the maximum test time was thus calculated to be
90.42 s.

For the in-hole htc measurements, a single 30°C liquid crystal
was used since the inlet gas temperature could be very easily
controlled, and separate tests were carried out for each hole. Two
cameras were used for the in-hole htc experiments. Each viewed
half of the hole through the Perspex plate. The area of each pixel
was subsequently adjusted to take account of the effect of the
curvature of the hole on the projected image.

4 Results
A total of 15 heat transfer tests are reported below. Three ex-

periments were used to characterize heat transfer on the holed
surface performed at different inlet Reynolds numbers: Reinlet
=21,667, 45,596 and 69,959. While full details of the flow char-
acteristics of this cooling system can be found in the work of
Ieronymidis et al. �15�, typical pressure and mass flow rate distri-
butions are included at a single inlet Reynolds number Reinlet
=45,596 �Fig. 4� to aid interpretation of the heat transfer results.
The mass flow rate through each hole was separately measured,
and it was found that these were almost identical at a constant
inlet Reynolds number. For the three experimental inlet Reynolds
numbers the corresponding average hole Reynolds numbers were
5930, 12,479 and 19,147, respectively.

4.1 Passage Heat Transfer Coefficient Results. The camera
view and lighting arrangement for the passage htc experiments are
shown in Fig. 5. The black region is the surface upon which the
liquid crystals were sprayed. Heat transfer coefficient distributions
measured at three inlet Reynolds numbers are shown in Fig. 6.
Because the cooling holes are arranged in a staggered configura-
tion, some asymmetry was expected between the upper and lower
rows of holes. The htc range has been clipped in Fig. 6 to allow
greater resolution of the htc distribution. The highest heat transfer
coefficient recorded was �1300 W /m2 K in small regions imme-
diately downstream of the holes farthest from the passage inlet.

The distribution of heat transfer coefficient can be sensibly ex-
plained by the expected flow field. Flow enters the passage
through the bell mouth inlet from a rectangular plenum, along the
walls of which a boundary layer is formed. It is thought that the
variation in the path length from the mesh heater to the passage
circumference where x /d=0 may explain the two patches of low
htc at the top and bottom of the passage near the entrance. Flow
that enters the passage at midheight is initially accelerated toward
hole 1, creating a high htc patch as it approaches the hole. Not all
flow that is accelerated toward hole 1 is ejected through that hole,
and the remaining flow is re-accelerated toward hole 2 creating an

Fig. 4 Typical pressure and mass flow rate distributions
within the passage, Reinlet=45,596

Fig. 5 Camera view and lighting arrangement for passage htc
experiments „not to scale…
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enhanced patch of high htc on the surface between the holes. The
staggered configuration of the cooling holes means that this htc
enhancement is repeated along the entire passage in an oscillating
pattern. Figure 7 shows an image of path lines released along the
passage centerline in a Reynolds averaged Navier-Stockes com-
putational fluid dynamics �CFD� simulation of the experiment
�2.2�106 cells, realizable k-� turbulence model�. The flow oscil-
lations from one hole to the other are clearly visible.

This flow travels down the center of the passage and forms a
thicker boundary layer than in the region immediately down-
stream of the transfer holes from which the boundary layer has
been stripped, decreasing the relative level of heat transfer coef-
ficient. This is clearly seen in the low htc patch between the two
rows of holes in Fig. 6. At the beginning of the passage the strong
cross-flow limits the amplitude of the oscillating flow in the
middle of the passage. Toward the passage end, however, the flow
slows and with longer residence time in the passage the pressure
field can produce larger oscillations. It is clear in Fig. 7, that the
path lines show a preferential acceleration of the flow toward the
top row of holes. This again is caused by the staggered configu-
ration of the holes and can be seen in the asymmetry of the heat
transfer distribution in the passage. Figure 8 shows a more de-
tailed view of CFD path lines colored by the velocity on the
x-axis. The CFD study of the geometry is more fully described by
Ieronymidis et al. �15� and is used here only for flow diagnosis.
The red patch shows the flow being pulled toward the top row of
holes and the blue patch toward the opposite side. For holes 13–15
the increased amplitude of the oscillations is clearly demonstrated.

As the flow is accelerated toward the first hole, the boundary
layer becomes thinner and the htc rises; the flow entering the first
hole is drawn mainly from the boundary layer. The boundary layer
immediately downstream of the hole is restarted and this gives
rise to a region of high heat transfer. The flow that passes directly
over the hole diffuses and re-attaches forming a new boundary
layer. Some of the flow close to the holed surface, which was
initially accelerated toward hole 1 but passed on either side of the
first hole, is reaccelerated toward hole 3 and ejected through it as
indicated on Fig. 8. The low htc patch in front of hole 3, that
extends in a spanwise direction upstream by an entire hole-to-hole
pitch, suggests that the majority of the flow being ejected comes
from the passage sides and the center of passage. This phenom-
enon is most pronounced where the cross-flow is relatively high in
the channel �holes 1–9� and is seen at all inlet Reynolds numbers.

For holes 10–16, the flow behaves as expected. The boundary
layer is stripped and restarts downstream of the holes, creating an

area of htc enhancement and then re-attaches forming a boundary
layer. Where the suction ratio quickly increases in the final three
holes, there is clear evidence that the flow ejected through the
holes not only originates upstream of the hole but also from areas
to either side. The pattern of htc around the last hole of the flow
resembles a sink flow and the ring of enhanced htc around the
hole indicates that ejected air enters from all around the circum-
ference of the hole. This, along with the increase in htc around the
last hole, agrees with the findings of Goldstein et al. �11�. But the
level of mass transfer coefficient is substantially higher in their
experimental results. This may be explained by the different ge-
ometries, different hole arrangements, absence of a chamfered in-
let, and the difficulty of creating an analog of the thermal bound-
ary layer in mass transfer experiments. For the rest of the passage,
results cannot be compared because as Goldstein et al. �11� sug-
gested, the flow pattern around an off-center hole, even with mi-
nor asymmetry, can be very different from that of a centered hole.

The area of noisy data, downstream of the last hole, is an area
in which the liquid crystals did not change color during the tran-
sient tests. This is an evidence of very low htc in this region. This
region extended to the final hole in the case of the lowest inlet
Reynolds number tested.

Figure 9 shows averaged htc across the passage in the area
between the holes. Heat transfer coefficient distributions are nota-

Fig. 6 Passage htc results using narrower scale for better understanding of results

Fig. 7 CFD path lines released from a surface along the pas-
sage centerline „x /d=0… showing flow oscillations Fig. 8 CFD path lines colored by the x-axis velocity
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bly flat for a given inlet Reynolds number in spite of the rapidly
dropping local Reynolds number. The average level of heat trans-
fer coefficient at Reinlet=21,667 and Reinlet=45,596 is 43% and
62% of the level obtained at Reinlet=69,959. This is highlighted by
a comparison to the Dittus–Boelter correlation for turbulent flow
in pipes as follows:

NuDB = 0.023 Re0.8 Pr0.4 �2�
Here the local Reynolds number in the channel is used to calculate
the Nusselt number, and the characteristic length used for both
Nusselt and Reynolds numbers is the hydraulic diameter of the
passage. It is clear that the average value is dominated by the
presence of the transfer holes, and despite variations in the local
heat transfer coefficient distribution around each hole the average
htc is nearly constant for a set mass flow rate through the holes.

Figure 9 also shows that at Reinlet=21,667 the passage htc level
increases between holes 13 and 17, compared with the first three
values, by much more than for the other two cases. This can be
explained by the lower cross-flow velocity in the passage. Be-
cause the flow travels at lower speeds it is more strongly affected
by flow acceleration across the passage. This means that instead of
being a region of undisturbed fluid, the fluid close to the wall is
now relatively fast moving, zigzagging from one hole to the next,
and creating a corresponding region of elevated heat transfer co-
efficient. This is confirmed by the visible patch of elevated htc
connecting holes 13–17 at Reinlet=21,667 seen in Fig. 6. It should
be noted that the chamfer plays a very important role in shaping
the flow as it enters the cooling holes. However, htc results from
the chamfer area should be treated with caution as the htc may be
slightly lower than measured. This is because heat conduction has
been assumed to be 1D in the analysis used, and this is not the
case near the apexes of the chamfer.

4.2 In-Hole Heat Transfer Coefficient Results. Additional
tests were carried out using two cameras to measure the heat
transfer coefficient inside holes 1, 6, 11, and 19 at the same inlet
Reynolds number as in the passage htc experiments. Hole 16,
situated in the upper half of the passage, was also investigated at
one inlet Reynolds number to check for any differences in htc
levels and patterns between the top and bottom rows of holes.

The modified camera view and lighting arrangement for the
in-hole htc experiments is shown in Fig. 10. While the hole Rey-
nolds number is equal through each of the transfer holes for a
given inlet Reynolds number, the cross-flow velocity decreases
with distance into the cooling passage and this results in increas-
ing values of suction ratio. Hence the suction ratio for holes 1, 6,

11, 16, and 19 are SR=0.98, 1.31, 2.08, 4.49, and 18.67, respec-
tively. These values are unchanged with changing inlet Reynolds
number as the discharge coefficients of the transfer holes are a
very weak function of hole Reynolds number �15�.

The schematic in Fig. 12 shows the angular notation � used
around the circumference of each hole.

Figure 11 shows the htc distribution in each of the holes at an
inlet Reynolds number of Reinlet=69,959. It is evident that the
flow inside the hole, and hence the level of the heat transfer co-
efficient, is strongly affected by the suction ratio. However, there
are strong common features, less clearly seen in the final hole,
which are described below. Looking at hole 1, the separation zone
dominates the region between �= �60 deg. This is because of the
high cross-flow in the passage; flow entering the hole would have
to turn through a small radius of curvature to travel in the axial
hole direction. As this turning requires a high pressure gradient,
which is not available, the flow separates, and at the highest cross-
flow �smallest suction ratio, SR=0.98� it appears not to re-attach
over the entire length of the hole along the �=0 deg line. This
behavior was previously noted by Goldstein et al. �11�. The ma-
jority of the flow re-attaches to the hole surface �0.6d down-
stream of the hole entrance, but the resulting htc remains very low.
On the surface between �= �120 deg �via 180 deg� maximum
htc is observed. This is the downstream surface of the hole, where
the flow impinges and high htcs are expected. In this region,
maxima are observed between l /d=0 and l /d=0.6 from the hole
entrance where the developing boundary layer is thinnest and the
near wall velocities are highest. Between the separation zone and
the high htc area noted above, there is a tongue of high heat
transfer coefficient, which is associated with re-attachment at the
edge of the separated region. This is similar to local htc distribu-
tions seen by Gillespie et al. �9� in film-cooling holes of larger
l /d. Toward the hole exit, there are regions of low heat transfer
coefficient seen in all cases with significant cross-flow. These are
centered at �90 deg; they seem to occur between the area imme-
diately downstream of the developing impingement flow, and the
area into which the re-attached flow has been accelerated. Al-
though the heat transfer coefficient distribution is nearly sym-
metrical about the 0 deg line, a slightly higher overall heat transfer
performance is seen over the �=+ve half of the hole surface. It
should be remembered that the upstream conditions on either side
of the hole axis are quite different, as discussed for the in-passage
htc results above. Additional evidence that the tongue of high htc
may be attributed to flow accelerating around the separated zone
was gained from a CFD simulation �fully reported by Ieronymidis
et al. �15��. Path lines close to the surface of the hole, shown in
Fig. 12, indicate attached high speed flow in the region surround-
ing the �90 deg line. A schematic of the flow field is shown in
Fig. 11.

Holes 6, 11, and 19 behave similarly, but there are some impor-
tant differences. Interestingly, the overall level of heat transfer
coefficient increases with increasing suction ratio, even though the

Fig. 9 Average experimental htc and Dittus–Boelter correla-
tion for surfaces between holes

Fig. 10 Camera and lighting arrangement for in-hole htc ex-
periments „not to scale…
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hole Reynolds number is unchanged. This is associated with a
continuous reduction in the separation zone and an increase in the
level of heat transfer coefficient in the area surrounding it. The
high streak of htc associated with flow re-attachment can be seen
particularly clearly for hole 11. The flow regime in hole 19 is
rather different from the other holes, as all the remaining flow in
the passage exits through this hole. A separation zone is still
present between �= �60 deg, but it extends only 0.25d–0.38d
into the hole. There is a ring of high htc downstream of this,
although the heat transfer is somewhat unsteady in this region,
and because flow enters the hole from across the entire passage
the distribution is not as symmetrical as before. Circular patches
of high heat transfer seen at �−80 deg and �30 deg are mirrored

on the other half of the hole, but are smaller in size and about 35%
lower in htc level. Between 100 deg and 140 deg, there is a region
of low htc, which is not as pronounced on any of the other holes
tested.

At lower inlet Reynolds numbers, the htc patterns are very
similar to the Reinlet=69,959 case. All key features as identified in
the annotated sketch of Fig. 11 are present. Some differences exist
in the size of the separation and re-attachment zones and level of
htc, but these are minor; for a given SR, the separation zone
becomes larger with decreasing Reynolds number, especially for
SR	1. Local htc distributions are not reported here.

Average htc values are presented in two formats. Figure 13
shows values grouped by hole number �identical suction ratio� and
Fig. 14 by inlet/hole Reynolds number. Values were averaged cir-
cumferentially over 0.063d steps into the hole. Note the nonzero
axes on the figures.

With the exception of hole 1, a slight movement of the position
of the peak in average htc toward the hole entrance can be seen
for all holes as the Reynolds number is increased. In hole 1, the
heat transfer is greatly enhanced at high Reynolds number and this
appears to be caused by a considerable increase in the level of htc
in the cross-flow impingement zone. The highest heat transfer
coefficient is measured in hole 19, however, here, there is less
uniformity along the length of the hole.

The htc increase in each hole is proportional to Rehole
0.59–0.62 �ex-

cluding hole 1, Reinlet=69,959�. When compared at the same hole
Reynolds number, the effect of changing suction ratio is clearly
seen. In holes 1, 6, and 11, there is a steady increase in htc with
suction ratio as the size of the inlet separation is progressively
reduced. In holes 16 and 19, a change in the shape of the average
htc distribution is seen. As the flow now separates around the
entire circumference of the hole on entry, the cross-flow impinge-
ment region is eliminated, and the flow separation actually in-
creases from hole 16 �SR=4.49� to hole 19 �SR=18.67�. A peak
in htc is seen where the flow re-attaches further into the hole. As
the behavior is more circumferentially uniform than at low suction
ratio, this peak is more pronounced. The overall heat transfer co-

Fig. 11 In-hole htc distribution, Reinlet=69,959

Fig. 12 In-hole angle notation and path lines close to the sur-
face of the hole colored by the z-axis velocity
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efficient is higher in hole 16 than hole 19; this is thought to be due
to the optimally sized small separation around the circumference
of the hole, which allows early flow re-attachment within the hole.

Comparing these results to those obtained by Goldstein et al.
�11� in a three hole manifold, great similarity in the pattern of
heat/mass transfer coefficients was seen, particularly for holes 1
and 6 where the oscillating motion of the flow is least pronounced.
The effect of the chamfer in the current study is to limit the extent
of the separation zone to the upstream edge of the hole. Interest-
ingly Goldstein et al. �11� observed the highest htc values in the
first hole, while this study shows that the holes near the closed end

of the passage give the highest average htc value. This difference
may in part be due to the asymmetry of the holes or the changed
flow distribution in the much shorter manifold used by Goldstein
et al. �11�. The most noticeable variation between the current data
and that of Goldstein et al. �11� is that the levels of htc do not
agree. While the previous work has been carried out with meticu-
lous care, this infers that there is considerable difficulty in making
an analogy between heat and mass transfers for such a geometry,
as the heat transfer coefficient, while based on a mixed bulk pa-
rameter, may be driven by the temperature of the air in the bound-
ary layer and this requires the boundary layer in the entire passage
to be modeled. This is rarely the case for mass transfer coefficient
tests, where discrete pockets within the working section are cast
with subliming material. As the flow is separating and transition
occurs, it is also difficult to assign a scaling exponent to the
Schmidt/Prandtl number in the entire passage. They predicted a
maximum Sherwood number of around 400 for the first hole,
which translates to a Nusselt number of 240 for Rehole=15,700. In
this study, for Rehole=19,147, the last hole �highest htc� only
achieves a maximum Nusselt number of 117, which is approxi-
mately 50% lower but with an 18% higher mass flow rate through
the hole.

The level of in-hole htc compares slightly better to those by
Gillespie et al. �9�, for a single longer hole �l /d=8�, fed from a

Fig. 13 Circumferentially averaged in-hole htc for same hole
and different Reinlet

Fig. 14 Circumferentially averaged in-hole htc for same Reinlet
and different hole
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fully developed boundary layer in a high aspect ratio channel. The
Nusselt number is still considerably lower: the ratio of Nu /NuDB
is found to be 1.55 in Ref. �9� and 1.0 for this study.

Uncertainty analysis was carried out using the method outlined
by Moffat �16�. This shows that the root sum square error in the
heat transfer coefficient measurements is between 6.00% and
6.03% depending on the heat transfer coefficient level, and in the
worst case this rises between 10.43% and 11.62%. Table 1 shows
the uncertainty ascribed to each measure and the results of the
uncertainty analysis. Note that the uncertainty in the measured gas
temperature takes account of possible effects of radiation from the
mesh heater at all thermocouple locations along the passage. Al-
though the mesh heater is in close proximity to the first thermo-
couple, because of the high convective efficiency of the heater
mesh �0.3–0.5 dependent on flow velocity�, the temperature of the
heater wires lies between 100°C and 160°C. Thus even at the
lowest flow rate the first thermocouple will merely over-read the
inlet gas temperature by �0.01°C. No correction was applied to
the reading to take account of this.

5 Summary and Conclusion
Detailed heat transfer coefficient measurements were made in a

model of a cooling manifold integrally cast into the wall of a
turbine blade.

In the passage, the flow was strongly influenced by the stag-
gered configuration of the cooling holes, which caused oscillating
flow between the holes along the length of the passage. Impor-
tantly the level of heat transfer coefficient appears to be set by the
local Reynolds number of flow entering the transfer holes rather
than the average passage Reynolds number. Slight asymmetry in
heat transfer coefficient is observed between two halves of the
passage suggesting that the secondary flow setup by the first hole
persists along the passage length.

In-hole heat transfer coefficients on the other hand are strong
functions of the local hole suction ratio, increasing with increasing
suction ratio at a given hole Reynolds number. Three factors dic-
tate the pattern of htc inside the holes. These are the size of sepa-
ration, which is inversely proportional to the suction ratio; the size
of cross-flow impingement region; and the size of re-attached re-
gion. Additionally, the size of the separation on the upstream edge
of the hole is reduced as the hole Reynolds number increases at a
given suction ratio. This allows a near linear relationship between
hole Reynolds number and heat transfer coefficient. Circumferen-
tially averaged htc increases with suction ratio for all holes; the
only exception to this being the final hole. The last hole, which
has the highest suction ratio and whose flow field is unconstrained
by holes further downstream in the passage, produces the highest
htc.

The authors argue that the in-hole htc values measured are
lower than those by both Goldstein et al. �11� and Gillespie et al.
�9�, because of differences in the experimental technique used and
the short l /d=1.5 hole geometry being tested, respectively.
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Nomenclature
A � cross-sectional area �m2�

Dh � hydraulic diameter of passage=4 A / P�m�
d � hole diameter or depth of experimental sub-

strate �m�
h, htc � heat transfer coefficient �W /m2 K�

l � length of hole �m�
n � number of holes

Nu � Nusselt number=hd /k
P � perimeter of cross section of passage �m�

Pr � Prandtl number
p � pressure �Pa�

Re � Reynolds number=
ud /�
Sh � Sherwood number=h�d /Dnaph �h is the mass

transfer coefficient, Dnaph is the mass diffusion
coefficient for naphthalene vapor in air�

T � temperature �K�
t � time �s�
u � velocity �m/s�

x ,y ,z � distance along passage �m�

Greek
� � angular notation for in-hole htc results
� � dynamic viscosity �N s /m2�

 � density �kg /m3�

Subscripts
0 � total

DB � Dittus–Boelter
e � exit
i � inlet
s � static

References
�1� Dailey, G.M., 2000, “Aero-Thermal Performance of Integral Cooling Systems

in Turbomachines: Design and Calculation Issues,” VKI Lecture Series, Feb.
28–Mar. 3.

�2� Ireland, P. T., and Jones, T. V., 1986, “Detailed Measurements of Heat Transfer
on and Around a Pedestal in Fully Developed Channel Flow,” Proceedings of
the Eighth International Heat Transfer Conference, San Francisco, CA, pp.
975–986.

�3� Miller, D. S., 1990, Internal Flow Systems, 2nd. ed., BHR Group Ltd., Cran-
field, UK.

�4� Wesley, D. A., and Sparrow, E. M., 1976, “Circumferentially Local and Aver-
age Turbulent Heat-Transfer Coefficients in a Tube Downstream of a Tee,” Int.
J. Heat Mass Transfer, 19, pp. 1205–1214.

�5� Ainsworth, R.W., and Jones, T.V., 1979, “Measurement of Heat Transfer in
Circular, Rectangular, and Triangular Ducts, Representing Typical Turbine

Table 1 Uncertainty analysis for heat transfer coefficient measurements

Parameters Typical values Typical error
Low htc error

�%�
High htc error

�%�

Tinitial�°C� 17.3 �0.3 1.14 1.01
Tgas�°C� 67.0 �0.3 1.44 1.88
Tcrystal�°C� 39.9 �0.3 2.61 2.87
tcrystal�s� 14.9 �0.04 0.17 1.13
�
ck 569 �29 5.07 4.71
Base value of htc �W /m2 K� - - 143 417
RSS error �%� 6.00 6.03
Worst case �%� 10.43 11.62

021002-8 / Vol. 132, APRIL 2010 Transactions of the ASME

Downloaded 28 May 2010 to 128.113.26.88. Redistribution subject to ASME license or copyright; see http://www.asme.org/terms/Terms_Use.cfm



Blade Internal Cooling Passages Using Transient Techniques,” ASME Paper
No. 79-GT-40.

�6� Sparrow, E.M., and Kemink, R.G., 1979, “Heat Transfer Downstream of a
Fluid Withdrawal Branch in a Tube,” ASME J. Heat Transfer, 101, 23–28.

�7� Byerley, A. R., 1989, “Heat Transfer Near the Entrance to a Film Cooling Hole
in a Gas Turbine Blade,” Ph.D. thesis, Department of Engineering Science,
University of Oxford, Oxford, UK.

�8� Shen, J.R., Ireland, P.T., Wang, Z., and Jones, T., 1991, “Heat Transfer Coef-
ficient Enhancement in a Gas Turbine Blade Cooling Passage Due to Film
Cooling Holes,” Turbomachinery: Latest Developments in a Changing Scene,
IMechE, London, pp. 219–226.

�9� Gillespie, D. R. H., Byerley, A. R., Wang, Z., Ireland, P. T., Jones, T. V., and
Kohler, S. T., 1996, “Detailed Measurements of Local Heat Transfer Coeffi-
cient in the Entrance to Normal and Inclined Film Cooling Holes,” ASME J.
Turbomach., 118, pp. 285–290.

�10� Boelter, L. M. K., Young, G., and Iversen, H. W., 1948, “An Investigation of
Aircraft Heaters XXVII: The Distribution of Heat Transfer Rate in the En-
trance Region of a Circular Tube,” NACA Report No. TN 1451.

�11� Goldstein, R. J., Cho, H. H., and Jabbari, M. Y., 1997, “Effect of Plenum
Crossflow on Heat �Mass� Transfer Near and Within the Entrance of Film
Cooling Holes,” ASME J. Turbomach., 119, pp. 761–769.

�12� Andrews, G. E., and Mkpadi, M. C., 1983, “Full Coverage Discrete Hole Wall
Cooling: Discharge Coefficients,” International Gas Turbine Conference and
Exhibit, Phoenix, AZ, Mar.

�13� Abu Talib, A.R., Ireland, P.T., Neely, A.J., and Mullender, A.J., 2003, “A
Novel Liquid Crystal Image Processing Technique Using Multiple Gas Tem-
perature Tests to Determine Heat Transfer Coefficient Distribution and Adia-
batic Wall Temperature,” ASME Paper No. GT2003-38198.

�14� Schultz, D.L., and Jones, T.V., 1973, “Heat Transfer Measurements in Short
Duration Hypersonic Facilities,” AGARDograph No. 165.

�15� Ieronymidis, I., Gillespie, D. R. H., Ireland, P. T., and Kingston, R., 2006,
“Experimental and Computational Flow Field Studies of an Integrally Cast
Cooling Manifold With and Without Rotation,” Turbo Expo 2006: Power for
Land, Sea & Air, Barcelona, Spain, May 8–11.

�16� Moffat, R. J., 1988, “Describing the Uncertainties in Experimental Results,”
Exp. Therm. Fluid Sci., 1, pp. 3–17.

Journal of Turbomachinery APRIL 2010, Vol. 132 / 021002-9

Downloaded 28 May 2010 to 128.113.26.88. Redistribution subject to ASME license or copyright; see http://www.asme.org/terms/Terms_Use.cfm



S. Todd Bailie1

e-mail: samuel.bailie@wpafb.af.mil

Wing F. Ng
e-mail: wng@vt.edu

Department of Mechanical Engineering,
Virginia Polytechnic Institute and State

University,
Blacksburg, VA 24061

William W. Copenhaver
Propulsion Directorate,

Air Force Research Laboratory,
WPAFB,

OH 45433
e-mail: william.copenhaver@wpafb.af.mil

Experimental Reduction of
Transonic Fan Forced Response
by Inlet Guide Vane Flow Control
The main contributor to the high cycle fatigue of compressor blades is the response to
aerodynamic forcing functions generated by an upstream row of stators or inlet guide
vanes. Resonant response to engine order excitation at certain rotor speeds can be
especially damaging. Studies have shown that flow control by trailing edge blowing
(TEB) can reduce stator wake strength and the amplitude of the downstream rotor blade
vibrations generated by the unsteady stator-rotor interaction. In the present study, the
effectiveness of TEB to reduce forced fan blade vibrations was evaluated in a modern
single-stage transonic fan rig. Data were collected for multiple uniform full-span TEB
conditions over a range of rotor speeds including multiple modal resonance crossings.
Resonant response sensitivity was generally characterized by a robust region of strong
attenuation. The baseline resonant amplitude of the first torsion mode, which exceeded
the endurance limit on the critical blade, was reduced by more than 80% with TEB at
1.0% of the total rig flow. The technique was also found to be modally robust; similar
reductions were achieved for all tested modal crossings, including more than 90% reduc-
tion in the second leading-edge bending response using 0.7% of the rig flow.
�DOI: 10.1115/1.3140823�

1 Introduction
The occurrence of high cycle fatigue �HCF� failures in military

turbine engines has increased dramatically in the past 25 years.
HCF has been cited as the cause of 56% of United States Air
Force engine-related Class-A failures between 1982 and 1996.
Additionally, HCF-related maintenance costs are estimated at
more than USD 400 million per year �1�. In response to this
alarming trend, many recent research efforts have focused on un-
derstanding and mitigating HCF problems in turbine engines.

Compressor and turbine rotor blades are particularly prone to
HCF damage as they experience continuous forced excitation.
This excitation is primarily the result of unsteady flow interactions
with neighboring blade rows �2,3�. As rotor blades pass through
the wakes shed by upstream stator vanes, they experience highly
unsteady aerodynamic loading, inducing forced blade vibrations.
Because potential flow interactions present an additional forcing
function, downstream vanes can also excite rotor blade vibration.
Both of these aerodynamic excitations occur at the fundamental
vane passing frequency �VPF� and its harmonics, thus correspond-
ing to fixed engine orders.

Operation at a resonance crossing, where the rotor speed is such
that an engine order excitation coincides with a blade natural fre-
quency, can be especially damaging. Because load cycles are rap-
idly accumulated at the high rotational speeds typical in turboma-
chinery, high-amplitude resonant vibrations can quickly lead to
fatigue failure. Thus it is a standard, and often iterative, design
practice to try to locate blade modes such that resonance crossings
do not occur near the intended steady operating speed�s� of the
rotor. However, rotor blades will experience multiple resonance
crossings during engine run-up and run-down �2�. Accumulation
of damage is consequently inevitable and, in the event that this
damage exceeds material limits, failure will occur.

Accordingly, a specific objective of the National HCF Science

and Technology Program has been to damp resonant stress by
60% in fans �1�. There are two basic approaches to alter a com-
ponent’s forced response—either the component itself �that is, in
this case, the fan blades� or the force input to the component �the
stimulus� can be modified. While simply thickening the rotor
blades can increase damage tolerance, the associated weight and
dynamic load penalties are often unacceptable. Many research ef-
forts have attempted to modify the system by adding damping, in
various forms, to the rotor blades. While this approach has pro-
duced promising results, implementation without reducing the
structural integrity of the rotor remains a challenge �4�.

The stimulus can be modified in several ways. One such
method, employed by von Flotow et al. �4�, is to impose an addi-
tional forcing function, out of phase with the original modal ex-
citation, to produce some response cancellation. This new variable
forcing function is generated by selectively extending rods into
the flow between blade rows to introduce additional wakes. The
technique has been shown to be highly effective but must be cali-
brated to target specific modes, and as such would generally be
implemented only after a fatigue problem has been encountered
and its origin determined. Also, to produce and control the addi-
tional forcing function, engine system complexity and perfor-
mance penalties are typically increased.

An alternate method, which can be implemented without a pri-
ori knowledge of the critical resonance crossings, is to attempt to
reduce the amplitude of the dominant forcing function, which is
the set of wakes shed by the upstream vane row. Waitz et al. �5�
discussed the feasibility of various flow control techniques for
wake reduction on curved airfoil shapes. The study concluded that
the TEB technique should be more effective than boundary layer
suction for reduction of viscous wakes. In this technique, air is
ejected from the trailing edge of wake sources, such as the inlet
guide vanes �IGVs� upstream of a fan, to reduce the mean velocity
deficit and turbulent velocity fluctuations in the wake region.

Implementation of the TEB technique also requires some de-
gree of increased system complexity. However, it is common that
the front frames and IGVs of military engines are already
plumbed with a bleed air recirculation system for de-icing pur-
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poses. There also exists the potential that such a wake-filling sys-
tem could be passively scheduled without requiring special tuning
with respect to individual resonance crossings.

Morris et al. �6� studied TEB effects in a linear cascade of stator
vanes and subsequently implemented TEB in a 17-in. �43.2 cm�
scaled fan rig, the blades of which were instrumented with strain
gages. Rotor blade stress reductions of as much as 90% were
reported with TEB mass flow for 20 IGVs at 1.4% of the total rig
flow. However, shock interaction was not present, as the rotor was
operated at subsonic conditions �7�.

In comparison with the experiments previously discussed by
Bailie et al. �8�, the present study similarly applies the TEB tech-
nique in a modern compressor rig but with a different stage in-
stalled. Both stages are transonic designs with close stage row
spacings. Thus strong shock-wake interactions are present, which
have been observed to substantially increase wake depth �9�. The
fan stage of the current study is more highly loaded than the core
stage of the earlier investigation. A much more extensive set of
blade forced response data was obtained in the latter experiments,
including a broad range of full- and part-span IGV TEB condi-
tions at multiple modal resonance crossings. The present discus-
sion is limited to the full-span TEB results.

2 Description of Experiment

2.1 Stage Matching Investigation Rig. Experiments were
conducted in the stage matching investigation �SMI� transonic
compressor rig at the Air Force Research Laboratory �AFRL�. The
rig consists of a high-speed highly loaded rotor followed by a row
of stator vanes. A row of wake generator �WG� vanes, similar to
IGVs, is installed upstream of the rotor to simulate an embedded
stage. The rig was originally designed to investigate upstream
wake influences on stage flow matching �10�. However, with the
adjustability of the WG forcing function and the addition of rotor-
mounted strain gages, the rig was recently proven useful for
forced response experiments.

A schematic of the SMI rig flow path with WGs installed is
provided in Fig. 1. The fan is a 19-in. �48.3 cm� diameter inte-
grally bladed disk �or blisk� with 28 blades of 0.916 average as-
pect ratio. The rotor has a design speed of 16,400 rpm, with hub
and tip relative Mach numbers of 1.10 and 1.39, respectively. The
stator row is composed of 49 vanes with 0.824 average aspect
ratio. Design flow capacity is 34.5 lb/s �15.6 kg/s� and design
pressure ratio for the stage is 2.13. Additional details concerning
the SMI rig design are provided in Ref. �10�.

2.2 Wake Generators. The wake generators, which provide
the baseline aerodynamic forcing function in the present work, are
symmetric airfoils without camber. They have a blunt trailing
edge and are intended to produce wakes that are representative of
the wakes shed from modern highly loaded low-aspect-ratio front
stages. Such wakes are deeper and broader and decay more slowly
than those shed by high-aspect-ratio stages �11�. WG vane counts
of 0 �clean inlet�, 12, 24, or 40 may be chosen. In addition, the
axial distance between the WG row and the rotor can be adjusted,
via interchangeable spacers, to 12%, 26%, or 56% of the mean

WG chord, which is 3.5 in. �89 mm�.
In the present study, the 26% chord spacing was chosen as

being representative of axial gaps found in modern fans and com-
pressors �11�. Figure 1 illustrates this spacing, while Fig. 2 shows
the deep wakes in the form of steady velocity measurements by
Gorrell �12� at the same relative spacing in the 24-WG configu-
ration. The wake data were collected at design speed but without
rotor-shock effects, as the axial gap between rows was increased
to accommodate the traversing measurement rake assembly. To
minimize the complexity of the TEB system plumbing and exter-
nal compressed air consumption, the 12-WG configuration was
selected. The WGs thus produce a strong aerodynamic gust forc-
ing function at the 12th engine order �12E� and higher harmonics
�24E, 36E, etc.�.

2.3 Trailing Edge Blowing System. The TEB design was
developed from a series of experiments in a small transonic blow-
down wind tunnel at Virginia Tech. Steady velocity field measure-
ments were taken downstream of the WG to assess the influence
of discrete TEB hole size, shape, and pitchwise spacing on the
wake-filling effectiveness. The tests were conducted at an inlet
Mach number of 0.55. These experiments confirmed the feasibil-
ity of TEB at high-subsonic speeds and close axial distances and
led to the selection of a final TEB hole configuration for the sub-
sequent compressor rig experiments.

In order to minimize unsteady rotor blade loading, it is desir-
able to promote as much circumferential flow field uniformity as
possible. As such it was deemed unnecessary, even undesirable, to
place TEB holes within the end wall boundary layers, which are
present for the entire circumference and lead to reduced wake
depth near the end walls �refer to Fig. 2�. The selected TEB de-
sign, illustrated in Fig. 3, consisted of seven blowing holes per
WG, with both trailing-edge �TE� thickness-to-diameter and hole
pitch-to-diameter ratios of 2.5, which provided effective coverage
for most of the span between the end wall boundary layers.

While complete wake-filling would maximize circumferential
flow field uniformity, the compressor bleed air requirement to
achieve this may be prohibitively costly to overall engine perfor-
mance. It was desired to characterize the sensitivity of the forced
response to the flowrate of TEB air and its spanwise distribution.
Thus the TEB plumbing was designed to permit independent ad-
justment of flow to different spanwise sectors of holes. As shown
in Fig. 3, four independent lines supplied the seven holes. One
line was used to supply a single tip hole, while the remaining six
holes were fed through three additional supply lines. Thus a single
line was used for each remaining pair of TEB holes, with the
maximum mass flowrate variation between the paired holes esti-
mated to be 5%.

The single-stage compressor rig did not have sufficient pressure

Fig. 1 Cross section of SMI transonic compressor rig

Fig. 2 SMI 24-WG wake velocity profiles at 26% axial spacing
„from Ref. †12‡…
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ratio to feed the flow control system by bleed recirculation, so
high-pressure air was supplied for TEB from external storage
tanks. The flow was throttled to a typical settling tank pressure of
100 psig �690 kPa� and then independently regulated to four rig-
mounted plenums, as shown in Fig. 4. Each plenum, with a typical
pressure of 60 psig �414 kPa�, distributed flow evenly to the same
radial sector of TEB holes of all 12 WGs. Because the plumbing
was designed for installation ease and experimental flexibility
rather than for minimizing pressure losses, it should be noted that
this high TEB supply pressure is not representative of require-
ments for engine implementation. A pressure ratio of 2–3, typi-
cally achieved within two modern stages, should be adequate for
implementing an efficient TEB design.

2.4 Measurements and Data Analysis. As documented by
Cheatham and Tyner �10�, critical blade modes and their natural
frequencies were identified by NASTRAN finite element analysis
�FEA�, impact testing, and holography. Stress pattern analysis us-
ing thermal emissions �SPATE� was also employed to identify
areas of maximum vibratory stress for modes of interest. Three
gage locations, which offered sufficient sensitivity to the expected
critical modes, were selected for vibration monitoring during sub-
sequent rig tests. A recent finite element analysis of a higher fi-
delity model by Blackwell �13� included rotational effects.

Strain gages were surface mounted on the pressure side of nine
rotor blades at each of the three locations, which are depicted in
Fig. 3. The strain gage bridge circuitry was zero balanced and

calibrated for 10 ksi �69 MPa� per signal volt. As required to
maintain effective resolution of the dynamic signals while avoid-
ing voltage saturation due to high steady loading, the gages were
rebalanced at 80% rotor speed. The strain signals were extracted
from the rotor via a slip ring. These and other dynamic signals,
such as a once-per-revolution key-phaser, were simultaneously re-
corded with a high-speed 28-channel analog tape recorder.

Several resonance crossings were identified from the Campbell
diagram, shown in Fig. 5, as being potential HCF drivers for the
12-WG configuration. The fundamental 12E crossing of the first
torsional mode �1T/12E� near 12,800 rpm was known to be par-
ticularly severe. Harmonic crossings were also of interest, includ-
ing those of the second leading-edge �LE� bending mode �LE2B/
24E� near 13,600 rpm and the second chordwise bending mode
�2C/36E� near 11,600 rpm. These crossings, as well as a pair of
Mode 7 crossings, are indicated by circles in the figure. To en-
compass these and higher order modal crossings, a test range from
11,000 rpm to 16,000 rpm �67–97% of design speed� was se-
lected. As predicted by FEA, the 1T and LE2B mode shapes are
illustrated in Fig. 6.

Rotor speed sweeps were conducted for a range of full- and
part-span TEB flowrates. The present discussion includes only the
full-span TEB results, which correspond to uniform flow to all
seven holes on each WG, with overall flowrates ranging from
0.3% to 1.0% of the rig design flow capacity. For each test case,
data was recorded for a 45-second period, during which the rotor
speed was gradually increased through the test range. This corre-
sponds to a nominal sweep rate of 110 rpm/second, which was
found to be sufficiently slow to eliminate transient effects, such
that maximum vibration amplitude was reached at resonance
crossings.

Rotor forced response data were then digitized and postpro-
cessed with engine order tracking tools developed for this inves-
tigation. Using the key-phaser to establish the position of the ro-
tor, the original time-sampled data were resampled at fixed rotor
angle steps. As such, the resampled data always include the same

Fig. 3 Detail of SMI rig showing trailing edge blowing configu-
ration and strain gage locations

Fig. 4 SMI rig assembly with TEB plumbing installed

Fig. 5 SMI fan Campbell diagram showing 12-WG harmonic
excitations „dashed… and resonance crossings „circled… within
the test range

Fig. 6 Selected SMI fan blade displacement mode shapes with
signs indicating relative phase
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number of points per revolution, regardless of rotor speed. Upon
subsequent fast Fourier transform �FFT� analysis, spectral lines
correspond to fixed engine orders, or multiples of the shaft rota-
tional frequency. Thus the effective sampling frequency, and
hence the frequency associated with each spectral line, is scaled
linearly with the rotational frequency. This order analysis ap-
proach has the advantage of providing precise amplitude and
phase tracking of the response to known engine order excitations
�i.e., the WG wakes�, as well as their higher harmonics. A detailed
discussion of the computed order tracking technique is provided
by Fyfe and Munck �14�.

The test rotor is randomly mistuned due to geometric variations
in blade machining. Standard deviation in individual blade natural
frequencies ranged up to 2% of the mean for the various modes
evaluated. As a result typical of low-aspect-ratio bladed disks,
there are substantial variations in the individual blade resonant
responses. Even with directly comparable data only being avail-
able for 4 of the 28 blades, the peak 1T/12E response varied from
blade to blade by a factor of about 3. The variations are consistent
with numerous analytical studies, including that of a transonic
compressor by Kahl �15�. To simplify the discussion, attention is
primarily focused on the highest responding blade, hereafter
dubbed the critical blade, at each respective modal resonance
crossing.

2.5 Uncertainty. Basic measurement accuracy was very high,
and errors added from the computed order tracking technique
were found to be minimal. Absolute stress measurement errors,
including those due to gage position errors, were not quantified
since data interpretation was based on comparison to the mea-
sured baseline response at each gage location. Quantization error,
based on one-half of the least significant bit �LSB�, was rather
small at 0.02 ksi peak-to-peak �p-p�.

Repeatability errors proved to be more significant than instru-
mentation errors. Thus repeatability in resonance crossing ampli-
tude was used to quantify overall uncertainty in the blade stress
measurements. Considering multiple rotor speed sweeps, reso-
nance crossing amplitude was found to be repeatable within �3%
for back-to-back data. However, comparisons are made between
data involving independent adjustments of the exit throttle, used
to set the stage loading to the same nominal operating line. Base-
line blade response appeared to be sensitive to small errors in
throttle positioning, which implies that small changes in the time-
averaged flow field can have a significant effect on response am-
plitude. It is noted that application of TEB presumably also
changes the time-averaged flow field. However, the data currently
available do not permit the effects of flow field changes �whether
from throttle position or TEB� to be treated independently from
the forced response data. Consequently, overall uncertainty for the
normalized stress results presented herein is estimated to be �8%.

The overall uncertainty in the reported total TEB flowrate, in-
cluding measurement uncertainty and actual variations in flowrate
over the course of a given rotor speed sweep, is within �2%.
Though not confirmed by direct measurements, it is believed that
the manifolds and consistent tubing length were effective in pro-
viding each WG with the same amount of TEB flow �i.e., 1/12 of
the total flow�.

3 Results
The effectiveness of the order tracking technique for analysis of

synchronous vibrations is demonstrated in Fig. 7. The various
lines in the figure represent selected order components, corre-
sponding to known aerodynamic forcing functions, from a single
strain gage signal during a single speed run-up at baseline �no
TEB� conditions. As is the case for all forced response data pre-
sented here, stage loading was set by an exit flow throttle to rep-
resent a design operating line.

The data in the figure are taken from a noncritical blade and the
“B” location gage �refer to Fig. 3�, which is shown here because it

was responsive to more modes than other gage locations. Accord-
ingly, multiple resonance crossings are clearly characterized in the
figure. In conjunction with the predicted Campbell diagram,
modes could be readily identified, as labeled in the figure. It is
noted that some modes exhibit sharp single resonance peaks,
while other modes show broader multipeaked resonances. This
behavior, with widely varying shape and amplitude characteristics
for each blade evaluated, implies mode localization to certain
blades as a consequence of mistuning.

Though not apparent from Fig. 7 because the “B” gages are less
responsive to torsional vibrations than to other modes, the 1T/12E
crossing �“Mode 2” in the figure� was the highest amplitude reso-
nance within the test range. For comparison, the critical blade
response of the 1T/12E crossing reached 39.7 ksi �274 MPa� p-p
at the “A” gage location �refer to Figs. 8 and 9�.

Based on stress ratios obtained from the finite element analysis
of Blackwell �13�, this corresponds to a maximum 1T/12E alter-
nating stress amplitude on the critical blade of 191.5 ksi �1322
MPa� p-p. Even without considering the addition of mean stresses
or any strength-reducing factors, this large response amplitude
exceeds the titanium alloy’s endurance limit by 10%, thereby in-
dicating the strong possibility of an HCF failure being prompted
by baseline 1T/12E damage accumulation.

Fig. 7 Baseline order tracks showing multiple modal reso-
nances due to upstream WG and downstream stator
excitations

Fig. 8 Baseline critical gage response for various modal reso-
nance crossings
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Figure 8 summarizes the critical blade responses for various
modal resonance crossings within the test range. Amplitudes
shown correspond to the highest responding gage location, which
generally does not represent the maximum stress location. Re-
sponses denoted “49E” correspond to fundamental excitation by
the potential field of the downstream stator row, while all other
crossings correspond to harmonic excitations from the upstream
WGs. Not surprisingly, it is noted that the 49E potential excitation
was generally weaker in effect than the viscous excitation origi-
nating upstream of the rotor. The response to the fundamental
stator excitation was typically of the same order as that produced
by the fourth �48E� or fifth �60E� WG harmonics, which contain
less energy than the WG fundamental �12E�.

Many of the amplitudes presented in the figure are small and
hence generate little concern for fatigue damage. However, it
should be stressed that the designer does not generally know be-
fore build �or even extensive field service� which modes will be
most responsive or which ones may ultimately lead to a fatigue
failure. For example, it was rather surprising that the third WG
harmonic �36E� crossing of Mode 7 �third LE bending or LE3B�
generated a substantial response on the critical blade. This finding
suggests the importance of considering mistuning effects and mul-
tiple harmonics of vortical forcing functions in the aeromechani-
cal design of turbomachinery. Also, many of the lower amplitude
modes in the present investigation are likely to be more respon-
sive under fundamental excitation �as opposed to the higher WG
harmonics of this study�, such as may be present in a similar
compressor with more upstream vanes.

By stacking 12E order tracks for successive TEB flowrates
against the baseline data, as shown in Fig. 9, the strong effect of
flow control on resonant response of the critical blade is demon-
strated. The surface plot on the right provides an overview of the
entire test domain, with the baseline 1T/12E resonance dominat-
ing in the foreground. The line plot on the left compares selected
slices of the same data to provide a more detailed view of the
local effects at resonance.

Application of increasing TEB flowrate is shown to progres-
sively attenuate the first torsion response. Using a total of 1.07%
of the rig inlet flow at the crossing speed, the critical 1T gage
response was limited to 5.8 ksi �40MPa� p-p, a reduction of 85%.

Resonant amplitude data from four blades were normalized and

averaged for the 1T/12E and LE2B/24E crossings, as presented in
Figs. 10 and 11, respectively. Amplitudes are normalized by the
baseline crossing amplitude for each respective gage used in the
average, while TEB flowrates are normalized by the corrected rig
inlet flow for the speed at which the respective crossing occurs. In
addition to the four-blade-average data, critical blade data are in-
dicated. Bars are included to illustrate the range of responses for
the measured blades. It is noted that the maximum attenuation
occurs on the critical blade for both crossings.

As clearly illustrated in Figs. 9–11, the resonant response am-
plitude exhibits a saddle-type trend over the range of TEB flow-
rates. For increasing TEB flow, resonant response is attenuated
until a minimum crossing response is achieved, at what is consid-
ered the optimal flowrate for that particular resonance crossing. If
flow is further increased beyond this saddle point, referred to as
“mechanical overblowing,” the mechanical �that is, vibratory� re-
sponse of the crossing begins to increase. In the event of substan-
tial overblowing, the response can exceed that of the baseline
case.

Fig. 9 Effect of TEB on critical blade response at the 1T/12E resonance crossing

Fig. 10 Effect of total TEB flowrate on 1T/12E resonant
response
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This inflection behavior, which was generally noted for all the
measured crossings, is expected. The saddle point occurs when the
offending forcing function harmonic passes through minimum
amplitude. It was expected that the inflection point should ap-
proximately coincide with the wake velocity deficit being mini-
mized. For increasing TEB flowrate, the original wake velocity
deficit would eventually be replaced with a surplus. This point
will be discussed later in more detail.

It is noted that substantial attenuation in resonant amplitude,
roughly proportional to the TEB flowrate, is achieved at less-than-
optimal flowrates. This point should not be lost on the designer
seeking an appropriate compromise between forced response miti-
gation and engine performance.

Figure 12 shows the effect of full-span TEB on response am-
plitude for multiple WG-induced resonance crossings documented
in the test range. By stacking so many data series together, the
robustness of the full-span TEB approach is demonstrated. All of
the mode crossings are seen to be attenuated for some range of
TEB. Specifically, for a flowrate ranging from 0.5% to 0.9% of
the rig flow �normalized with respect to each crossing�, the re-
sponse at all crossings is reduced by at least 32%. Moreover, for
the most responsive crossings, indicated by the heavy solid lines
and symbols, the response reduction was at least 50% over the
same flowrate range. While greater reductions in the high 1T/12E
response are achieved at higher flowrates, the response at other
crossings �e.g., Mode 5/36E� begins to be amplified due to sub-
stantial overblowing.

In addition to the modal and flowrate robustness illustrated in
the figure, it is also clear that the optimal TEB flowrate varies for
the different modal crossings. Since the crossings occur at differ-
ent speeds, it was a point of interest to see if the optimal TEB
flowrates could be better correlated as a function of rotor speed.
Such a correlation would be rather convenient, as it would make
implementation of a basic TEB control system relatively easy.
Thus, for the available family of resonance crossing minima, the
corresponding full-span TEB flowrates are plotted in Fig. 13
against the associated crossing speeds.

Also included in the figure is an approximate characteristic of
the TEB requirement to achieve “momentumless wakes.” The mo-
mentumless wake condition exists when some momentum addi-
tion �in this case, by TEB� to the wake region is adjusted to
balance the momentum deficit corresponding to the wake drag
�16�. Two-dimensional velocity profiles in the near field of a mo-
mentumless wake will generally have multiple inflection points
�17�, usually with a “W” shape and with the centerline velocity
exceeding that of the free-stream.

Several assumptions are involved in the estimation of the
present momentumless characteristic. First, the thrust of the TEB
jets are equated to the WG vane drag force for the span affected
by TEB. Though mixing losses will generally require jet thrust to
exceed drag for far field wakes to be momentumless, the small
axial gap between WGs and rotor did not allow for substantial
mixing. The drag coefficient of the WG is estimated from the
wake momentum deficit, which is found by integration of the
baseline wake velocity profile. The midspan profile was measured
in a blowdown wind tunnel at design flow conditions and approxi-
mately the same relative axial location as the fan face. The drag
coefficient is assumed to be constant, which is a reasonable ap-
proximation since the flow remains turbulent for the range of in-
terest.

The jets and core flow are assumed to be isothermal and ideal
gases. The jets are further taken to be choked, which was the case
throughout the present investigation. Under these assumptions the
following relationship for momentumless wakes can be derived:

TEB flowrate �% rig� = B · CD · M1 · 100% �1�

where CD is the effective WG drag coefficient and M1 is the WG
inlet Mach number, which has a slightly nonlinear characteristic
as measured along the rig operating line. B is a constant given by

B =
# TEB holes � hole pitch � WG chord

2 · rig inlet area
�2�

It is noted in Fig. 13 that there is substantial scatter in the
family of crossing minima. However, most of the points �except
1T/12E� seem to be clustered along a characteristic slope, indeed
a slope similar to that of the momentumless wake characteristic.

Fig. 11 Effect of total TEB flowrate on LE2B/24E resonant
response

Fig. 12 Effect of TEB flowrate on multiple modal resonances
showing region of substantial attenuation

Fig. 13 Comparison of optimal TEB flowrates based on reso-
nance crossing data and aerodynamic estimates

021003-6 / Vol. 132, APRIL 2010 Transactions of the ASME

Downloaded 28 May 2010 to 128.113.26.88. Redistribution subject to ASME license or copyright; see http://www.asme.org/terms/Terms_Use.cfm



The momentumless characteristic also seems to effectively bound
the response minima, suggesting the validity of the momentum
balance approach.

If TEB, properly adjusted for each given rig operating condi-
tion, were capable of eliminating the wake over the entire span, a
more defined minimum response trend with respect to rotor speed
might be expected. That is, there would likely be less scatter in the
data, and the mechanically optimal trend should be roughly coin-
cident with some aerodynamically optimal TEB characteristic.
However, the forced response minima are generally seen to re-
quire more flow than was estimated to be near optimal in the local
aerodynamic sense.

Exact agreement with the aerodynamic predictions is not ex-
pected for several reasons. First, the most appropriate metric�s�
for an aerodynamic optimum are not well-defined and will likely
be difficult to predict or measure with current tools. The simple
integrated momentum balance presently used appears to provide a
good first approximation, but blade response is expected to be
sensitive to other factors excluded from the momentum analysis,
such as the unsteady velocity field and its harmonic content as
experienced by the rotor. The steady baseline wake measurements,
from which the momentum deficit was estimated, also do not
include the rotor-shock passing effects present in the rig tests,
effects which have been noted to substantially influence the un-
steady wake structure �9,18�. These and other factors contribute to
the unsteady blade loading characteristics that ultimately drive the
mechanical response.

The momentum analysis also does not take into account the fact
that the rotor blades respond to unsteady loading input over their
entire surface, not just in the region affected by the TEB flow.
Despite the “full-span” label, the TEB jets only cover about 60%
of the span. There is also likely to be some reduction in wake-
filling effectiveness between holes. Even if TEB effectively elimi-
nated the wake over this 60% of the span, substantial wake-
induced forcing would be present for the remaining 40% �though
the unsteady loading is somewhat reduced by end wall effects for
10–15% of the span�. For this reason, a TEB flowrate resulting in
the minimum unsteady blade loading for the TEB-affected portion
of the span may not correspond to the overall minimum blade
response.

Thus, as a consequence of the incomplete spanwise TEB cov-
erage, it is reasonable to expect that higher TEB flowrates may be
required to minimize forced response. This point can be inter-
preted as a need to provide a local momentum surplus in the TEB
sector �designated “aerodynamic overblowing”� to compensate for
the momentum deficit that remains in the spanwise wake sector�s�
without TEB. While a local momentum surplus will yield a local
unsteady gust blade load, this load will be in an opposing direc-
tion to that generated by a momentum deficit elsewhere on the
blade span.

The degree of aerodynamic overblowing that may be necessary
to minimize blade response will depend on the TEB spanwise
location and extent, as well as the particular blade mode in ques-
tion. Different blade modes have differing sensitivities to the
spanwise loading distribution. For instance, the 1T mode is rather
sensitive to loading along the entire span, while the first chord-
wise mode will tend to be much more sensitive at the tip than the
hub. This implies that the 1T mode may require more aerody-
namic overblowing than other modes to compensate for its sensi-
tivity to the wake momentum deficit near the hub, where TEB was
not applied. These hypotheses regarding aerodynamic overblow-
ing seem to be supported by the scatter of the forced response
minima in Fig. 13 and the requirement of substantially more TEB
flow to minimize the 1T/12E response than at other crossings.

It is also noteworthy that modes with one or more spanwise
nodes �e.g., LE3B, 2T, etc.� are sensitive to the phase pattern of
the spanwise loading distribution. For example, the LE2B has a
nodal line along the leading edge near 75% span, with the blade
motion on either side having opposite phase �refer to Fig. 6�. In

the case of such modes, care should be taken in applying TEB to
avoid undesirable spanwise phase matching between the wake
forcing function and the mode shape, such as by tip-only blowing,
which could result in response amplification.

Figure 14 summarizes the maximum reductions in critical blade
response achieved by TEB for various modal crossings. In most
cases the 60% attenuation goal established for the National HCF
Program �1� was exceeded. It is noted that 100% reductions by
TEB are not considered feasible, since, even if complete wake-
filling were achieved, a potential forcing function would still be
generated by the upstream vanes.

The figure further demonstrates the robustness of full-span TEB
by presenting the reductions achieved with a TEB schedule fol-
lowing the momentumless wake characteristic established in Fig.
13. Even though more TEB flow than this aerodynamic estimate
was usually required to minimize the respective resonant ampli-
tudes, it is evident from Fig. 14 that substantial reductions are still
achieved for all of the modes �at least 64% of the maximum
reduction�. This finding indicates that, while greater reductions in
forced response may be realizable, the simple momentum balance
approach may be sufficient for scheduling TEB in similar appli-
cations.

Significant TEB sensitivity is only expected for resonance
crossings involving excitation orders associated with the wake
forcing function directly modified by TEB. Correspondingly, reso-
nant responses caused by downstream stator vane excitation were
not expected to be affected by the application of TEB.

However, it was noted with some surprise that the LE3B/49E
crossing amplitude was attenuated by as much 32% with TEB.
Conversely, some 49E crossings were amplified by up to 15%.
The baseline amplitudes for the 49E crossings were relatively
small, so this unexpected finding does not appear to be conse-
quential in terms of HCF for the present study. However, it is
suggestive that either the stage operating point or, less likely, the
downstream stator potential field has been altered by the TEB
application.

Despite close blade row spacing and the presence of strong
rotor bow shocks, substantial stress reductions were achieved at
multiple resonance crossings in the present study. These results
also compare favorably to those previously documented. Morris et
al. �6� reported stress reductions on a high-subsonic rotor of 90%
for chordwise bending �1C� and 43% for the third leading-edge
bending mode �LE3B�. While the total TEB-to-rig mass flow ratio
for the Morris experiments was greater than the optimal flowrates
determined in the present study, the flow ratio was similar on a
per-vane basis.

4 Conclusions
The TEB flow control technique was implemented in a row of

WG vanes, placed just upstream of a modern highly loaded tran-
sonic fan stage. The WGs produced fundamental and harmonic

Fig. 14 Comparison of modal resonant response reductions
by TEB
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engine order excitations that caused numerous resonance cross-
ings in the tested range of the compressor. Rotor stress measure-
ments confirmed that the TEB technique can be quite effective for
reducing resonant rotor response, even with close blade row spac-
ing and strong rotor bow shocks sweeping the WG trailing edge.

Full-span TEB was found to be modally robust, as resonant
amplitudes of all documented modal crossings were attenuated
substantially. In most cases the National HCF Program’s goal of
60% reduction in fan resonant response was exceeded. Reductions
of as much as 85% and 94% were achieved by TEB for the first
torsion and second LE bending modes, respectively. Moreover, all
modal responses were reduced at least 32% for the robust TEB
flow range of 0.5–0.9% of the rig flow. Reductions were approxi-
mately linear for suboptimal flowrates.

While the optimal TEB flowrates for the various modal reso-
nance crossings only correlated loosely with rotor speed, the data
followed a similar slope and were bounded by a TEB schedule
based on a jet-wake momentum balance. Though more TEB flow
was generally required to minimize forced response, large reduc-
tions were still achieved using this simple aerodynamic approxi-
mation. Ultimately, the substantial response reductions by TEB
should allow significant gains in blade life.
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A Review of Surface Roughness
Effects in Gas Turbines
The effects of surface roughness on gas turbine performance are reviewed based on
publications in the open literature over the past 60 years. Empirical roughness correla-
tions routinely employed for drag and heat transfer estimates are summarized and found
wanting. No single correlation appears to capture all of the relevant physics for both
engineered and service-related (e.g., wear or environmentally induced) roughness.
Roughness influences engine performance by causing earlier boundary layer transition,
increased boundary layer momentum loss (i.e., thickness), and/or flow separation.
Roughness effects in the compressor and turbine are dependent on Reynolds number,
roughness size, and to a lesser extent Mach number. At low Re, roughness can eliminate
laminar separation bubbles (thus reducing loss) while at high Re (when the boundary
layer is already turbulent), roughness can thicken the boundary layer to the point of
separation (thus increasing loss). In the turbine, roughness has the added effect of aug-
menting convective heat transfer. While this is desirable in an internal turbine coolant
channel, it is clearly undesirable on the external turbine surface. Recent advances in
roughness modeling for computational fluid dynamics are also reviewed. The conclusion
remains that considerable research is yet necessary to fully understand the role of rough-
ness in gas turbines. �DOI: 10.1115/1.3066315�

1 Introduction
The degradation of gas turbines with service is a serious prob-

lem that must be appropriately addressed for efficient and safe
operation of both land-based �power� and aeropropulsion gas tur-
bines. Due to the importance of this topic, there have been a
number of excellent review articles addressing its root causes and
exploring preventive measures �1,2�. Technical advancements in
the design and manufacture of gas path turbomachinery compo-
nents over the past two decades have only heightened the signifi-
cance of understanding the effects of flowpath degradation on gas
turbine operation. For example, surface coatings in both the com-
pressor and turbine, more aggressive airfoil shapes, advanced ro-
tor tip and passage endwall designs, and an increased number of
bleeds to feed more intricate film cooling hole geometries are
among the technologies that have created an increased urgency for
fundamental research into the root causes and effects of degrada-
tion. As evidence of this increased emphasis, Fig. 1 shows the
number of degradation-related journal articles that have been pub-
lished each year in three of the leading publications for gas tur-
bine research. The rising trend evidenced in the figure is likely to
continue for the foreseeable future as gas turbines continue to
command an impressive market share in both the power genera-
tion and transportation industries.

Degradation in gas turbines is caused by a wide variety of op-
erational and environmental factors. Perhaps the most common
sources are ingested aerosols, namely, salt spray from marine ap-
plications �3–6�, airborne dust, sand �7,8�, pollen, combustion
products �5,9�, and even volcanic ash �10�. Occasionally, larger
objects can be ingested �e.g., inlet nacelle ice accumulation �11� or
birdstrikes� at times resulting in significant component damage
�FOD�. From within the gas turbine itself, oil leaks, rust or scale,
and even dirty fuels �for power turbines� �12,13� can result in
fouled gas path surfaces and clogged bleed systems. These various
degradation sources influence gas turbine performance in different
ways depending on the interaction with the wetted surfaces in the
engine. Foreign particulate that deposits on the surface can result

in modified airfoil shapes �e.g., at the leading edge �6,7��, in-
creased surface roughness �14–17�, and clogged film cooling
holes �10,16,18� and fuel nozzles. Figure 2 shows an example of
deposition on a nozzle guide vane due to inadequately cleaned
fuel used in a land-based turbine. In extreme cases such as this,
deposition can significantly reduce the flowpath area and alter the
operating point of the engine. Surface erosion, typically caused by
larger particles �e.g., desert sand�, can be equally damaging. Ero-
sion at the airfoil leading edge reduces the effective chord of the
blade or vane, limiting the aerodynamic turning and changing the
incidence angle. Rotor blades often show the effects of erosion at
their tip, thus increasing the tip gap flow and associated secondary
losses �7,19,20�. An example of compressor rotor tip wear due to
sand ingestion is shown in Fig. 3. Perhaps most importantly, ero-
sion can result in the removal of critical thermal barrier coatings
in the turbine �i.e., coating spallation�, thus exposing the underly-
ing metal to excessive gas temperatures. Finally, many of the
sources that cause degradation contain corrosive elements that
promote rapid deterioration of metal components in the gas path,
potentially leading to catastrophic failure.

Unless frequent boroscopic evaluations are made to detect and
assess surface damage, gas turbine operators will likely see a
gradual drop in performance �thrust or power output� as the first
sign of degradation. Upon closer inspection, an increase in spe-
cific fuel consumption �SFC� will be evident as component effi-
ciencies �for the compressor and/or turbine� decline. As degrada-
tion worsens, excessive temperatures may occur in the turbine due
to coating loss or flow restriction. In the most severe case of
excessive deposition buildup, loss of compressor stall margin may
make safe operation of the gas turbine altogether impossible
�1,2,4,20–22�. Fortunately, there are a number of preventive mea-
sures that, if implemented properly, can mitigate unacceptable
losses in performance and/or availability �1�. For example, deposit
buildup on compressor blading has traditionally been removed
using abrasive chaff �e.g., nutshells�. With the advent of coated
compressor blades in the past decade, compressor maintenance
has moved to on-line water washing, possibly with detergents
�3,13,21,23,24�. More stubborn deposits can be removed with off-
line �crank� washing of both compressor and turbine blading.
Dirty fuels �e.g., biomass or high ash-bearing heavy fuel oils �12��
can be safely used with adequate cold and/or hot gas cleanup,
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although these auxiliary systems can be expensive and require
regular maintenance as well. Ultimately, the most severe cases of
degradation �erosion and corrosion, in particular� may necessitate
a major engine overhaul with significant downtime. Only then can
individual blades or vane sectors be removed for refurbishment
and resurfacing to recover lost performance margin.

Since many of these preventive measures are costly and nega-
tively impact availability, operators must be equipped with accu-
rate cost and benefit estimates to maintain efficient gas turbine
operation. A number of recent studies have proposed system-level
models aimed at determining optimum maintenance intervals and
procedures to maximize gas turbine availability and performance
�13,21,24–27�. These models account for system degradation
through performance decrements associated with component effi-
ciency loss and/or changes in massflow �increase for erosion and
decrease for deposition�. Specific numerical values for these dec-
rements are obtained from reported degradation losses available in
the open literature �1,2�. For example, Zwebek and Pilidis ac-
counted for turbine fouling �deposition� in their system-level
analysis by assuming a 1% reduction in nondimensional mass
flow and a 0.5% reduction in turbine efficiency �25,26�. With this
component-level input, their model predicts a drop in gas turbine
power output and efficiencies of 1.2% and 1%, respectively. Mod-
els have also been developed to predict specific component-level
performance losses with degradation. For instance, Millsaps et al.
�28� evaluated the effect of fouled airfoil surfaces due to deposits
on a three-stage axial compressor. They assumed a doubling of

blade profile losses and predicted a 1.5% drop in �c and �c with a
1% drop in massflow. Component-level model predictions such as
this can then be used as building blocks in a larger system-level
model �25�.

While such models are useful to indicate trends, their ability to
accurately predict changes in overall gas turbine system perfor-
mance for a given installation is dependent on the accuracy of the
numeric decrements employed. Determining these quantitative ad-
justments is complicated by the diversity of degradation sources
and turbomachinery designs. There have been some attempts to
test the accuracy of these system-level models using accelerated
deposition testing, for example, with interim measurements of de-
posit thickness and surface roughness levels �3,4,6–8,29�. How-
ever, even with measurements of surface roughness in hand, there
is still a significant leap from centerline averaged roughness �Ra�
measurements to predicting compressor efficiency ��c�. In prac-
tice, this chasm is often spanned using empirical correlations to
convert measured roughness �e.g., Ra or Rq� to an “equivalent
sandgrain” �ks� value. This ks value can then be used to predict
local changes in boundary layer parameters �e.g., � and cf� leading
to profile loss estimates, again using empirical correlations
�22,30–34�. Finally, summing profile losses through multiple
stages �using a stage-stacking model, for example �29�� yields the
desired estimate for an efficiency decrement ���c�. The remainder
of this article will review research studies that have been con-
ducted to bridge this gap between actual surface measurements
and predicted performance decrements, specifically for the case of
surface roughness caused by degradation.

2 Background: Surface Roughness
The use of roughness correlations dates back three quarters of a

century to the turbulent pipe flow study of Nikuradse �35�. His
pressure loss data, taken with sand-roughened pipe walls, mani-
fested different dependencies on Reynolds number and roughness
for different flow regimes �Fig. 4�. Nikuradse defined a dimen-
sionless roughness parameter, k+=ksu� /�, using the actual
sandgrain diameter �ks�, the measured friction or shear velocity
�u��, and kinematic viscosity ���. He found that for values of this
parameter greater than 70, the pipe loss coefficient was only a
function of ks, while for 5�k+�70, both Re and ks were impor-
tant. These regimes are termed “completely” or “fully” rough and
“transitionally” rough, respectively. For k+ values below 5, rough-
ness was found to have no effect on pressure loss since the rough-
ness peaks were wholly immersed in the laminar sublayer of the
turbulent boundary layer. Thus, this regime is declared “hydrauli-
cally smooth.” Nikuradse observed that the turbulent boundary
layer “law of the wall” �u+=1 /�� ln y++B� was still valid for
rough surfaces except that the constant B was shown to be depen-
dent on k+. For “completely rough” surfaces, this dependency can
be approximated as B=5.5−1 /��ln�1+0.3k+�� �36�. Note that the
constant in this expression varies between 5 and 5.5 in the litera-

Fig. 2 Deposition on first stage vane of utility gas turbine after
approximately 8000 h of service. Firing temperature 1150°C.

Fig. 3 Eroded test rotor blades due to sand ingestion near
design point during 9 h „Fig. 9 from Ghenaiet et al. †20‡…

Fig. 1 Gas turbine roughness-related journal articles pub-
lished in ASME Journal of Turbomachinery, ASME Journal of
Engineering for Gas Turbines and Power, and AIAA Journal of
Propulsion and Power, AIAA Journal of Aircraft, and AIAA Jour-
nal „numbers are not comprehensive prior to 1990…. Also,
roughness-related IGTI conference papers from 2000–2006.

021004-2 / Vol. 132, APRIL 2010 Transactions of the ASME

Downloaded 28 May 2010 to 128.113.26.88. Redistribution subject to ASME license or copyright; see http://www.asme.org/terms/Terms_Use.cfm



ture and care should be taken to consistently employ the same
expression when comparing various models. In this way, k+ can be
used �in a boundary layer calculation, for example, Ref. �37�� to
calculate skin friction for a rough wall. Schlichting �38� subse-
quently used Nikuradse’s data to correlate various types of “non-
sand” roughness �e.g., rivets, bumps, and protuberances�. In so
doing, Schlichting �39� coined the term “equivalent sandgrain
roughness” to connote a roughness feature �and spacing� that has
the “equivalent” effect on skin friction losses as a uniform layer of
actual sandgrains of diameter ks. Though Schlichting’s quantita-
tive results have since been disputed by Coleman et al. �40�, his
equivalent sandgrain methodology has gained universal accep-

tance. Until recently, practically every roughness correlation for
skin friction, convective heat transfer, and even boundary layer
transition utilized ks �36,39,41–44�.

In roughness work related to gas turbines, various correlations
have been employed to convert measurable surface roughness pa-
rameters �Ra, Rq, or Rz� to equivalent sandgrain roughness �ks�,
following the Schlichting model. Table 1 contains a survey from
the open literature. The first thing that is apparent from the table is
the wide variety of proposed correlations. Since many of the cor-
relations vary by up to a factor of 5, the uninitiated would be hard
pressed to select an appropriate value for a new application �54�.

Fig. 4 Nikuradse’s original sand-roughened pipe flow data „Fig. 20.18 from Schlichting
†39‡…

Table 1 Roughness correlations for ks determination of gas turbine roughness

Year Reference ks relation Surface type

1962 Speidel �45� ks=Rz /5
Milled surface with grooves parallel �within 10 deg� to

flow �Rz=groove height�

ks=Rz /2.56
Milled surface with grooves greater than 10 deg from

flow-aligned
1967 Forster �46� ks�2Ra Machined surfaces

ks�7Ra Emery papers
1976 Koch and Smith �32� ks�6Ra Sandgrains
1976 Bammert and Sandstede �47� ks�2.2Ra0.88 Mechanically produced surface and emery grain surface
1980 Schaffler �48� ks�8.9Ra Forged and machined blades
1984 Simon and Bulskamper �33� ks�2Ra Machined surfaces

1990
Sigal and Danberg �49� �as used by Boyle and

Civinskas �50� and Bogard et al. �16�� 0.5�ks /k�5 as f�	s� Isolated 2D and 3D roughness elements of height k
1997 Barlow and Kim �51� ks�2.7k or ks�16Ra Ordered array of pedestals of height k
1996 Hoffs et al. �52� ks=Rz Liquid crystal surface
1998 Guo et al. �53� ks=Rz Liquid crystal surface
1998 Bogard et al. �16� ks�4Ra Turbine vane surface roughness
1998 Abuaf et al. �54� Ra�ks�10Ra Cast and polished metal surfaces
1998 Kind et al. �34� 2.4�ks /k�6.1 as f�
� Sparsely distributed sandgrains of average size k
2001 Boyle et al. �55� ks�2.1Rq Research vane surface
2003 Boyle and Senyitko �43� ks�4.8Rq ZrO spray-on roughness particles
2003 Bunker �56� ks�10Ra Polished TBC
2004 Shabbir and Turner �57� ks=8.9Ra Turbine roughness
2004 Zhang and Ligrani �58� ks�1.9Rz as f�	s� 20–150 �m Ni particles
2005 Bons �59� 0.5�ks /Rz�3.5 as f�� f� Scaled turbine blade roughness
2005 Syverud et al. �6� 0.4�ks /k�2 as f�
� �47� Salt grains from sea-spray ingestion

2005 Stripf et al. �60� 2�ks /k�5 as f�k , t�
Ordered arrays of truncated cones of height, k, and

spacing, t
2005 Hummel et al. �61� ks�5.2Ra Correlation with various surfaces
2006 Yuan and Kind �62� ks�1.8k Sparsely distributed sandgrains of average size k
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Several of those identified in the table have lamented over this
morass of data, ultimately taking matters into their own hands by
defining their own correlation. For example, Hummel et al. �61�
used a turbine blade loss model from Traupel �63� to correlate
estimated blade row losses versus Ra /c from several previous
experiments �including some of their own data� and arrived at a
best fit using ks=5.2Ra. Boyle and Senyitko �43� provide a de-
tailed evaluation of a number of the leading correlations showing
how estimates for ks can vary up to an order of magnitude depend-
ing on the method used. Of course, part of the problem with
defining a single universal correlation is the variety of roughness
characterizations: machined, sandgrain, ordered arrays of identical
roughness elements �e.g., cones�, and finally actual degraded sur-
face roughness. Recognizing this difficulty, many have proposed
correlations based on something other than the standard roughness
metrics �Ra, Rq, or Rz�. Parameters that account for the individual
shape and density of roughness elements �e.g., 	s, 
, and � f� have
broader appeal but still fall short of being universal
�6,34,49,59,60�. Moreover, the vast majority of these correlations
are defined using “artificial” or “simulated” roughness rather than
“real” roughness. Bons �64� studied scaled models of real rough-
ness samples taken from in-service turbine hardware and found a
markedly different ks correlation when compared with ordered
arrays of deterministic roughness elements �e.g., cones, hemi-
spheres, or sandgrains�. One final difficulty with defining a single
universal ks correlation for all roughness characterizations is that
while Schlichting defined ks from the perspective of aerodynamic
drag equivalence, it has since been adopted for convective heat
transfer equivalence as well. Fundamental issues with this ill-
conceived “adoption” from aerodynamics to heat transfer are ad-
dressed below in further detail.

In many cases, the gas turbine operator is solely concerned with
ensuring that the surface roughness is below the hydraulically
smooth limit. Schlichting �39� plotted skin friction data for turbu-
lent boundary layer flow over sand-roughened plates �again based
on Nikuradse’s pipe flow data� and noted the first evidence of
roughness influence for ks�100� /U. For gas turbine roughness
on airfoils, it is most convenient to represent this admissible level
of roughness �ks,adm� relative to the blade �or vane� chord, c:

ks,adm

c
�

100

Rec
�1�

For a typical chord Reynolds number of 1�106 and blade chord
of 5 cm, this represents a ks,adm of 5 �m. Given the range of
correlations in Table 1 �1�ks /Ra�10�, this explains industry-
wide specifications for surface finish �Ra��1 �m. The dimen-
sionless roughness parameter, Uks /�, �sometimes called the
“roughness Reynolds number” or Rek� is often reported relative to
the “100” threshold for admissible roughness. A review of gas
turbine roughness literature shows a broad acceptance of Eq. �1�
as a design guideline �30,31,48,61,65,66�, although anecdotal evi-
dence of temporary SFC reductions immediately following sur-
face refurbishment on aeroengines well below the 100 threshold
has been supported by recent research into “ultrapolishing” �67�.
Nevertheless, the roughness Reynolds number �Rek� is the most
commonly reported roughness parameter in the open literature and
is routinely used in the scaling of research facilities for roughness
research �37,68–70�.

At issue then is how far above ks,adm can the surface roughness
be tolerated before maintenance is necessary. Unfortunately, to
answer this question requires an understanding of two of the most
intractable problems in the fluid dynamics of wall-bounded flows,
namely, boundary layer separation and transition. The limited
scope of this article cannot possibly do justice to these two sub-
jects. Hopefully, the reader will forgive the meager illustration
provided here.

Boundary layer transition is influenced by a wide assortment of
flow and surface parameters in addition to surface roughness �e.g.,

Reynolds number, freestream turbulence level and lengthscale,
surface heating or cooling, pressure gradient, upstream history,
blowing or suction, Mach number, shocks, and curvature�. As an
example of surface roughness effects on transition, Feindt �71�
studied boundary layer transition on a sand-roughened wall and
found the critical sandgrain dimension that induced early transi-
tion to be Uks /��120. The same threshold was noted for a mod-
est range of adverse and favorable freestream pressure gradients.
This criterion is very close to the ks,adm relation for turbulent
boundary layers �Eq. �1��, which should be good news for gas
turbine operators. Unfortunately, there are at least two complicat-
ing factors that must be taken into account. First, Feindt’s data
show a smooth-wall transition Reynolds number �Rex,tr� of 6.6
�105, which is considerably less than values that can be obtained
experimentally using clean/quiet wind tunnels �Rex,tr�3�106�.
Thus, Feindt’s criterion of Uks /��120 must be adjusted for flows
with other mitigating factors that influence transition �e.g., higher
or lower freestream turbulence levels�. The only component in a
gas turbine engine that would likely have a more “disturbance-
free” environment than Feindt’s experimental facility is the engine
inlet or nacelle. Thus, the roughness criterion for transition would
be more stringent �less than 120� in this case. Embedded blade
rows in compressors and turbines are rife with disturbances �e.g.,
wakes and shocks� and thus may have significantly higher thresh-
olds for roughness to effect transition. Braslow �44� reviewed
boundary layer development with distributed roughness and sug-
gested a criterion of k+�19 for roughness-induced transition. For
the Rec values typical of gas turbine airfoils, this corresponds to a
roughness Reynolds number criterion of Uks /��500. This is
close to the threshold of 600 suggested by White �36� for an
isolated roughness element. Indeed, transition is generally consid-
ered to be a significant factor in turbomachinery for chord Rey-
nolds numbers above �2–4��105 �43,48�. Roughness can also
promote earlier transition in separated free shear layers, thus re-
ducing the size of separation bubbles, as noted by Roberts and
Yaras �72�. Prior to boundary layer transition, roughness has no
perceptible influence on local values of aerodynamic drag �Fig. 4�
or heat transfer �73,74�.

The second complicating factor with using a universal ks /c cri-
terion for both turbulent and laminar boundary layers is what hap-
pens once the threshold is exceeded. For a turbulent boundary
layer, exceeding ks,adm may mean a modest increase in blade pro-
file losses �Fig. 4�. For a laminar boundary layer, if exceeding
ks,adm causes transition, the profile loss could increase by up to a
factor of 2 �43� �and the local heat transfer coefficient up to a
factor of 8 �73��. On the other hand, if the laminar boundary layer
was already prone to separation, roughness-induced transition
could minimize or eliminate separation and actually reduce profile
losses �75� �as in the golf ball flow�. Thus, the effects of transition
and separation are coupled in many turbomachinery flows.

3 Real Gas Turbine Roughness Characterizations
The majority of roughness studies referenced thus far were con-

ducted using sand-roughened walls. Indeed, this is the most com-
mon roughness characterization employed historically for gas tur-
bine research as well as in other industries. Before reviewing gas
turbine roughness research in more detail, it is instructive to
evaluate how closely actual degradation-induced gas turbine sur-
face roughness compares to sandgrains. There are relatively few
studies of this type in the open literature. Dunn et al. �10� showed
pictures of compressor rotor blades subjected to “simulated”
volcanic-ash ingestion with varying levels of erosion. Although
the images do not allow an up-close assessment of surface char-
acter, it is evident that the erosion is not spatially uniform. Erosion
is primarily evident in the leading edge and tip regions. Acceler-
ated salt-spray ingestion tests by Kacprzynski et al. �3� and
Syverud et al. �6� show similar spatial variation. A picture of
second stage compressor vanes shows 0.5 mm thick salt deposits
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at the vane leading edge, with a strong preference for the hub
versus the tip annulus �6�. A boroscope image of a first stage
compressor blade shown in Ref. �3� has regions with pronounced
ridge-lines of salt deposit as well as regions without any obvious
deposit. Finally, a magnified image of salt grains on a first stage
vane pressure surface shows a nonuniform distribution of salt
grains with sizes from 3�k�30 �m �mean grain size=22 �m
and mean grain spacing=88 �m�. In 2000, Leipold et al. �70�
studied roughness on precision forged compressor blades and
found sparsely distributed roughness elements �similar to those
studied by Kind et al. �34� for turbines� rather than the close-
packed elements typical of sandgrain characterizations.

For turbines, Taylor �15� measured surface roughness on two
sets of first stage turbine vanes, 30 from a TF-39 and 30 from an
F-100 engine. He found that the roughness level varied by an
order of magnitude around the blades on average �1�Ra
�10 �m�, with degradation favoring the leading edge suction
surface for one engine and the trailing edge pressure surface for
the other. In addition, individual traces showed the roughness to
be highly non-Gaussian in many cases �nonzero skewness and
kurtosis�. Tarada and Suzuki �14� reported on a survey of 58 used
turbine blades from aero-, marine, and industrial engines. Peak
roughness levels �Ra� ranged from 50 �m to 160 �m in the most
severely degraded portions of the blades, particularly in the lead-
ing edge region. Bogard et al. �16� studied the oxidized and de-
posited turbine vanes from two military aeroengines and reported
that the surface character bore greater similarity to “scale” rather
than the sand grit typically used to model roughness. Finally, Bons
et al. �17� reported on a study of over 100 different used industrial
turbine components, showing examples of deposition, corrosion,
erosion, and coating spallation �Fig. 5�. Spatial nonuniformity of
roughness character was the norm for all blades, and transitions
between rough and smooth surface conditions were at times
abrupt. Differences between the roughness signatures of various
degradation mechanisms �e.g., deposition versus spallation� led
the authors to conclude that no single characterization �e.g., sand,
cones, and hemispheres� can accurately capture the range of di-
verse features exhibited by the various forms of surface roughness
on serviced turbine blades. Given this assessment, it is perhaps
inconceivable that any roughness parameter �e.g., ks or Rek� could
ever be effectively used to characterize roughness from such di-
verse samples. Yet, Bons �59� later reported that both 	s and � f
provided reasonable correlation for cf and St enhancement caused
by roughness for a broad spectrum of surface features.

Observed spatial variations in roughness for in-service turbo-
machinery components are of particular significance since the
sand-roughness experiments of Nikuradse �35� �and many since
then� have studied the effects of uniform distributions of closely
packed sandgrains of a similar size. All three of these character-
izations �“uniform,” “closely packed,” and “similar size”� appear
to be contradicted by actual surface measurements in gas turbines.
Also, roughness modeling algorithms in commercially available
computational fluid dynamics �CFD� codes that typically apply a
uniform ks roughness level to all wetted surfaces may produce
misleading results when compared with real turbine airfoils with
degraded leading edges but smooth surfaces elsewhere. In addi-
tion, experimental work by Pinson and Wang �76� showed that
abrupt changes in roughness size can have a significant effect on
transition location. Specifically, abrupt streamwise changes from
large roughness to a smooth-wall condition exhibited earlier tran-
sition than changes from large to small roughness.

The remainder of this article will focus on roughness studies of
compressor and turbine airfoils. The turbine section will also ad-
dress roughness effects on film cooling. Finally, some comments
regarding the state of the art in roughness modeling for CFD will
be addressed. Though considerable effort has been made to canvas
the literature, these reviews are by no means comprehensive.
Rather, they are intended to provide a sampling of past and current
research in a very active and difficult area of study.

4 Roughness in Compressors
A review of the past 30 years of compressor roughness research

shows nearly an equal interest in axial and centrifugal machines.
Since the two devices experience different fluid mechanics issues,
they will be treated separately here, although the primary focus is
on axial machines. The role of the compressor is to increase the
total pressure of the gas prior to combustion. This is done by
imparting kinetic energy to the fluid and subsequently decelerat-
ing it to collect static pressure. Thus, compressor airfoils are de-

Fig. 5 Samples of erosion, deposition, and TBC spallation on
turbine blading. „a… Erosion sample from suction surface lead-
ing edge region „7Ã10 mm2

…. „b… Fuel deposition sample from
pressure surface trailing edge region „3Ã4 mm2

…. „c… Spalla-
tion on turbine blade pressure surface.
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signed with considerable care due to the inherent adverse stream-
wise pressure gradient. Overly aggressive blade camber can result
in boundary layer separation �particularly at low flow rates, i.e.,
high positive incidence angles�, which reduces stage efficiency
and can ultimately lead to compressor stall and/or surge. As such,
circular arc camber lines with maximum thickness to chord ratios
of less than 8% are typical. Controlled diffusion airfoils �front-
loaded airfoils that take advantage of laminar flow prior to the
suction peak and control boundary layer diffusion to avoid sepa-
ration� are also widely used in multistage compressors. Since the
pressure rise scales with the rotor rotational frequency, substantial
benefit can be derived from operating at higher speeds, creating
the potential for transonic flow in the compressor passages. Su-
personic compressor airfoils are designed with sharp leading
edges to reduce shock-induced losses. As such, they are even
more sensitive to changes in leading edge shape. Because of the
critical role of boundary layer separation �both for sub- and su-
personic airfoil designs� in determining profile losses, it is impor-
tant to ensure that compressor roughness research is conducted
with the appropriate range of dimensionless parameters: Reynolds
and Mach numbers.

The critical role of Reynolds number is well illustrated in the
experimental work of Leipold et al. �70�. They studied the effects
of typical blade forging roughness using a high pressure cascade
facility over a range of Rec from 3�105 to 1�106 �based on inlet
conditions�. The inlet Mach number to the cascade was set to
0.67, with a peak isentropic Mach number near 1 at the highest
Rec �i.e., the flow was shock free�. Figure 6 shows their wake
measurements of total pressure loss taken at midspan
�span /chord=1.67� for both the smooth and artificially roughened
airfoils. The roughness to chord ratio was Rz /c=4�10−4, which
just exceeds the ks,adm threshold �Eq. �1�� at Rec=2.5�105 �as-
suming Rz�ks for this case�. The trend for the smooth airfoil in
Fig. 6 follows the conventional wisdom that losses fall �efficiency
rises� as Rec increases up to a plateau around Rec=5�105. The
rough blade losses show the opposite trend of increasing losses
above this Rec threshold. Boundary layer measurements con-
firmed that this rise in profile loss was due to the turbulent bound-
ary layer separation on the airfoil suction surface. As Rec in-
creases, the thinning boundary layer creates a more pronounced
roughness effect �increasing ks /��. As such, roughness-induced
momentum losses in the turbulent boundary layer at midchord
cannot overcome the diffusion on the aft portion of the blade.
While roughness does eliminate a small laminar separation bubble
at moderate Rec, the added viscous drag more than makes up for
this in the aggregate profile loss measurement. This finding is
particularly relevant since a large aeroengine at cruise experiences
core compressor Reynolds numbers from �1–2��106 �higher still

at take-off conditions�. Schaffler �48� emphasized this same trend
of increased loss with inlet Reynolds number using polytropic
efficiency measurements from a five-stage high pressure compres-
sor rig. For blade surfaces with a roughness Reynolds number
only 60% higher than the admissible threshold, Schaffler reported
lower efficiencies �compared with smooth blades� beginning at
Rec=3.1�105 �first stage rotor Rec�. Since Rec increased by a
factor of 2 through Schaffler’s five-stage high pressure compres-
sor, the last stage was clearly above the “knee” in the profile loss
curve reported by Leipold et al. �Fig. 6�. Thus, roughness effects
that would not be evident from a low Reynolds number compres-
sor cascade test can become critical during actual engine opera-
tion.

In 1972, Bammert and Milsch �30� published an oft-referenced
study operating a low-speed compressor cascade with five
sandgrain roughness levels: 2.3�10−4�ks /c�5.6�10−3. The in-
let Reynolds number was fixed at Rec=4.3�105 and the Mach
number was 0.11. They reported increases in profile losses from
2% to 10% over this range of roughness, largely due to trailing
edge separation on the suction surface. They also noted reduced
turning with increased roughness, which would certainly affect the
efficiency of the subsequent blade row by altering the incidence
angle. Thus, a follow-on study by Bammert and Woelk �77� using
a three-stage axial compressor with comparable sandgrain rough-
ness levels on all three stages of airfoils produced a 6–13% loss in
efficiency and up to 30% loss in overall pressure ratio. Similar
cascade profile loss increases were reported by Elrod and King
�78� although their sand roughness �2�10−3�ks /c�9�10−3�
was only applied to the leading 25% of the suction surface �to
simulate regions typically affected by erosion�. Elrod et al. also
found that roughness effects were overshadowed at elevated
freestream turbulence levels �up to 5%�. This finding runs counter
to the observations of Schreiber et al. �79� who studied roughness
effects on transition in a compressor cascade using liquid crystals
�0.7�106�Rec�3�106�. They noted that elevated freestream
turbulence �up to 4%� actually increased the frequency of turbu-
lent wedges forming in the wake of discrete roughness elements in
an otherwise laminar boundary layer. Thus, the effects of rough-
ness and freestream turbulence on transition were complementary
or synergistic. Incidentally, the study of Leipold et al. was con-
ducted with 2–3.5% turbulence while Bammert and Milsch’s fa-
cility had less than 1%. Schreiber et al. also visually corroborated
previous findings that an increasing flow Rec amplifies the effect
of roughness on early transition, thus reducing laminar separation
zones.

One of the few compressor roughness studies on a transonic
rotor, by Suder et al. �80�, concluded that roughness decreases
performance by increasing shock losses. Roughness laden paints
were applied to a research rotor �relative tip Mach number=1.48
at design speed� with roughness Reynolds numbers more than five
times the threshold value of 100. At design speed, roughness and
increased blade thickness �due to the paint thickness� both pro-
duced efficiency decrements of 3% �with a combined 9% reduc-
tion in pressure ratio�. By systematically applying the paints to the
rotor blade leading edges and then trailing edges only, Suder et al.
determined that the effect of roughness on the shock-boundary
layer interaction at the leading edge of the airfoil was responsible
for the measured losses in performance. Roughness �and added
paint thickness� over the first 2% of blade chord caused a thick-
ening of the boundary layer. Subsequent interaction of this thick-
ened boundary layer with the rotor passage shock created in-
creased blockage and reduced diffusion in the blade passage. The
effect of roughness was much less pronounced at lower operating
speeds �only 1–2% effect on efficiency at 60% design� as would
be expected due to the lower Re �lower ks /�� and the absence of
shocks.

The critical role of compressor blade leading edge modification
due to degradation �erosion or deposition� has been well re-
searched �3,7,65,67,81�, usually without considering the compli-

Fig. 6 Compressor cascade loss measurements for rough and
smooth blades versus Rec „Fig. 8 from Leipold et al. †70‡…
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cating effects of surface roughness. One exception to this is the
recent work by Gbadebo et al. �37� who studied roughness effects
on endwall separation in a low-speed single-stage compressor fa-
cility �Rec=2.7�105�. The first 20% chord on the stator blades
was modified by attaching emery paper with a grain size to match
the roughness Reynolds number of a modern turbofan engine at
takeoff with a typical surface condition of Ra�2 �m. Measure-
ments showed significant increases in hub endwall losses �up to
15%� on the suction side of the airfoil due to three-dimensional
endwall separation triggered by the leading edge roughness. The
affected region extended to 30% span �Fig. 7�. At the same time,
midspan profile losses and tip endwall losses were virtually unaf-
fected. Roughness applied downstream of the suction peak had no
perceptible effect on profile or endwall losses.

Centrifugal compressors have considerably higher single-stage
pressure ratios �2–4� compared with axial compressors �1.2–1.5�
and the flow is generally not transonic. Efficient compressor per-
formance is often dictated by the interaction of the impeller with
the diffuser and collector. Useful one-dimensional models have
been developed by Wiesner �31�, Simon and Bulskamper �33�,
and Benra et al. �82� among others. The results show similar
trends to those cited above, namely, an increased detrimental ef-
fect of roughness with increasing Reynolds number. Relative
roughness size is referenced to the impeller discharge height �b2�
or hydraulic diameter �dh�, and roughness effects become signifi-
cant for ks /dh�3�10−4. Roughness influences centrifugal com-
pressor loss through the same fluid mechanisms of earlier transi-
tion, increased boundary layer losses, and flow separation.

5 Roughness in Turbines
Axial flow turbines are distinguished from compressors by sev-

eral key design features. First, they are designed to extract work
from an expanding flow. Since the static pressure is falling in the
flow direction, boundary layer separation is �generally� not as
critical and blade designs can be much more aggressive �i.e.,
higher turning� than in an axial flow compressor stage. Conse-
quently, there are far fewer turbine stages than compressor stages
since the stagnation enthalpy drop through one turbine stage can
be used to drive three to five compressor stages. Higher blade
loading requires thicker airfoils; hence turbine airfoils can have
maximum thickness to chord ratios in excess of 25%. Because of
this, airfoil trailing edges are thicker creating larger wake losses.
Also, the flow in many first stage �high pressure� turbines is tran-
sonic, with choked nozzles during normal operation. Thus main-
taining minimum passage �throat� areas is critical for efficient

operation at the design flow coefficient. The other distinctive fea-
ture of turbines is their proximity to the combustor exit. Turbine
inlet temperatures for modern gas turbines regularly exceed ma-
terial limits of the most exotic single crystal Ni-based alloys.
Thus, since the 1960s, hollow turbine vanes and blades have been
fed with compressor discharge air to alleviate the effects of ther-
mal fatigue. In the past two decades, this internal cooling has been
augmented with elaborate film cooling passages and external ther-
mal barrier coatings �TBCs� to protect the structural metal. De-
signers now routinely depend on these “thermal management”
systems to allow higher firing temperatures �	1800 K� than tur-
bine metals can withstand. Due to these added complexities, tur-
bines now account for a disproportionate amount of the overall
gas turbine cost, both in terms of R&D and operating costs. It is
perhaps no surprise then that most of the gas turbine roughness
research in recent years has been devoted to turbine applications.
For example, over three times as many turbine roughness articles
�compared with compressor roughness articles� were used in the
preparation of this review, and roughly half of them are related to
heat transfer as opposed to aerodynamic loss. The following is a
summary of major findings from these articles. Surface roughness
effects on turbine film cooling are addressed in Sec. 6.

While compressors must deal with ingested foreign matter in-
cluding aerosols, airborne salts, pollutants, and foreign objects
that may deposit or cause erosion, any large particles are generally
broken up into micron-sized dust ��7 �m� by the time they reach
the turbine �83�. However, this does not mean that the turbine is a
pristine environment without its own degradation mechanisms.
Ash bearing fuels used in land-based turbines can rapidly clog
cooling holes and reduce choked passage throats �84,85�. Also,
due to the high turbine inlet temperatures, many of the airborne
contaminants that pass through the compressor can become mol-
ten in the turbine, agglomerating in significant quantities �83�. As
deposits adhere to ceramic turbine coatings �TBCs�, coating re-
moval by delamination �or spallation� can occur creating local
roughness features comparable to the boundary layer dimensions
�0.2–0.5 mm� �17,86,87�. Thus, it is critical to understand both the
aerodynamic and thermal penalties associated with surface rough-
ness in turbines.

Perhaps because of the mitigating factors outlined above �i.e.,
elevated operating temperatures�, there have been relatively few
roughness studies on actual operating turbines compared with
compressors. In 1972, Bammert and Sandstede �88� applied emery
grain roughness to a 703 kW four-stage research turbine and re-
ported a 10% drop in overall efficiency for ks /c=0.00765. An

Fig. 7 Contours of total pressure rise coefficient at the exit of compressor stator for
„a… smooth and „b… LE roughness only conditions. Rec=2.7Ã105

„Fig. 2 from Gbadebo
et al. †37‡….
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additional 3% efficiency loss was attributed to the increased blade
thickness �emery grains plus the adhesive layer�. They recom-
mended maintaining turbine surfaces to a finish below ks /c of
0.001 �Rek�500�. Recently, Yun et al. �89� conducted a similar
study by adding sandpaper roughness to a single-stage 15 kW
research turbine. By carefully matching the blade thickness for the
smooth and rough test cases, they measured efficiency losses due
only to surface roughness that was slightly larger than the findings
reported by Bammert and Sandstede �up to 19% drop in � for
ks /c=0.0067�. Another full turbine rig test with roughness was
conducted by Boynton et al. �90� with the Rocketdyne Space
Shuttle Main Engine �SSME� two-stage fuel side turbine �axial
chord �2 cm�. Polishing the rotor and stator airfoil surfaces from
Rq=10 �m down to 0.76 �m yielded a 2.5% increase in turbine
efficiency. A series of follow-on experiments was conducted by
Blair �69� and Dunn et al. �91� to discern whether the same benefit
could be expected for blade surface heat transfer. Blair applied
large grain sand �ks /c�0.004� to a large scale �c�15 cm� stage
and a half research turbine and found dramatic increases in local
heat transfer compared with the smooth-wall case. The most sig-
nificant effect �100% increase in local St� was caused by early
roughness-induced transition on the suction surface. Stanton num-
ber increases in turbulent boundary layer regimes �e.g., on the
pressure surface� were a more modest 20–30%. Dunn et al. �91�
subsequently measured surface heat transfer on a replica of the
same SSME turbine used by Boynton et al. �90� but with a surface
roughness of Rq=15 �m and Rz=84 �m �Rz /c�0.004�. Lacking
a smooth-blade data set for direct comparison, Dunn et al. used a
CFD calculation of Boyle and Civinskas �50� to conclude that the
surface was not rough enough to produce a measurable increase in
heat transfer. Although Taylor et al. �92� later argued that the use
of smooth heat flux gauges of Dunn et al. may be inappropriate
for accurate rough surface heat transfer measurement, the primary
factors leading to this apparent contradiction between the results
of Blair �69� and Dunn et al. �91� can be explained by dimensional
scaling arguments. Although the sandgrain size employed by Blair
�Rz=ks=660 �m� was selected to be an eight times geometric
scaling of the measured turbine roughness used by Dunn et al.
�Rq=15 �m and Rz=84 �m� to match the different blade chord
ratios, Boyle and Civinskas �50� postulated that sand roughness
and blade forging roughness do not have the same ks /Rz conver-
sion. In addition, the study by Blair operated at a higher Reynolds
number �5.8�105� than the experiment of Dunn et al. �3.8
�105�. Both Recx values were significantly lower than that used
in the aerodynamic study of Boynton et al. �8.9�105�.

Thus we again see the critical role that Reynolds number plays
in determining the significance of surface roughness effects in

turbines �as was outlined above for compressors�. There are sev-
eral excellent studies that document the synergies between Recx
and roughness effects in turbines �52,54,56,93�. One of the more
cogent discussions is provided by Boyle and Senyitko �43� who
applied a ZrO-laden spray-on coating to a high pressure turbine
vane cascade. The average Rq were 1.6 �m and 18.2 �m for the
smooth and rough vanes, respectively �estimated ks /c=0.00084
for the rough vane�. The test facility had the capability of varying
Mach and Reynolds numbers independently. Figure 8 contains
two of the wake loss coefficient plots from this study, for exit
Mach numbers of 0.5 and 0.9. Note that the Rec based on true
chord shown in the figure can be adjusted down to the Recx based
on axial chord by multiplying by 0.5. Symbols are shown for
several levels of freestream turbulence: 1% �no grid�, 4.5% �small
grids no air�, 8% �small grids with air�, and 17% �large grids with
air�. All of the data show a trend of increasing roughness effect on
vane losses with increasing Reynolds number �up to a 50–60%
loss increase at the higher Rec�. The increased loss is attributed to
both roughness-induced transition and increased turbulent bound-
ary layer momentum losses. For some low Rec cases, roughness-
induced transition actually prevented laminar boundary layer
separation on the suction surface thus lowering the overall vane
losses compared with the smooth-wall case. The threshold for a
rough-wall loss benefit occurred near Rec=5�105 for Mex=0.9
�slightly lower at Mex=0.5� �Fig. 8�. Hummel et al. �61� explored
a similar exit Recx range �5.6–11��105 in a linear rotor blade
cascade with spanwise grooves applied to the blade surfaces.
Their grooved surface roughness height was smaller �0.8�10−5

�Ra /c�8�10−5� than the range used by Boyle and Senyitko
�1.2�10−5�Ra /c�14�10−5� and they found a correspondingly
smaller profile loss increase �20–50% versus 40–60%�. At the
lowest Reynolds number tested �Recx=5.6�105�, Hummel et al.
did not find a region of roughness benefit. The low Re benefit only
occurs if a smooth-wall laminar separation is prevented by
roughness-induced transition, which depends strongly on the air-
foil profile and loading. Low pressure turbine airfoils are more
prone to experience this benefit, as will be discussed later. The
blade profiles used by Hummel et al. are significantly different
from the nozzle guide vanes in Boyle and Senyitko’s cascade,
which may explain the different observations. It is possible that
the low Re roughness benefit may be muted when considering
multiple blade rows or multistage effects since neither Bammert
and Sandstede �88� �3�105�Rec�6�105� nor Yun et al. �89�
�Rec�2�105� found evidence of this phenomenon in their full
rig tests cited above.

The Boyle and Senyitko �43� data shown in Fig. 8 also include

Fig. 8 Area-averaged loss coefficient versus Rec for HP vane cascade at exit Mach number=0.5 and 0.9
„Figs. 6„a… and 4„a… from Boyle and Senyitko †43‡…. „RecxÉ0.5 Rec….
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the combined effect of roughness with freestream turbulence. For
the conditions studied �1–17% turbulence�, turbulence alone ap-
pears to have some of the same low and high Reynolds number
effects on losses as roughness; however, roughness effects domi-
nate when the two are present simultaneously. This is not a uni-
versal finding, as a number of other studies have shown. In flat
plate wind tunnel studies, Bogard et al. �16� found the two effects
�roughness and freestream turbulence� to be additive for heat
transfer augmentation, meaning that the increased heat transfer
with both roughness and turbulence present was approximately
equal to the sum of the heat transfer increase measured with each
one alone. Bons �64� described a synergistic effect of combined
roughness and turbulence on cf due to the fuller turbulent bound-
ary layer producing higher momentum loss on the protruding
roughness peaks. Bunker �93� measured vane heat transfer in a
linear cascade with both roughness and freestream turbulence �4–
12%� at much higher Recx ��2–5��106� and found the effects to
be at least additive. Zhang and Ligrani �58� �Recx=6�105� report
similar results for cascade aerodynamic losses with combined
roughness and freestream turbulence �up to 8%�. The Boyle and
Senyitko �43� data �Fig. 8� also show roughness-induced losses to
be fairly insensitive to cascade exit Mach number. This finding is
corroborated in the data sets of Yuan and Kind �62� and Zhang et
al. �94� as well as the low pressure turbine work of Vera et al.
�75�. Thus, roughness effects deduced from low-speed experi-
ments are relevant as long as the Reynolds number, roughness
scaling, and freestream turbulence levels are representative of en-
gine conditions.

The aerodynamic loss studies referenced above universally
identify the suction surface as the region most susceptible to
roughness effects. In fact, several researchers applied roughness
exclusively to the suction surface to demonstrate this fact conclu-
sively �34,89,95�. As explained previously, losses generated on the
suction side are strongly dependent on the interplay between sepa-
ration and transition, and roughness can have a significant effect
on both of these phenomena. While the efficiency of a turbine
stage depends on the mass-averaged losses at the exit, heat trans-
fer is a phenomenon of local concern. For example, if roughness-
induced transition prevents separation on the suction surface at
low Re, it may ultimately reduce the stage losses and improve
efficiency. However, local levels of heat transfer at the transition
location will see an increase of up to a factor of 2–3 compared
with the smooth-wall condition where laminar separation was
present. Vane heat transfer data from Stripf et al. �60� shown in
Fig. 9 provides an excellent example of the local heat transfer
augmentation caused by roughness-induced transition. Note that
the Re1 values shown in the figure are based on true chord and
inlet velocity. It is estimated that the corresponding Recx values
would be 60% larger. The data were acquired in a HP vane cas-
cade with truncated cones of various geometries and spacings
etched onto the surface. The legend contains the identifier for each
roughness case. The two numerical digits indicate the height of
the cones in microns �k=Rz�, while the −s indicates a sparse sepa-
ration and a −m is a closer spacing �e.g., r40-s is roughness with
40 �m high truncated cones at sparse spacing�. The vane chord

Fig. 9 Vane Nu data for various Re and Tu. „Fig. 6 from Stripf et al. †60‡.… „1.6 Re1ÉRecx…
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was 94 mm so the largest Rz /c ratio was 8.5�10−4. Using a
correlation derived from Waigh and Kind �96�, Stripf et al. esti-
mated ks /Rz�2 for the −s cases and ks /Rz�5 for the −m cases.
At low freestream turbulence, the authors indicate that transition
on the suction surface takes place via a short laminar separation
bubble while the flow is completely laminar on the pressure sur-
face due to the strong flow acceleration there. Roughness has the
effect of eliminating the suction side separation in favor of a by-
pass transition mode that moves upstream with roughness size.
The effect is more pronounced at higher Reynolds numbers and
freestream turbulence levels. Roughness contributed to early
boundary layer transition on the pressure surface only at the high-
est Re1 tested �2.5�105�. Stagnation point heat transfer also
shows an increase with roughness, up to 25% for the largest
roughness considered. Bunker �93� reported similar trends for an
order of magnitude higher Reynolds number in his transonic lin-
ear vane cascade �c=12.75 cm�. Figure 10 shows the heat transfer
coefficients measured at Recx=4.7�106 and Tu=9%. As with the
data set of Stripf et al., transition moves forward on the suction
surface as roughness level is increased by an order of magnitude
from Ra=0.4 �m �Rz /c=1.8�10−5� to 4.5 �m �Rz /c=2.2
�10−4�. Stagnation heat transfer showed a slight increase, al-
though this was within the experimental uncertainty. Outside of
the leading edge and transition regions, Bunker found that heat
transfer scaled roughly as Rz0.25 for all of the turbulent boundary
layer results. The heat transfer increases of 20–40% shown in Fig.
10 are consistent with rough-wall turbulent boundary layer heat
transfer studies conducted in numerous flat plate wind tunnel fa-
cilities �16,56,64,92�.

Two recent studies have explored the influence of roughness on
end-wall secondary flows in turbines. Matsuda et al. �95� mea-
sured the profile and endwall total pressure losses in a large-scale
vane cascade with varying degrees of surface polish �0.8�10−5

�Rz /c�8.4�10−4�. The freestream turbulence level in the tun-
nel was low �0.5%� and Rec was varied �0.3–1��106. Figure 11
contains a summary of profile loss measurements from their study.
Roughness causes a significant rise in loss for Rz /c�2.5�10−4.
Incidentally, Matsuda et al. also found a roughness benefit at low
Re similar to Boyle and Senyitko �43� for Rec�4�105 �not
shown�. Contour maps of pressure loss �Fig. 12� show a marked
rise in endwall losses as well for the large roughness cases �a net
increase of up to 50% for the largest roughness case�. When
roughness is added to the endwall �for the largest roughness case�,
an additional 30% net loss is measured. The authors attribute this
increased loss to secondary flows �vortices� that roll up
roughness-effected low momentum fluid from the boundary layer.

The magnitude of endwall loss increase is larger than that reported
by Gbadebo et al. �37� for compressors. It’s unlikely that the effect
is due to separation losses on the endwall since Fig. 12 shows no
appreciable movement of the endwall loss structure away from the
hub �as was observed by Gbadebo et al., Fig. 7�. Using the same
linear vane cascade cited earlier �60�, Stripf et al. �73� explored
vane surface heat transfer in the endwall-effected region �with
smooth endwalls and a spanwise boundary layer trip near the vane
leading edge�. Similar to Matsuda et al. �95�, they found that vane
roughness did not appreciably alter the size of the endwall-
effected region. However, turbulent heat transfer in this region
increased up to 80% with the largest vane roughness �k /c�3.2
�10−4�, compared with 40% at midspan �Recx�4�105 and Tu
=4% and 8%�. Without a leading edge boundary layer trip, the
midspan heat transfer increase was over 600% due to the
roughness-induced transition at this low Recx, whereas the end-
wall heat transfer increase was still only 80%. Roughness-induced
endwall heat transfer increases are of particular concern for tur-
bine designers since the rotor endwall is a region of aggravated
mechanical stress as well.

As with the compressor, many of degradation mechanisms that
produce surface roughness in the turbine also result in undesirable

Fig. 10 Vane heat transfer coefficient data for various Ra at Recx=4.7
Ã106 and Tu=9% „Fig. 12 from Bunker †93‡….

Fig. 11 Turbine vane total pressure loss data from Matsuda
et al. †95‡ for various Rz /c for three values of Rec and Tu
=0.5%. „RecxÉ0.7 Rec… „Fig. 7….
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geometry modifications. Examples include rotor tip wear �97�,
leading edge deposit buildup �98�, and large surface steps created
by TBC spallation �56�. Studies of the impact of these geometry
modifications typically neglect the associated surface roughness
effects since they are considered to be of secondary importance.

6 Roughness Effects on Film Cooling
Film cooling is employed in high pressure turbine stages to

provide a layer of cooler air near the metal surface. The prolifera-
tion of film cooling and TBCs has allowed gas turbine firing tem-
peratures to continue rising over the past two decades. Since the
highest heat load occurs in the stagnation zone, multiple spanwise
rows of compound angle holes are typically used in this region.
Additional streamwise-aligned film cooling rows are often found
on the pressure surface and near the leading edge on the suction
surface as well. Film holes can either be cylindrical or fan-shaped
at the exit. The fan shape provides for additional diffusion of the
coolant and thus better surface coverage over a wide range of
coolant flowrates. Film cooling performance is evaluated using
the film cooling effectiveness parameter �= �Ts−T� / �Tc−T�,
which is generally spanwise or area-averaged in the region down-
stream of the film holes. Figure 13 shows the effect of roughness
on film cooling effectiveness as reported by Rutledge et al. �99�.
For their study, Rutledge et al. used a distributed array of conical
roughness elements �ks /c�8.4�10−4� on the surface of a film-
cooled HP turbine vane in a low-speed linear cascade �Recx�5
�105�. The trends in the data of Fig. 13 are typical of the results
obtained by others �51,100–102�. At low blowing ratios �M
=�cUc /�U�, roughness reduces the film effectiveness while at
high blowing ratios, roughness can actually improve film effec-
tiveness by limiting jet lift-off from the surface. Surface rough-
ness degrades performance at low blowing ratios through two
mechanisms. First, rough surfaces produce thicker boundary lay-
ers and thus lower near-wall velocities compared with smooth
surfaces. This produces a higher “effective” blowing ratio for the
roughness-thickened boundary layer, which can lead to jet lift-off
at lower values of M. Second, roughness generates significant
near wall turbulence that dissipates coolant more rapidly. Card-
well et al. �103� measured a 30% decrease in endwall film cooling
effectiveness due to a combination of these two roughness-
induced effects using a vane cascade identical to Rutledge et al.
�99�. Their cascade endwall was roughened with 32-grit sandpaper
�Ra=0.23 mm and ks�0.64 mm� while the vane surface was

smooth. Film cooling effectiveness alone does not capture the full
effect of roughness on film cooling since roughness also enhances
surface heat transfer. When the combined effects of film cooling
effectiveness and heat transfer are properly accounted for, the re-
sult can be a 30–70% increase in surface heat flux with roughness
�99� �compared with a smooth surface�. Considerable attention
has also been given to the damaging effect of flowpath obstruc-
tions on film effectiveness, either from deposits �104,105� or TBC
residual �106�.

7 Roughness Modeling for CFD
Although the focus of this article is the experimental measure-

ments of roughness effects, a brief summary of roughness model-
ing is included here for completeness. For more detail, the reader
can consult any of the excellent references listed in this section. In
order to accurately predict the effect of roughness on turboma-
chinery aerodynamics and heat transfer, models must be devel-
oped that account for roughness effects on boundary layer devel-
opment and transition. Three different modeling strategies have
been employed to this end: �1� adding a roughness sensitivity to
the turbulent eddy viscosity near the wall; �2� accounting for

Fig. 12 Turbine vane total pressure loss data from Matsuda et al. †95‡ for Rec=8.7Ã105 and Tu=0.5%: „„a…–„d……
rough vanes with smooth endwall; „e… rough C7 vane with rough endwall. „RecxÉ0.7 Rec… „Figs. 9 and 15….

Fig. 13 Area-averaged film effectiveness versus blowing ratio
for roughness elements upstream, downstream, or both up-
stream and downstream „“all”… of film holes on vane cascade.
Rec=1Ã106

„RecxÉ0.5 Rec… and Tu=6% „Fig. 5 from Rutledge
et al. †99‡….
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roughness blockage, heat transfer, and obstruction drag through a
“discrete-element model” �DEM�; and �3� fully discretizing the
roughness features.

The majority of turbulence models in use today incorporate the
turbulent eddy viscosity ��t� somehow in their formulation. Ac-
cordingly, the most common method of accounting for roughness
is to make �t a function of roughness height. For example, Boyle
�50,107� incorporated Cebeci and Chang’s �108� roughness model
into a 2D Navier–Stokes solver used for turbine heat transfer pre-
dictions by modifying a version of the Baldwin–Lomax turbulent
eddy viscosity model. For a rough surface, the turbulent length-
scale �and thus �t� in this zero-equation model increases with the
equivalent roughness height �ks

+�, effectively eroding the effect of
viscous damping near the wall �e.g., van Driest damping�. Similar
implementations have been employed by others �37,69�. Alterna-
tive strategies incorporate roughness into the wall boundary con-
dition for �t �62,109,110� or � �in k-� turbulence model �43,65��
or through modified wall functions �53,111�. Using the Cebeci and
Chang model, Boyle and Senyitko reported reasonably accurate
predictions for vane profile loss �43� but not for vane heat transfer
�112�. This result was only achieved with fine-tuning of both a
ks /Rq correlation and a roughness-induced transition model. The
fundamental weakness of these models is their reliance on ks to
characterize the roughness. Even if some consensus could be
reached as to the proper conversion from “real” roughness to
“equivalent sand” roughness �see discussion above�, the rough-
ness “equivalence” �as proposed originally by Schlichting� was
only for skin friction �cf�. Therefore, the use of the same ks for
predictions of heat transfer or boundary layer transition in addi-
tion to cf is fundamentally flawed. An excellent review of this
issue is given by Aupoix and Spallart �109� and Stripf et al. �74�.
In essence, extrapolating from roughness effects on cf to St is
problematic since Reynolds analogy �2St /cf �const� is inappro-
priate for rough surfaces �59� and gas turbine flows in general
�113�.

A popular alternative to ks-based roughness models is the
“discrete-element” approach. This method accounts for the rough-
ness by extra terms in the governing equations, which represent
the flow blockage due to the roughnesses and the drag and heat
flux on roughness elements �74,92,114–116�. As such, it is not
dependent on the appropriateness of Reynolds analogy and does
not require a sand-roughness equivalent. Although originally de-
veloped for ordered roughness elements �e.g., spheres and cones�,
this method has been successfully applied to real randomly rough
surfaces as well �117,118�. In its current form, the discrete-
element method is not formulated for three-dimensional unsteady
flowfields and thus has seen limited application to turbomachinery
flowfields.

Theoretically, the reliance on roughness models could be elimi-
nated if the roughness is fully resolved with the computational

grid. Bons et al. �119� presented a comparison of cf and St pre-
dictions for a 3D Reynolds-averaged Navier–Stokes �RANS�
solver and a 2D discrete-element model. The 3D RANS solver
�with Spalart–Allmaras turbulence model� required over 1�106

cells to adequately resolve the surface features on a 240
�60 mm2 patch of scaled turbine roughness �Fig. 14�. Figure 15
shows a comparison of the predicted percent increase in cf and St
for the 3D RANS versus the DEM versus an experimental mea-
surement. The results show only marginal differences between the
two models, although the 3D high spatial fidelity RANS simula-
tion requires two to three orders of magnitude more computational
time for this flat plate turbulent boundary layer test case. Clearly,
fully resolving surface roughness features in complex turboma-
chinery flowfields is beyond current computational resources.
Even if the surface roughness is eventually accommodated by the
computational grid, there will remain the issue of boundary layer
transition. Many of the roughness model implementations cited
above fail to provide accurate predictions for cf and St because
they do not adequately model the effect of roughness on transi-
tion. Recently, several transition models have been proposed with
roughness sensitivity �43,72,74,120�. Stripf et al. �73� combined a
discrete-element roughness formulation with a two-layer model of
turbulence and a roughness-sensitive transition model to obtain
very good agreement with suction surface heat transfer coefficient
distributions in a linear turbine vane cascade �Fig. 16�.

8 Engineered Roughness for Improved Performance
Because of the beneficial effect of surface roughness in over-

coming laminar boundary layer separation at low Reynolds num-
bers by inducing early transition, roughness has been explored as
a form of passive flow control in many turbomachinery applica-
tions. Ishida et al. �121� applied a 40-grit sandpaper to the hub-
side only of a vaneless diffuser for a centrifugal blower and re-
ported increased stall margin �up to 42%� due to the suppression
of three-dimensional separation at low flow rates. The additional
pressure drop due to the locally rough wall was less than 1% of
the entire pressure rise for the blower. Boese and Fottner �122�
studied the application of spanwise aligned v-groove type riblets
to a highly loaded compressor cascade and found similar success
controlling separation on the suction surface. Their optimal
v-groove configuration reduced the total pressure loss coefficient
up to a maximum of 5% within the range 1.5�105�Rec�11
�105. Riblet heights in excess of 210 �m �k /c=1.2�10−3 and
k+=21� caused turbulent boundary layer separation thus increas-
ing profile losses. Optimal performance was for a rib with a height
of k+=9 and a spacing of s+=18. Several passive flow control
studies have been conducted on low pressure turbine cascades
using various roughness elements including trip wires �123,124�,
roughness �75�, spanwise ribs �75�, scallops �125�, v-grooves

Fig. 14 „a… Cutting plane showing the viscous adaptive Cartesian grid for a 240Ã60 mm2 patch of erosion roughness. „b…
Surface grid on the erosion surface showing grid refinement near leading edge. From Bons et al. †119‡.
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�126�, and dimples �126�. All have shown reasonable success at
low Reynolds numbers as expected, although the results are some-
times obscured with the addition of upstream wakes. For rotor tip
flow control, Rao et al. �127� artificially roughened the outer rotor
casing in their single-stage HP turbine facility and found a signifi-
cant reduction in leakage mass flow rate and a reduction in mo-
mentum deficit for the core of the tip vortex. They speculated that
the observed change was due to the roughness-induced increases
in the casing boundary layer thickness, thus allowing less mass

and momentum flux through the tip gap. Although in many of
these cases the same level of roughness could arise due to the
natural degradation processes, it is unlikely to occur in precisely
the magnitude and location desired by the designer. Thus, strate-
gically engineered roughness may become more commonplace in
gas turbines of the future. Although unrelated to the topic of this
study, engineered roughness elements in the form of cross stream
and angled ribs are routinely used to augment heat transfer in
internal turbine cooling passages as well.

Fig. 15 Comparison of percent change in cf and St from experiment and
computation „3D RANS and DEM…. Two different roughness surfaces: fuel
deposit and erosion. Zero pressure gradient turbulent boundary layer with
Re=1Ã106. From Bons et al. †119‡.

Fig. 16 Comparison of predicted and measured suction side heat transfer coefficient on a linear vane cascade for
various roughness heights „k…, turbulence levels „Tu1…, and Re1. „1.6 Re1ÉRecx… „Fig. 6 from Stripf et al. †73‡….
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9 Summary and Conclusions
The adverse effects of surface roughness caused by natural deg-

radation processes in gas turbines have been studied for over half
a century. Both compressors and turbines are affected by this phe-
nomenon. While there is some consensus as to the general trends,
accurate models for predicting roughness effects on profile losses
and surface heat transfer are still beyond our present capability.
This is largely due to the rich parameter space required to ad-
equately characterize roughness �e.g., size, shape, spacing, and
blade location�. The broad use of the equivalent sandgrain rough-
ness characterization �ks� has hampered modeling since it does not
account for different roughness effects on skin friction, heat trans-
fer, and boundary layer transition. Discrete-element and high res-
olution CFD models are making significant progress to overcom-
ing this shortcoming. Yet, there is still significant work to be done
in the area of roughness modeling. The proper accounting of
roughness effects on boundary layer transition is a critical aspect
of this modeling conundrum. Finally, current roughness models
are universally validated with experimental data from ordered
roughness elements. Thus, the proper application of these models
to the more random roughness characterizations typical of ser-
viced gas turbine hardware is a topic worthy of considerable at-
tention.

Nomenclature
B � log law constant

M � Mach number film cooling blowing ratio,
�cUc /�U

Nu � Nusselt number
Ra � centerline average roughness

Rec � Reynolds number based on true chord and inlet
or exit conditions �for compressor or turbine
respectively�, unless otherwise noted

Recx � Reynolds number based on axial chord and
inlet or exit conditions �for compressor or tur-
bine respectively�, unless otherwise noted

Rek � roughness Reynolds number �ksU /��
Rex � Reynolds number based on streamwise dis-

tance �x�
Rq � rms roughness
Rz � average peak to valley roughness
St � Stanton number �h /�cpU�
T � temperature

Tu � freestream turbulence level �%�
U � velocity
b2 � centrifugal impeller discharge height
c � vane or blade true chord

cf � skin friction coefficient
cp � specific heat at constant pressure
cx � vane or blade axial chord
dh � hydraulic diameter
h � heat transfer coefficient
k � roughness height

k+ � dimensionless roughness parameter �ksu� /��
ks � sand roughness or equivalent sand-roughness

height
ks,adm � admissible sand roughness

t � roughness spacing
u � velocity

u+ � dimensionless velocity �u /u��
u� � shear or friction velocity �� /��1/2

x � streamwise distance
y+ � dimensionless wall distance �yu� /��
� f � mean forward facing angle roughness param-

eter from Bons �59�
� � boundary layer thickness
� � von Karman constant �0.41�

	s � roughness shape density parameter from Sigal
and Danberg �49�


 � roughness shape density parameter from Kind
et al. �34�

�c � compressor pressure rise
� � fluid density
� � efficiency

�film � film cooling effectiveness �Ts−T� / �Tc−T�
� � boundary layer momentum thickness
� � viscosity
�t � turbulent eddy viscosity
� � kinematic viscosity
� � total pressure loss coefficient

Subscripts
c � compressor or coolant

ex � exit conditions
in � inlet conditions
s � surface
tr � boundary layer transition
 � freestream conditions
1 � inlet conditions
2 � exit conditions
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Predictions of Turbulent Flow for
the Impeller of a NASA
Low-Speed Centrifugal
Compressor
The turbulent flow inside a low-speed centrifugal compressor at design condition is
investigated using large-eddy simulation (LES) comprising of up to 26�106 computa-
tional volume cells. Unlike in the past, the current study’s special emphasis is placed on
the turbulence field evolution inside the impeller. LES predictions suggest that the Bouss-
inesq hypothesis does not seem to be valid, especially near the exit of the impeller where
the blade unloading takes place. Reynolds stress variations show a tendency toward an
“axisymmetric expansion” type of turbulence after the impeller exit for which the
subgrid-scale stress contribution shows a monotonic decrease. Probability density func-
tion analysis for the leakage flow show that instantaneous velocities in the wake region
are less intermittent as compared with those in the jet. Time spectra analysis display also
another feature that the energy cascade proceeds at a higher rate and lasts longer in the
wake region than in the tip jet region. �DOI: 10.1115/1.3140824�
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1 Introduction

The centrifugal compressor is a pressure raising turbomachin-
ery component in which the fluid flow is subjected to strong cen-
trifugal and Coriolis forces. Centrifugal compressors produce
higher operating flatter efficiency than axial compressors over a
wide range of rotational speeds. However, the efficiency and the
performance can be severely affected by the nonuniformities and
the unsteadiness of the flow caused by the geometrical character-
istics of the centrifugal compressor.

Numerous experimental and numerical studies provided in-
sights into the understanding of the basic flow physics in centrifu-
gal turbomachinery. The “jet-wake” flow phenomenon was first
revealed by Dean and Senoo �1� and was later confirmed by Eck-
ardt �2�. The origin and development of the wake region can be
strongly altered by the tip clearance flow in unshrouded centrifu-
gal compressors. Hah and Krain �3� showed that the swirling flow
and the vortex motion inside the unshrouded impeller are greatly
influenced by the relative motion between the rotating impeller
and the stationary shroud and, hence, they suggested that the tip
clearance should be properly modeled. Hathaway et al. �4� and
Zhang et al. �5� simulated the flow in an unshrouded compressor
and failed to predict accurately both the size and the original
location of the wake region. Byskov et al. �6� presented the earli-
est large-eddy simulation �LES� predictions for the complex flow
in a centrifugal pump. Later, Kato et al. �7� produced typical aero-
acoustics studies for a centrifugal pump.

In spite of these studies, there is still a lack of understanding
regarding the turbulence field evolution inside the centrifugal tur-
bomachinery. Therefore, this study is dedicated to show the tur-
bulence behavior based on a well resolved LES.

2 Numerical Aspects

2.1 LES and the Numerical Solver. In direct numerical
simulation �DNS�, all turbulent scales have to be resolved. In
large-eddy simulation, on the other hand, only the larger scales are
resolved and the smaller ones are modeled via a subgrid-scale
�SGS� model. In order to rigorously account for the large scale
behavior in the presence of modeled small scales, a filtering op-
eration is performed. The filtered continuity and Navier–Stokes
equations read as

� ūi
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respectively. The third term on the left hand side of Eq. �2� is the
Coriolis force contribution. As is customary, the centrifugal force
is combined with the pressure gradient since it is conservative.
The last term of Eq. �2� represents the contribution of the SGS
stresses that are modeled using the wall-adapting local eddy-
viscosity �WALE� model �8�. The WALE model is based on the
square of the velocity gradient tensor and represents the near-wall
behavior better than the classical Smagorinsky model �9�. In the
WALE model, the SGS viscosity becomes
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d �3/2 becomes O�y+3�. The denominator
of Eq. �3� is O�1� since Sij is O�1�. In order to avoid ill condi-
tioning, �Sij

d Sij
d �5/4 is added in to the denominator. �Sij

d Sij
d �5/4 is

O�y+5/2� and negligible near the wall. With this form, Eq. �3�
becomes O�y+3�. In the Smagorisnky model �9�, on the other

hand, the SGS viscosity reads as vt= �Cs��2�S̄�, where Cs is the

1Corresponding author.
Contributed by the Turbomachinery Division of ASME for publication in the

JOURNAL OF TURBOMACHINERY. Manuscript received June 19, 2007; final manuscript
received February 6, 2008; published online January 11, 2010. Review conducted by
Nick Cumpsty.

Journal of Turbomachinery APRIL 2010, Vol. 132 / 021005-1Copyright © 2010 by ASME

Downloaded 28 May 2010 to 128.113.26.88. Redistribution subject to ASME license or copyright; see http://www.asme.org/terms/Terms_Use.cfm



model coefficient and �S̄�=�2S̄ijS̄ij. The SGS has the incorrect
wall behavior of O�1� since Sij is O�1�.

The governing differential equations for Eqs. �1� and �2� are
solved via a finite volume technique based on the projection
method �10�. For all calculations, a bounded central differencing
scheme is used. A full second-order implicit scheme is applied for
the temporal discretization. The pressure-implicit with splitting of
operators �PISO� algorithm and pressure staggering option
�PRESTO� scheme are adopted for the velocity-pressure coupling
and the pressure interpolation, respectively. The set of linearized
equations are solved by the Gauss–Seidel method, which is
coupled with an algebraic multigrid method to accelerate conver-
gence.

2.2 Case Model and Flow Conditions. In this paper, LES
results for the NASA low-speed centrifugal compressor �LSCC�
�4� are presented for the first time in the open literature. Low-
speed centrifugal compressors are more suitable for the current
established LES methodologies than their high-speed counterparts
considering the Reynolds number and the compressibility effects.
The variation in density throughout the compressor is negligible,
as shown by Moore and Moore �11� for the NASA LSCC. This
results in justifying the use of an incompressible flow assumption
which further eliminates the concerns regarding the subgrid-scale
modeling and the boundary condition implementation accompa-
nying the case of compressible LES.

The LSCC was designed to duplicate the essential flow physics
in a high-speed subsonic centrifugal compressor. In fact, Hatha-
way et al. �4� showed that the LSCC results are similar to the
results presented for the high-speed centrifugal compressor
�12,13� and concluded that the NASA LSCC is also representative
of the prevalent flow features in a typical high-speed unshrouded
centrifugal compressor. Therefore, to validate the current numeri-
cal predictions, we used the experimental data of Hathaway et al.
�4�.

The NASA LSCC is composed of two parts: a backswept im-
peller and a vaneless diffuser. The impeller has 20 full blades with
a 55 deg backsweep angle. The design tip speed, Ue, is 153 m/s
according to the experimental measurements. Inlet and exit diam-
eters of the impeller are 87 cm and 152.4 cm, respectively.
Heights of the impeller blades at the inlet and the exit are 21.8 cm
and 14.1 cm, respectively. This corresponds to a tip clearance

percentage of 1.165 and 1.8 at the inlet and the exit, respectively.
For the LSCC, the design mass flow rate is 30 kg/s and the rota-
tional speed is 1862 rpm.

A three-dimensional view of the LSCC blade passage is shown
in Fig. 1. The shroud is removed for the sake of clarity. Semitrans-
parent periodic boundaries provide a better view of the impeller
blade �colored white� and the hub �colored black�. Upstream and
downstream regions of the impeller follow the inlet and the exit of
the blade angles, respectively.

2.3 Grid Distribution. Meridional cross-sectional stations
are divided into five subregions for ease of a structured grid lay-
out. In the simulated geometry, there are 13 impeller stations �12
sections� accounting for 60 computational blocks created to geo-
metrically outline the impeller. Including 5 blocks in the upstream
and 40 blocks downstream of the impeller passages; this number
increases to 105. Three grid topologies, namely, the coarse mesh
�CM�, the medium mesh �MM�, and the fine mesh �FM�, are
adopted in this study to delineate the grid dependency. For all grid
topologies, the mesh is refined near the hub and at the tip of the
blade. Along the pitchwise direction and in the tip clearance re-
gion, uniform grid spacing is utilized. A structured grid is also
adopted along the meridional direction. Near the leading edge of
the impeller blade, the grid is refined as dictated by the high
curvature regions of the leading edge. In order to avoid highly
skewed cells, the grid is “body-fitted” near the high curvature
regions. The meridional and the cross-sectional views of the grid
distribution are depicted in Fig. 2. The entire grid distribution for
the centrifugal compressor, including upstream and downstream
of the impeller regions are tabulated in Table 1. More information
about the grid distribution can be found in Ref. �14�.

2.4 Boundary Conditions and Rotation Model. In the cur-
rent study, the multiple reference frame �MRF� model �15� is
adopted for the flow rotation in a centrifugal impeller. The MRF
model requires a specification of the rotation rate for each subdo-
main. Zero rotation, therefore, represents a stationary flow. The
flow in the impeller �0�mi /m�1� is assumed to be rotating with
the same rotational speed as that of the impeller �1862 rpm�.
Therefore, the impeller blades and the attached hub surfaces are
also rotating at 1862 rpm. No-slip boundary conditions are applied
at the shroud walls. Upstream �mi /m�0� and downstream

Fig. 1 Three-dimensional view of the LSCC blade passage
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�mi /m	1� impeller zones are assumed to be stationary and hence
no-slip boundary conditions are also applied for the hub and
shroud walls in these regions. As shown by the semitransparent
surface in Fig. 1, periodic boundaries are located at the midpitch.
These periodic boundaries are extended upstream and downstream
of the impeller by following the blade inlet and exit angles, re-
spectively. Available experimental data of velocity components at
the inlet station �mi /m=−0.38� are interpolated to the computa-
tional grid and used as the velocity inlet boundary condition. The
two-dimensional random vortex method �16� is utilized to perturb
the inlet flow field. At the outlet, the velocity variables are ex-
trapolated from within the domain and have no effect on the up-
stream flow. The extrapolation procedure results in a reasonable
pressure gradient not only from the pressure side �PS� to the suc-
tion side �SS�, but also provides a realistic variation in pressure
variation from the hub to shroud sides. Therefore, a consistent
blade loading in agreement with the experimental measurements
is achieved with the current outflow condition.

2.5 Temporal and Spatial Resolution. The time step is cho-
sen in such a way that one blade passing is completed in 100 time
steps. This corresponds to 2000 time steps to complete one full
impeller revolution. LES calculations are performed 10,000 time
steps �five full impeller revolutions� to reach the statistically sta-
tionary state. Another 30,000 time steps �15 full impeller revolu-
tions� are performed to collect the flow statistics. Since the impel-
ler rotational speed is 1862.4 rpm, one revolution is completed in
3.2�10−2 s and, hence, one blade passing lasts 1.6�10−3 s.
Therefore, the time step �t� becomes 1.6�10−5 s. To find out
whether the adopted time scale is adequate enough to capture the
small scales, the time scales associated with larger scales �T
=k /
�, the Taylor time scales ��t=15� /
�1/2 and the smallest time
scales �the Kolmogorov time scales, �= �� /
�1/2� are calculated as
area-averaged values on the meridional stations and compared
with the physical time step size chosen for the LES cases. As
shown in Fig. 3�a�, the adopted numerical time step is even
smaller than the Kolmogorov time scale for the meridional
stations.

The estimation of the spatial �grid� resolution is based on the
same calculation principles as that of the temporal resolution. In

this case, the larger length scales �L=k1.5 /
�, the Taylor length
scales ��= �10 �k /
�1/2�, and the Kolmogorov length scales ��
= ��3 /
�1/4� are calculated and compared with the filter length
��=V1/3� of the three different grid topologies. Figure 3�b� shows
the location of the adopted grid topologies among these length
scales. Generally, the CM lies between the larger length �L� and
the Taylor ��� length scales. In the context of LES, the CM seems
to be acceptable according to Fig. 3�b�. However, since the aim of
the current study is to reveal refined flow physics, then at least a
Taylor scale resolution is required. This is achieved with the MM
everywhere in the computational domain apart from the blade
wake region �1�mi /m�1.1�. The FM case provides much better
resolution, since it is even smaller than Taylor scales without any
exceptions.

3 Results and Discussion

3.1 Grid Dependency. Figure 4 shows the meridional veloc-
ity distribution from the impeller inlet to the impeller exit at mid-
pitch for two spanwise locations. The flow accelerates gradually
starting from the impeller inlet till mi /m=0.3 for 50% span and
mi /m=0.25 for 90% span then decelerates continuously. The de-
celeration of the flow is often referred to as diffusion �pressure
conversion� of the flow. The diffusion rate of the flow is higher at
90% span due to the effect of the wake region, which will be
discussed later in detail. The MM results are consistent with the
FM results. The CM results, on the other hand, display marked
differences compared with the FM results, especially at 90% span.
To summarize, the grid sensitivity test shows that mean flow re-
sults of the MM and FM cases coincide, suggesting that at least
for the meridional velocity field grid dependency is reasonably
achieved. Due to the space limitation, y+ distributions are not
shown. However, detailed information about y+ distributions is
available in Ref. �14�.

3.2 The Reverse Flow Mechanism. The flow reversal is
thought to be an undesirable feature in centrifugal compressors, as
for many turbomachinery applications. At the design flow rate, it
is attributed to the extremely complex flow field existing therein.
There is little understanding of this complex flow phenomenon,

Fig. 2 Coarse grid distribution on the meridional plane „a… and on the cross-sectional
plane „b…

Table 1 Grid distribution for the centrifugal compressor

Streamwise Spanwise

Pitchwise Total �106�Upstream Impeller Diffuser Tip Blade

CM 50 284 123 4 40 40 0.9
MM 100 512 144 8 80 80 7
FM 120 791 200 16 120 150 26
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which consequently affects design strategies adopted for advanced
compressor designs. In order to find out whether this feature also
exists in this particular configuration, the best way would be to
investigate the meridional velocity and the flow streamlines along
the meridional plane. The previous discussion on the meridional
velocity was limited to a 90% span. In this section, the meridional
variation is demonstrated close to the casing.

Meridional velocity contours close to the impeller exit at 30%
and 50% pitch from the PS are displayed in Figs. 5�a� and 5�b�,
respectively. The flow is found to be more susceptible to separa-
tion at the impeller exit along the midpitch location due to the
strong deceleration. In fact, a closer view near the impeller exit
shows the existence of reverse flow. The flow detaches from the
shroud just before the impeller exit but soon after attaches in the
diffuser region. A vortex bubble is formed within the separation
region. At midpitch, it is seen that the vortex has a meridional
length of around 3.5 cm and a spanwise length of 0.9 cm. Whereas
the vortex size is significantly reduced along the 30% pitch.

3.3 Turbulence Mechanism in the LSCC. Information about
the turbulence behavior in a centrifugal compressor is very limited
and is not very well known. In this section, the LES predicted
turbulence field evolution is investigated in detail by examining
attributes from the turbulent kinetic energy, the production of tur-
bulence, the contribution of the SGS viscosity, the Reynolds stress
anisotropy, the probability distribution function �PDF�, and the
power spectral density �PSD� analyses.

The normalized kinetic energy distributions �100��k /Ue,
where k is the turbulent kinetic energy and Ue is the tip velocity�

at selected meridional cross sections �perpendicular to streamwise
direction� are shown in Fig. 6. At mi /m=0.149, turbulence is ini-
tially created near the suction side/hub corner. The tip jet, which
originates due the pressure difference between the pressure and
suction sides, moves in the opposite direction of the compressor
rotation, convecting turbulence into the passage. At mi /m=0.475,
corresponding to the enlargement of the wake, turbulence is dif-
fused toward the pressure side. Near the SS, a turbulent region is
formed due to the increase in the boundary layer. The same level
of turbulence is not seen near the PS. At mi /m=0.644, turbulence
is diffused further corresponding to the enlargement of the wake.
Turbulence near the blade root on the SS is higher in comparison
to the previous station, which is due to the interaction of the
boundary layer with the tip jet. At mi /m=0.921, the maximum
turbulence level is reduced, but the extent of the region subjected
to significant turbulence is increased.

The production of turbulence Pii=−2	uiuk
�Ui /�xk, which is
discussed here only in terms of streamwise components, is pro-
portional to the velocity gradients and the Reynolds stresses. All
the turbulent quantities are normalized with the tip velocity, Ue
and the exit radius of the impeller, re. Figure 7�a� shows the

Fig. 3 Time „a… and grid resolution „b… of LES study for LSCC

Fig. 4 Meridional velocity comparisons for LES cases at 50%
„a… and at 90% „b… span form the hub
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gradient of meridional velocity at mid pitch. The primary flow
accelerates until mi /m�0.35. The tip clearance flow, on the other
hand, decelerates at a high rate. After the onset of the wake around
mi /m�0.40, the primary flow decelerates but at a low rate. The
deceleration of the flow in the wake region is hence reduced, and
the meridional velocity gradient becomes positive near the exit
due to the blade unloading. The Reynolds normal stresses in the
meridional direction at midpitch are shown in Fig. 7�b�. The varia-
tion in the meridional normal stress is in accordance with the
variation in the turbulent kinetic energy. This stress is mostly pro-
duced in the wake region. Highest stresses are observed as soon as
the wake develops. Stresses decrease after mi /m=0.55, since the
effect of curvature decreases. Figure 7�c� shows the production of
the turbulence. The sign of the turbulence production is dictated
by the velocity gradients. Near the shroud, low values of turbu-

lence production are located for mi /m�0.35 and close to the im-
peller exit. On the other hand, high values of turbulence produc-
tion are located where the meridional normal stresses are high.
One can also observe from the same figure that turbulence pro-
duction is reduced in conjunction with a decrease in meridional
normal stress. If only the wake is considered, one notices that a
limited qualitative agreement exists between the meridional nor-
mal stress and the meridional velocity gradients. The highest
stress level regions are where the highest velocity gradients occur,
whereas the stresses are reduced in response to a decrease in ve-
locity gradients. However, the blade unloading effect is not actu-
ally seen by the stresses and the negative meridional velocity gra-
dients from the inlet of the impeller do not start till around
mi /m=0.35.

Figure 8 shows the correlation between the turbulent intensity

Fig. 5 Meridional velocity variation and reverse flow mechanism near the
impeller exit: „a… 30% pitch from PS and „b… 50% pitch from the PS

Fig. 6 Normalized turbulent kinetic energy distribution at cross-sectional planes: mi /m=0.149 „a…,
mi /m=0.475 „b…, mi /m=0.644 „c…, and mi /m=0.921 „d…
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and the SGS viscosity. One notices from this figure that both the
turbulent intensity and SGS viscosity continuously increase till the
exit of the impeller. However, when the blade wake is formed,
there is a sharp rise in the turbulent intensity. The response of the
SGS viscosity, on the other hand, is slightly delayed. In the dif-

fuser section, the trend is slightly different, where the turbulent
intensity stays approximately constant at around 17% and the SGS
viscosity gradually decreases. Thus one can safely conclude that
in the impeller section, turbulence is strongly correlated with the
SGS viscosity.

The cross-sectional average values of the Reynolds stress an-
isotropy bii �=aij /2k, where aij = 	uiuj
−2 /3k�ij� are demonstrated
in Fig. 9. The diagonal terms of the Reynolds stress anisotropy are
defined in terms of radial �brr�, tangential �btt�, and axial �bww�
values. The radial component, brr, is seen to be negligible in the
impeller. Tangential and axial components are, however, seen to
correlate inversely in the impeller. In the diffuser section in terms
of direction and level the axial and radial components follow the
previously stated trend. However, the evolution of the tangential
component is such that its magnitude is equal to the sum of the
other two components. This anisotropy in Reynolds stress varia-
tion shows a tendency toward an axisymmetric expansion type of
turbulence. This is attributed to the decrease in curvature effects.

In the context of the turbulence, the temporal history of the
instantaneous velocity field is also extremely important. At station
mi /m=0.644, seven equidistant points �“b,” “d,” “e,” “f,” “g,”
“h,” and “i”� were predefined in the tip clearance region. The
distance between each of these points was set to approximately
15% of the pitch. Instantaneous radial velocities were monitored
at each of these points for at least 30 blade passing periods. In

Fig. 7 Meridional velocity gradient „a…, meridional normal stresses „b…, and production
of turbulence „c… at midpitch

Fig. 8 Turbulence intensity variation „left y-axis… shown with
open symbols and contribution of SGS viscosity „right y-axis…
shown with filled symbols
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addition to the points in the tip clearance region, two more moni-
toring locations were predefined at 90% span, one being close to
SS labeled as “a” and the other being close to the PS labeled as
“c.”

As tabulated in Table 2, it is found that the point a, which is
near the SS, has a negative skewness and the point c, which is
near the PS, has a positive skewness. The point b, which is located
in the tip clearance gap between the points a and c, has almost
zero skewness and therefore its probability density function
closely approximates a Gaussian distribution. At these locations
�points a, b, and c�, instantaneous velocity values seem to display
less intermittency than the other points. The intermittency rate of
a signal determines the level of flatness �or kurtosis� of the PDF.
As seen in Table 2, the points a, b, and c have higher flatness
values. Starting from the point a �around 15% pitch�, the intermit-
tency �or flatness� increases, and the PDF profiles become flatter.
This tendency continues till the point f �around 45% pitch�. At
points g, h, and i, peak values of the PDF gradually increase
without a significant change in skewness. To conclude, the PDF
profiles suggest that instantaneous velocity values in the wake and

around the blade tip are less intermittent �i.e., more peaky�,
whereas they are highly intermittent �i.e., flatter� within around
50% pitch from the SS. It is also noted that the skewness of the
PDF profiles is low in the wake region and slightly positive within
around 50% pitch from the SS.

The energy spectrum is calculated via a fast Fourier transform
�FFT� algorithm incorporating a Hamming window. The inertial
subrange region for the energy spectrum for points a, b, and c
have a slope higher than 5/3, as shown in Table 3. It is noted
that the slope and the extent of the inertial region are maximum
for the point b. At point a, the slope and the extent is less than the
corresponding values at point b. At point c, they are reduced even
further as compared with point a. At point e �30% of the pitch�,
there is a significant deviation from the Kolmorogov’s 5/3 slope.
In fact, the energy containing region and the dissipation regions of
the energy spectrum seem to lie very close to each other. The
point f and onwards, both the slope and the range of the inertial
region increases till the PS side. To conclude, the spectrum analy-
sis shows that the energy transfer rate from the larger scales to the
smaller scales and the frequency range where the inertial region is
deemed valid increase as one approaches the wake from the SS.

4 Conclusion
In this study, LES predictions are presented for a low-speed

centrifugal compressor. Quantitative mean velocity and pressure
predictions show that grid convergence is achieved. The leakage
flow emanating across the tip clearance gap between the blade and
the shroud causes a strong secondary flow, which is directed from
the SS to PS. This alters the mean flow and the turbulence in the
blade passage significantly. As emphasized numerous times, the
mean flow comprises a jet region and a corresponding wake re-
gion located near the SS and PS, respectively. Time-averaged me-
ridional contours indicate that a significant reverse flow exists
near the shroud surface, which is believed to have an adverse
impact on the isentropic efficiency and the performance of the
compressor.

Unlike the past studies, this study has undertaken a detailed
mapping of the turbulence behavior in the LSCC. The tip clear-
ance produces a noticeably high turbulence region, which is con-
strained by the hub surface region. The Boussinesq stress-strain
relation frequently employed by turbulence modelers is seen to be
incorrect, especially near the exit of the impeller where the blade
unloading takes place. The anisotropy of the Reynolds stresses is
found to be correlated with the reducing effect of curvature. PDF
profiles suggest that the instantaneous velocity values in the tip

Fig. 9 Reynolds stress anisotropy variation

Table 2 Skewness and flatness of the instantaneous data at some particular points

a b c d e f g h i

Skewness 0.45 0.07 0.56 0.12 0.18 0.13 0.08 0.03 0.06
Flatness 3.24 3.06 3.00 2.69 2.55 2.63 2.56 2.84 2.88

Table 3 The range and rate of the energy transfer process associated with the time spectra of
the instantaneous data at some particular points

a b c d e f g h i

Min. freq. �103� 1.5 2.8 0.5 0.7 3.4 2.1 1.3 1.8 1.0
Max. freq. �103� 5.5 8.5 2.5 6.6 7.4 6.3 5.7 6.5 6.0
Difference �103� 4.0 5.7 2 4.9 4.0 4.2 4.4 4.7 5.0
Slope 3.4 4.6 2.3 1.6 1.2 2.0 2.7 3.8 3.1
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wake are less intermittent as compared with the values in the tip
jet. Energy spectra profiles also highlight unambiguously the local
nature of the energy cascade process, i.e., it proceeds at a higher
rate and lasts longer in the wake region than in the tip jet region.
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Aerothermal Impact of Stator-Rim
Purge Flow and Rotor-Platform
Film Cooling on a Transonic
Turbine Stage
The sealing of the stator-rotor gap and rotor-platform cooling are vital to the safe op-
eration of the high-pressure turbine. Contrary to the experience in subsonic turbines, this
paper demonstrates the potential to improve the efficiency in transonic turbines at certain
rim seal rates. Two types of cooling techniques were investigated: purge gas ejected out
of the cavity between the stator rim and the rotor disk, and cooling at the rotor-platform.
The tests were carried out in a full annular stage fed by a compression tube at M2is
�1.1, Re�1.1�106, and at temperature ratios reproducing engine conditions. The sta-
tor outlet was instrumented to allow the aerothermal characterization of the purge flow.
The rotor blade was heavily instrumented with fast-response pressure sensors and
double-layer thin film gauges. The tests are coupled with numerical calculations per-
formed using the ONERA’s code ELSA. The results indicate that the stator-rotor interac-
tion is significantly affected by the stator-rim seal, both in terms of heat transfer and
pressure fluctuations. The flow exchange between the rotor disk cavity and the main-
stream passage is mainly governed by the vane trailing edge shock patterns. The purge
flow leads to the appearance of a large coherent vortex structure on the suction side of
the blade, which enhances the overall heat transfer coefficient due to the blockage effect
created. The impact of the platform cooling is observed to be restricted to the platform,
with negligible effects on the blade suction side. The platform cooling results in a clear
attenuation of pressure pulsations at some specific locations. The experimental and com-
putational fluid dynamics results show an increase in the turbine performance compared
with the no rim seal case. A detailed loss breakdown analysis helped to identify the shock
loss as the major loss source. The presented results should help designers improve the
protection of the rotor platform while minimizing the amount of coolant used.
�DOI: 10.1115/1.3142859�

1 Introduction
Ensuring an adequate blade life at the temperatures reached in

today’s advanced engines requires efficient cooling methods. In
high-pressure turbine stages, cold air is ejected from the cavity,
which exists between the stator rim and the rotor disk, to avoid
hot gas ingress into the wheelspace interface. Recent publications
�1,2� demonstrated that the cold cavity flow is mostly sucked into
the rotor hub vortex, leaving the rear platform directly exposed to
the hot gas. The consequent high thermal stress leads to a critical
mechanical stress buildup at the hub platform. Active platform
cooling is therefore applied to ensure appropriate thermal insula-
tion of the blade root and to avoid platform cracking. Additionally,
the ejection of coolant from the rear part of the rotating platform
protects the hub trailing edge �TE� region.

According to McLean et al. �3�, turbine designers should con-
sider three important parameters when designing a high-pressure
turbine stage with active wheelspace cooling. First, the coolant
temperature in the wheelspace should be below the critical mate-
rial temperature. Second, the rim seal flow rate should be adjusted
to minimize �a� the aerodynamic losses due to mixing with the
mainstream flow and �b� the windage losses due to the rotational
drag within the same wheelspace cavity. Finally, purge flow ef-
fects on the rotor endwall heat transfer should be taken into ac-

count. The complex flowfield inside the wheelspace cavity has
been described by various researches on simplified rotating cavi-
ties �4–6�, neglecting the interaction between the purge flow and
the mainstream flow. The cavity-mainstream interaction with the
leakage flow being extracted from the mainstream has been docu-
mented by several authors �7–10�. Several research groups have
been investigating the effects of rotating and stationary pressure
asymmetries for the past decade �11–15�. At engine conditions,
circumferential pressure asymmetries are the primary cause of
partial ingestion �3�. The mass flow exchange between the turbine
mainstream and the rotor disk cavities is driven by vane trailing
edge shock systems, rotor-stator potential interactions, vane
wakes, and secondary flow. According to Roy et al. �16,17�, the
main factors are the vane/blade geometry, axial spacing, configu-
ration of the seals, main and purge air flow rates, and rotor speed.
Marini and Girgis �18� investigated the efficiency sensitivity to
cavity flows using computational fluid dynamics �CFD� with two
platform shapes. Montomoli et al. �19� studied numerically the
interaction of the wheelspace coolant and main flow in an aero-
derivative low pressure turbine. All the aforementioned authors
concluded that purge flow affects significantly the main gas
stream.

Platform film cooling investigations have been predominantly
conducted on linear cascades. One of the earliest studies on plat-
form film cooling was carried out by Blair �20� using an upstream
slot in a large-scale turbine vane passage. Harasgama and Burton
�21� conducted heat transfer and aerodynamic measurements in an
annular cascade fitted with vanes under engine-representative flow
conditions. Their results show that film cooling reduced the Nus-
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selt number on the suction side �SS� by about 50%, suggesting
that the coolant was convected toward that region by the passage
vortex. Friedrichs et al. �22� described in detail the aerodynamic
aspects of platform film cooling using the ammonia and diazo
technique. Based on the cooling effectiveness distributions mea-
sured in a large scale low-speed turbine cascade, it was concluded
that the film cooling traces moved toward the suction side. The
coolant film was found to be eroded by the secondary flows, being
pushed toward the suction side, thus leading to an increase in
aerodynamic losses due to the mixing process.

Experimental studies on film cooling and heat transfer per-
formed on a rotating turbine are scarce in the open literature,
primarily due to the difficulties in instrumenting rotating parts.
Dring et al. �23� investigated film cooling performance in a low-
speed rotating facility and showed that the film coolant experi-
enced only a small radial displacement on the suction side, similar
to flat plate results. On the pressure side �PS�, the film coolant
trace followed an important radial displacement toward the blade
tip. Heat transfer effectiveness distributions along the blade span
for rotating turbine blades were obtained by Takeishi et al. �24�
and Abhari and Epstein �25� using, respectively, gas chromatog-
raphy and thin film heat flux gauges. Blair �26� also studied the
heat transfer on the pressure and suction sides, as well as on the
hub platform for a rotating turbine model. Enhanced heat transfer
was observed on the platform due to the effect of the secondary
flows. Recently, Ahn et al. �27� investigated film cooling effec-
tiveness on the leading edge �LE� of a rotating blade using pres-
sure sensitive paint �PSP�. The rotational speed was found to alter
significantly the film coolant traces on the blade leading edge.
Suryanarayanan et al. �28,29� measured film cooling effectiveness
on a rotating turbine blade platform using PSP in a two-stage
subsonic turbine. Furthermore stator rim purge flow was investi-
gated, providing information on the optimum purge flow rate.

The present work aims to quantify and understand the influence
of stator-rim purge flow and of rotor-platform film cooling on the
aerothermal flowfield in a transonic high-pressure turbine. This
research in transonic turbines is, to the authors’ knowledge, re-
ported for the first time in the open literature. The acquired data
will help to validate advanced CFD models, and the result analy-
sis will contribute to understand the flow interactions occurring in
cooled transonic turbines.

The tests were carried out in a full stage under engine-
representative conditions. The von Karman Institute compression
tube multipurpose turbine research facility was equipped with new
blades and modified to accommodate the present film cooling re-
search.

In the present paper, the turbine test rig, coolant supply system,
advanced instrumentation, and CFD tools are first described. The
results of the study are then shown and explained. The purge flow
interaction with the mainstream is analyzed from measurements at
the vane exit rotor leading edge and rotor blade platform, along
7.5% and 15% of the rotor blade height. Numerical computations
calibrated with the experimental results complement this study
and allow deeper insight into the flow phenomena. Finally, a tur-
bine efficiency analysis is carried out to compare measured data
and CFD results. Kacker and Okapuu’s detailed loss breakdown
correlations are used to identify the different loss component con-
tributions.

2 Turbine Description and Test Conditions
The tests were performed in a full high-pressure transonic tur-

bine stage operating at engine-representative conditions. Figure 1
represents the current turbine stage, together with a meridional cut
showing the path of the coolant to the wheelspace cavity and the
rotor platform. The nozzle guide vane is composed of 43 front-
loaded vanes, designed to operate in the transonic regime �30�.
The vane to vane channel is therefore convergent with a flat rear
suction side. The rotor is made up of 64 highly loaded transonic
rotor blades. The highly loaded blades are designed with an inlet

metal angle of about 45 deg and a turning of about 105 deg to
contain the secondary flows. Negative blade lean further reduces
secondary flows in the tip region.

The platform cooling is applied to a sector of 17 contiguous
blades. The coolant comes out of the platform through five cylin-
drical holes inclined at 30 deg and located in the platform region
close to the rotor blade rear suction side. The stator-rim purge
flow coolant is injected radially toward the main channel, as
shown in Fig. 1

The inlet total pressure and inlet total temperature are kept con-
stant for all test conditions, respectively, at 1.59 bars and 442.3 K
�at midspan�, resulting in a vane outlet Reynolds number �based
on the true chord� of Re=1.1�106.

Table 1 summarizes the four coolant ejection conditions tested:
mass flows, pressure ratios, and nondimensional mechanical
speed. The wheelspace and coolant mass flow rates are expressed
as a percentage of the mainstream mass flow rate. They were
devised to allow differentiation of the respective effects of the
purge flow and the platform film cooling, as well as the effect of
the rotational speed. Henceforth, the different test conditions are
named with reference to the coolant mass flow ingested �negative
values� or ejected �positive rim seal� from the wheelspace cavity.
The baseline test, i.e., no active cooling, performed at the design
speed �6500 rpm�, is characterized by net hot gas ingestion into
the wheelspace cavity chamber �0.128 m3� initially at vacuum,
thus called ingestion �1%.

The main parameters of the rim seal and rotor-platform cooling
are listed in Table 2. Regarding the purge flow, the nondimen-
sional cooling mass flow rate and rotational Reynolds numbers are
similar to real engine conditions. Concerning the rotor platform,
the operating conditions were selected to have a blowing ratio
below 1.35.

Fig. 1 Turbine stage and rotor-platform coolant path

Table 1 Test conditions „mass flow, pressure ratios, and non-
dimensional mechanical speed… and uncertainty

Condition
ṁpurge
�%�

ṁcoolant
�%� P01 / Ps3 N /�T

Ingestion �1% �1.00 0.020 3.13 301.3
Ejection +0.3% 0.28 0.043 3.14 301.2
Ejection +0.8% 0.76 0.040 3.10 300.7
Low-rpm 0.15 0.038 3.14 212.4
Uncertainty �0.04 �0.004 �0.016 �0.05
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3 Experimental Apparatus

3.1 Test Rig. Measurements were performed in the compres-
sion tube turbine test rig CT3 at the von Karman Institute �31�,
illustrated in Fig. 2�a�. The sudden release �0.4 s� of hot gas on to
the cold turbine airfoils reproduces the heat transfer process of a
real engine. Such operation allows preserving the temperature ra-
tios at identical Reynolds and Mach numbers. The operation cycle
of the rig is fully described by Dénos and Paniagua �32�.

3.2 Measurement Techniques. Advanced instrumentation is
required to adequately capture the aerothermal impact of film
cooling and interstage purge flow ejection on turbine efficiency
under real engine conditions. The radial aerothermal profile is
obtained at the turbine inlet and outlet �planes 1 and 3 in Fig. 2�b��
using Kiel probes, static pressure taps, and miniaturized type K
thermocouples. The static pressure at the vane exit �plane 2,
0.035�CS,ax downstream of the vane trailing edge� is measured at
five locations along the hub endwall, covering one stator pitch.
The wheelspace cavity is instrumented on the stator rim �at
R /R0=0.944� with five pneumatic taps and five subsurface
mounted fast-response transducers. The rotor blade static pressure
is measured on the platform surface with six high frequency re-
sponse pressure sensors. The stagnation pressure at the rotor lead-
ing edge �at 15%, 50%, and 85% of the height� is obtained with
recessed Pitot probes, as depicted in Fig. 2�c�. The heat transfer is
measured along the blade airfoil at 7.5% and 15% span with thin
film gauge resistors mounted on an insulating substrate. On the
cooled rotor platform, foil thermocouples are mounted underneath
the thin film gauges to retrieve the heat flux, as shown in Fig. 2�d�.
Two independent measurement systems monitor the rpm, using
photodiodes.

Table 3 gives the typical absolute measurement uncertainties.

3.3 Heat Transfer Data Processing. At the present flow re-
gimes, the adiabatic wall temperature �Taw� is frequently assumed
as the temperature driving the heat flux process. This choice al-
lows the determination of the heat transfer coefficient indepen-
dently from the actual thermal boundary conditions �33�. The heat
transfer coefficient thus becomes a function of the geometry, flow
field, and fluid properties:

haw =
q

�Taw − Twall�
�1�

The adiabatic wall temperature may be obtained by plotting the
experimental wall temperature in function of the heat flux. The
wall temperature extrapolated at zero heat flux rate corresponds to
the adiabatic wall temperature. However, temperature oscillations
experienced in the current short testing facility prevent an accu-
rate fit. A close approximation to the adiabatic wall temperature is
the recovery temperature, which can be calculated as follows:

Trecovery = Ts + r�T0 − Ts� �2�

T0 = �1 +
� − 1

2
· M2� · Ts �3�

where the isentropic Mach number M is based on the measured
upstream total pressure and the measured static pressure on the
rotor blade. A turbulent recovery factor Pr1/3=0.89 was assumed
�34�. This choice of the recovery temperature ensures that h and
Nu are reasonably independent of the thermal boundary condition.
This approach has been extensively used in the literature as found
in Ref. �35�.

The Nusselt number presented in all the plots is a scaled heat
flux, defined in terms of the airfoil axial chord, total inlet tempera-
ture minus the local wall temperature, and thermal conductivity
based on the local temperature. 2D heat conduction computations
have been performed to obtain the initial heat flux due to the
heating caused by the viscous drag dissipated during the spinning
up of the rotor. The experimental wall temperature time evolution
prior to the blowdown test was used as a boundary condition. Two
dimensional effects are seen to be significant at the leading and
trailing edges. It is proven that the actual heat flux during a test
can be calculated by superposition of the initial preheating heat
flux and the actual flux during the blowdown �36�.

3.4 Measurement of the Rim Seal and Platform Cooling.
During the blowdown, a heat exchanger cools down the coolant
flow. Figure 3�a� depicts the path followed by the coolant stream.
At the elbow pipes exit, the flow is vented through three possible
outlets:

• the internal chamber
• the rotor-platform film cooling
• injection into the wheelspace

The total supply mass flow to the test section is adjusted using
choked orifices �Pelbow�. The flow rate entering the inner chamber
is computed based on the volume of the chamber. The pressure
�Pchamber� and temperature in the chamber are monitored by pneu-
matic taps and microthermocouples. The mass flow fed into the
rotor blade is evaluated from the total pressure �Pcoolant� and tem-
perature measured in rotation inside the coolant channel, plus the
static pressure field distribution on the platform �obtained by the
CFD�. Finally, the mass flow into the wheelspace cavity is com-
puted by performing a mass balance.

Figure 3�b� shows pressure traces at different locations in the
coolant path together with the evolution of the stage total inlet
pressure P01 during the actual testing time ��0.4 s�. The coolant
injection starts at 0.35 s before the actual blowdown to allow the
coolant flow to reach steady state. Once the desired blowing ratios
are established, the high pressure and temperature mainstream gas
is blown into the stage, producing the sudden increase in P01. The
pressure rise in the mainstream channel pressurizes all the inner
cavities, remaining constant afterwards during the blowdown
time. At ejection +0.8%, 1.99% mass flow is pumped through the
elbow pipes and 1.19% flows into the inner chamber. The remain-

Table 2 Main nondimensional parameters of the rim seal and rotor-platform cooling

Condition

Rim seal Rotor platform cooling

Cw

Re�

��105� Blowing ratio Density ratio Momentum ratio

Ingestion �1% �16747 2.61 0.59 1.14 1.14
Ejection +0.3% 4886 4.26 1.35 1.38 1.38
Ejection +0.8% 13110 4.13 1.16 1.34 1.34
Low-rpm 2638 3.12 1.01 1.33 1.33

Journal of Turbomachinery APRIL 2010, Vol. 132 / 021006-3

Downloaded 28 May 2010 to 128.113.26.88. Redistribution subject to ASME license or copyright; see http://www.asme.org/terms/Terms_Use.cfm



ing coolant is split into 0.04% to cool the rotor and 0.76% to eject
into the warm turbine mainstream.

3.5 Turbine Mass Flow Evaluation. Due to the complexity
and size of the facility, it is difficult to install a standard metering
system such as venturi or orifice plates. Monitoring the location of

the piston, the total pressure, and the total temperature, it is pos-
sible to know the mass of air downstream of the piston at any time
and hence the mass flow:

ṁ =
d� · V

dt
=

P0tube

R · T0tube

dV

dt
=

P0tube

R · T0tube

dV

dt

�D2

4

dx

dt
�4�

To estimate all the quantities, a model performs balances of mass
flow and energy as a function of time in the different volumes of
the rig, i.e., the upstream tube, the settling chamber, and the
downstream dump tank �37�. This procedure requires the measure-
ment of the upstream total pressure P01, total temperature T01, the
estimation of the sonic throat area A, and the discharge coefficient

Fig. 2 „a… Meridional view of the turbine rig, „b… turbine measurement planes, „c… total pressure
sensors located at the rotor leading edge, and „d… Heat transfer instrumentation at 15% span, 7.5%
span, and on the rotor platform

Table 3 Typical uncertainty levels of the measurements

Psteady Punsteady Tsteady Nu rpm

�8 mbars �10 mbars �2 K 5% �0.22
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Cd. The turbine is assimilated to a sonic orifice; hence the mass
flow can be computed according to �38�

m = Cd
P01

�CpT01

A
�

�� − 1
	� + 1

2

−��+1�/2��−1�

�5�

Once the model is fitted to an ensemble of tests, a virtual test is
run under perfectly constant conditions. The mass flow conserva-
tion between the tube exit and the stage inlet can be applied and
the coefficients can be determined.

Table 4 summarizes the inlet mass flows evaluated according to
this procedure. The outlet mass flows are obtained adding or sub-
tracting the purge flow and rotor-platform coolant. Negligible dif-
ferences are appreciated on the turbine inlet mass flow, the disper-
sion remains within the random error estimated by statistical
analysis to be �0.1 kg/s.

4 Numerical Simulations
In order to better understand the flow features, numerical com-

putations have been conducted utilizing the ELSA flow solver de-
veloped at ONERA �39�. The CFD code ELSA solves the 3D–
Reynolds Averaged Navier-Stokes �3D-RANS� equations with a
finite volume method and multidomain approach on structured
grids. The Jameson centered scheme is implemented for spatial
integration, whereas the time integration is performed using the
backward Euler scheme. An iterative implicit phase and a local
time stepping are performed in order to accelerate convergence to

steady state. The turbulent closure is performed with Wilcox’s k-	
turbulence model.

The complex geometry is handled by the Chimera technique
with overlapping blocks, as well as refining blocks near the injec-
tion areas. Figure 4 outlines the grid blocks of the rotor. The main
flow path of the rotor blade is meshed with seven conformal
blocks including an O block around the blade, with 1.9�106

points. When overlapped by a finer mesh block, coarse grids are
blanked in order to avoid unnecessary computations and to ensure
accuracy of the flow solution in this region. Overlapping bound-
aries are taken into account with interpolations. All the techno-
logical features �rotor fillet, rotor hub disk leakage channels, plat-
form cooling channels, and cooling holes� are meshed using
simple topologies thanks to the Chimera technique. The stage con-
figuration comprises in a total of 5.25�106 points. The resulting
y+values at the wall are below 1 except in the rotor tip clearance
region.

Steady state simulations were performed using a mixing plane
approach. The mixing plane, where all quantities are pitchwise
averaged, was located upstream of the cavity. Therefore, vane
trailing edge shocks are not transferred downstream, but this ap-
proach serves to investigate the cavity-rotor interactions. Two dif-
ferent stage configurations were thoroughly studied:

• no wheelspace cavity, no platform film cooling
• wheelspace cavity and platform cooling

The stage inlet boundary conditions �radial profiles� were im-
posed based on the experimental values. The outlet profiles were
obtained from the measured static pressure at the hub and the
radial equilibrium equations. Walls are treated applying a no-slip
condition associated with a uniform temperature distribution
�Twall=289 K�. The boundary conditions to the cavity �at constant
radius� comprise the measured total temperature, the mass flow,
and the radial inlet flow in the absolute frame.

5 Aerothermal Results and Discussion

5.1 Inner Cavity Purge Flow. The core of the wheelspace
cavity flow is governed by the radial pressure gradient. The su-
personic vane outlet conditions create large pitchwise asymme-
tries. Close to the rotor disk, the high shear transfers momentum
to the gas, which is then pumped out of the cavity by centrifuga-
tion. The outer part of the wheelspace cavity region resembles the
well studied lid-driven cavity flow �40�. Regardless of the main-
stream nonuniformities, Fig. 5�a� shows how the pressure gradient
in the pitch-wise direction attenuates very rapidly along the depth

Fig. 3 „a… Coolant flow paths and „b… pressure signals along
the coolant path during a typical test

Table 4 Turbine inlet and outlet mass flow measured

Condition
ṁinlet
�kg/s�

ṁoutlet
�kg/s� �1.96


Ingestion �1% 9.94 9.84 0.073
Ejection +0.3% 9.91 9.94 0.109
Ejection +0.8% 9.88 9.96 0.104
Low-rpm 9.88 9.90 0.103

Fig. 4 Structure of the blocks used to mesh the rotor
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of the cavity �reducing R /R0�.
The pressure fluctuations on the stator rim were measured with

five subsurface piezoresistive sensors at R /R0=0.944. Figure 5�b�
displays the measurement locations. Each sensor is labeled ac-
cording to the vane pitch location �0 when aligned with the vane
leading edge�. Figure 5�c� shows the frequency spectrum of the
unsteady pressure measurements in the stator rim. Overall the
maximum fluctuations are around �0.4% of P01 for the ingestion
case. In the subsonic turbine investigated by Cao et al. �15�, the
maximum pressure fluctuations measured in the cavity were
around �0.5% of P01. In all cases the dominant frequency of the
fluctuations occurs at 64 events per revolution �around 6.8 kHz at
�1% and 4.8 kHz for the low-rpm�. Interestingly when flow is
purged through the cavity, a resonance frequency appears associ-
ated to the passage of two blades �half of the blade passing events�
while the amplitude of the fluctuations is reduced. The resonance
frequency is particularly clear at the low-rpm condition.

Figure 5�d� illustrates a zoom of the fluctuations close to the
fundamental frequency. It is important to observe that the sensor
located at vane phase 0.5 experiences a larger reduction in the
pressure oscillations than the other gauges; this indicates that the
impact of the vane shocks reaches inside the cavity.

5.2 Interaction of the Cavity and the Mainstream Flow.
The rim seal should be ejected while minimizing the aerodynamic
impact on the mainstream flow. Moreover, since the cooling gas is
usually extracted from the compressor, the coolant flow rate needs

to be diminished. This ensures that the gas turbine cycle efficiency
is preserved. Therefore, the study of the interaction between the
purged cavity flows and the mainstream is of vital importance.

Table 5 shows the statistics on the pressure ratio, the Mach
number downstream of the stator, and the degree of reaction. By
increasing the ejection rate, the purge cavity blockage is en-
hanced, leading to a lower Mach number downstream of the stator
and a smaller pressure ratio across the vane hub. As a conse-
quence, the rotor inlet Mach number decreases locally, modifying
the incidence in the relative frame and increasing the degree of
reaction at the hub.

The measurement of the static pressure, both at the hub vane
exit and in the wheelspace cavity �along the pitch�, allows identi-
fying the ingestion and ejection zones of gas in the stationary
frame. The static pressure distribution within the wheelspace cav-
ity and at the stator hub endwall �plane 2� is shown in Fig. 6 for
three conditions: �1%, +0.3%, and +0.8%. The static pressure
gradients decay very rapidly inside the wheelspace cavity �Fig.
5�a��, resulting in a constant level of pressure �at a given radius�
along the vane pitch. By contrast, Ps2 �the static pressure at the
vane exit hub endwall� varies by �19% around its mean level due
to the vane trailing edge shock pattern. The comparison of the
different conditions reveals that ejecting rim seal flow leads to a
higher increase in the static pressure in the cavity than at the vane
outlet. For each condition, the coolant ejection and ingestion
zones are clearly identified analyzing the different pressure levels.
A higher local pressure in the cavity than in the mainstream flow
leads to ejection of air out of the cavity, while the opposite situ-
ation leads to ingestion. Looking at Fig. 6, the mainstream gas

Fig. 5 „a… CFD static pressure distribution on the stator-rim
cavity, „b… measurement locations on the stator rim at R /R0
=0.944, „c… experimental pulsations of static pressure for all the
conditions, and „d… enlarged detail of the unsteady static pres-
sure amplitudes at the blade passing frequency

Table 5 Pressure ratio, Mach number, and degree of reaction
at the hub cavity downstream of the stator

Condition P01 / Ps2h M2is,h rhub

Ingestion �1% 2.33 1.16 0.236
Ejection +0.3% 2.27 1.15 0.251
Ejection +0.8% 2.17 1.12 0.278
Low-rpm 2.38 1.19 0.209

Fig. 6 Pitchwise static pressure variation at the stator rim
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enters the cavity over 68% of the pitch in the ingestion �1% case.
The ratio is reversed for ejection +0.3%: air enters the cavity over
38% of the pitch, although there is a net coolant rate ejected to the
mainstream of 0.3% of the mainstream flow. Finally, for the ejec-
tion +0.8% condition, air is ejected across 78% of the pitch and
the flow is ingested into the cavity due to the high static pressure
only close to the left running shock. Thus, the unsteady interac-
tions between the purge flow ejected from the wheel space cavity
and the mainstream flow is dictated by the shock structures down-
stream of the stator. However, the effects of the stator potential
flow field and secondary flow effects could not be detected.

Figure 7 presents the interaction of the cavity flow with the
rotor, neglecting the pitchwise nonuniformities generated by the
transonic vane. Figure 7�a� shows the purge flow being collected
by the horseshoe vortex, which rolls up in front of the blade
leading edge �Fig. 7�c��. The cold flow gradually mixes inside the
vortex structure, lowering its core temperature. Due to the radial
injection into the mainstream, a separation region is detected close
to the cavity edge, in front of the rotor blade leading edge. Hub
disk leakage streamlines show that the coolant flow is also col-
lected by the hub passage vortex, which develops along the blade
passage. Effects of the hub disk leakage interaction on the rotor
flow field can be analyzed on the rotor blade leading edge where
the total relative pressure has been measured, as described in Sec.
5.3.

5.3 Rotor Blade Leading Edge. The effect of the purge flow
on the total relative pressure distribution at the leading edge of the
rotor blades is illustrated in Fig. 8�a�. The effect of the ejected air
on the channel blockage is perceived in all three measuring loca-
tions at 15%, 50%, and 85% of the span. Compared with ingestion
�1%, for which no blockage of the purge flow exists �even the
vane endwall boundary layer is aspirated�, the pressures are 1.9%
and 3.0% higher, respectively, for ejection +0.3% and ejection
+0.8%. The blockage effect is highest at the hub where the pres-
sures are, respectively, 2.2% and 3.3% higher than for the base-
line. When the rpm is lowered, the relative flow velocity at the
rotor inlet increases and the total pressure increases on average by
7%. Considering the uncertainty on the Kulite transducers, the
through-flow solver prediction for the baseline condition agrees
quite well with the measurements with a maximum difference of

about 10 mbars. The through-flow solver is based on radial equi-
librium of the flow at the exit of each row, the conservation of
mass flow across the rows, and loss and deviation correlations.

The phase-locked averaged evolution of the pressure over 1 1/2
pitch is shown in Fig. 8�b� for the three coolant rates. The shift in
vane phase of the total pressure reveals a gradual change in the
intensity and incidence angle of the vane trailing edge shocks with
the purged flow rate. The amplitudes of the pressure variation are
0.09% for the baseline condition and 0.075% for ejection +0.3%
and ejection +0.8%. The blowing condition at the stator-rotor in-
terface seems therefore to have a limited impact on the unsteady
variation of the total pressure amplitude. A transition to an earlier
phase of the impingement of the shock on the rotor blades occurs
as the coolant mass flow rate is increased. Compared with the
baseline, the phase of the shock is shifted by 0.022� and 0.06�,
respectively, for ejection +0.3% and ejection +0.8%. Figure 8�b�
shows that the decrease in Mach number associated with the
blockage causes the shock lines to become more normal to the
flow and indeed impinge on the rotor at an earlier phase.

5.4 Purge Flow Impact Along 15% and 7.5%. Figure 9
depicts the Nusselt number distributions at 15% and 7.5% of the
span. The Nusselt distribution is similar for all conditions, albeit
with smaller heat flux rates for the baseline. This is related to the
blockage created by the purge flow affecting the heat transfer
distribution. The low-rpm presents the highest Nusselt levels. At
15% �Fig. 9�a�� in the rear suction side, ejection +0.8% shows an
increase in heat transfer levels. However, the apparent beneficial
effect is of the same order of magnitude as the repeatability. At
7.5% �Fig. 9�b��, there is no clear effect of the rotor-platform
cooling at the rear suction side �differences between the baseline
and ejection +0.8% remain within the experimental repeatability�.
At 15% �Fig. 9�a��, in the case of ingestion �1%, at S /Smax
=0.44 there is a zone of relatively low heat flux that could be due
to the vicinity of secondary flows. At ejection +0.8%, the region
with low Nusselt is displaced upstream, at S /Smax=0.33, which
could be due to more intense secondary flows rolling up earlier.

5.5 Effects on the Rotor Platform. Figure 10 shows static
pressure contours and streamlines at the rotor platform for the
baseline condition and for the ejection +0.8%. For the baseline
condition, it is possible to detect clearly the saddle point in front
of the blade leading edge, the suction and pressure side leg of the

Fig. 7 Interaction of the hot mainstream flow with the cold
purge flow: „a… stream traces of the cold rim seal and hot main-
stream flow on the 3D rotor static pressure field, „b… isotem-
perature contours at blade midpitch, and „c… isotemperature
contours in an axial plane aligned with the rotor leading edge

Fig. 8 „a… Time-averaged total pressure in the relative frame
on the rotor leading edge and „b… time-resolved total relative
pressure at 15% span
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horseshoe vortex, and the pressure side corner vortex. The purge
flow ejection from the wheelspace cavity modifies completely the
flow field upstream of the rotor blade row. The saddle point moves
upstream toward the cavity, due to the purge flow swallowed by
the horseshoe vortex in front of the rotor blade leading edge, and
a separation line appears close to the cavity. This separation line
runs along the blade passage close to the blade suction side, and
finally it is pushed by the rotor-platform cooling ejection toward
the blade suction surface close to the trailing edge. The purge flow
re-enters the mainstream with a smaller swirl angle than the main
channel flow.

Considering a Lagrangian reference, the purge flow generates a
streamwise vorticity component, which combines with the one
generated by the secondary flow, contributing to increase the pas-
sage vortex intensity. Regarding the normal component to the
streamwise vorticity �in the blade to blade plane�, the purge flow

tends to push the streamlines in the direction opposite to the hub
passage vortex. Hence, the purge flow contributes to strengthen
the vortex structures which counter-rotate with the passage vortex.
Therefore the separation line shown in Fig. 10 is representative of
a vortex entity, which counter-rotates with respect to the passage
vortex and is fed directly by the purge flow. The purge flow leaves
the wheelspace mainly from a circumferential position close to the
blade suction side, aspirated by the rotor blade pressure field at the
platform.

Figures 11�a� and 11�b� show the location of the pressure sen-
sors on the rotor platform and a picture of the instrumented blade.
Figure 11�c� illustrates the time-averaged measured static pressure
along the rotor midpitch. Figure 11�d� presents the time-resolved
component of the unsteady pressure on the rotor platform for
gauge 6, downstream of the rotor-platform film cooling. “Inges-
tion �1%” exhibits a single pressure fluctuation at the fundamen-
tal vane blades passing frequency. This could be caused by a
pressure wave emanating from upstream convected through the
rotor channel. On the other hand, ejection +0.3% and ejection
+0.8% show a phenomenon that is occurring at twice the vane
blade passing frequency, with a lower intensity. This might be
caused by an unsteady interaction between the platform coolant
and the gas convected from the hub disk region.

On the platform, the Nusselt is around 600, which is similar to
the levels on the rotor pressure side measured at 7.5% of the blade
span. Overall, the baseline configuration presents the lowest val-
ues. Figure 12 shows the gauge directly exposed to the coolant
ejection. This gauge experiences a 20% reduction in heat transfer
coefficient of 20% at ejection +0.8%.

5.6 Turbine Exit Flow Field. Figure 13 shows radial
traverses of measured and computed total pressure and total tem-
perature downstream of the stage. The pressure is nondimension-

Fig. 9 Nusselt number distribution along the rotor airfoil: „top…
at 15% span and „bottom… at 7.5% span

Fig. 10 Static pressure field on the rotor platform without cav-
ity flow and for ejection +0.8% „streamlines through the blade
passage do not line-up due to the computational-domain…

Fig. 11 „a… Pressure measurement locations on the rotor plat-
form, „b… photograph of the instrumented blade, „c… time-
averaged static pressure on the rotor platform, and „d… time-
resolved static pressure downstream of the coolant holes

Fig. 12 „Left… Detailed view of the heat transfer sensor located
downstream of the cooling holes and „right… Nusselt number at
the same sensor
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alized by the total pressure at turbine inlet, while the total tem-
perature is nondimensionalized by the total temperature at
midspan downstream of the rotor. The 3D Navier–Stokes compu-
tations show the same features than the experimental data. The
high-pressure region at about 90% of the span can be related to
the rotor tip leakage flow.

Effects of the rotor hub passage vortex can be detected up to
20% of the blade height measured from the platform. Ejecting
cold flow increases the rotor hub secondary flow and the loss core
can be identified at about 20% of the span, where a total pressure
reduction is observed. Small differences can be noticed between
computation and experiments at about 60% of the span probably
due to the vane tip passage vortex not modeled by the CFD �due
to the mixing plane�. Concerning the total temperature distribu-
tions, the CFD overpredicts by 2% the total temperature at the
hub. Close to 20% of the span, a reduction in temperature is
observed in the case of coolant ejection, due to the coolant en-

trained in the hub passage vortex. When lowering the coolant flow
rate, cooling effects become visible close to the hub, at 10% of the
span, since the coolant remains closer to the endwall.

Reducing the rotational speed increases the incidence on the
rotor blade. The flow then experiences a higher turning and sec-
ondary flows are intensified with a decrease in efficiency. As a
consequence of the reduction in extracted work, the total tempera-
ture at midspan is higher for low-rpm than for the baseline. The
total temperature radial traverse shows that the hub main vortex
core for the baseline �ingestion �1%� is located at about 15%. At
low-rpm a local minimum seems to be located at �20% of the
span, indicating an increase in the penetration height of the hub
vortex in line with previously observed studies �18�. Unfortu-
nately, the low resolution in the total pressure traverses prevents
an accurate estimation of the penetration heights for all the oper-
ating conditions.

6 Turbine Efficiency Analysis
The efficiency was evaluated through a mechanical approach,

in which the real power is retrieved from the measurement of the
shaft power, based on the measurement of the inertia �41� and
mechanical losses �37�. The power can thus be expressed as

preal = pshaft + plosses = I	
�	

�t
+ ploss �6�

where Ploss accounts for the mechanical losses. The control vol-
ume used to evaluate efficiency is shown in Fig. 3�a�. The inlet
and outlet planes of the control volume coincides with the mea-
surements planes. The purge flow temperature and pressure were
monitored with a thermocouple and a pressure transducer on the
rotor disk coolant path. This allows gathering the total tempera-
ture and pressure levels of the coolant injected. Hence the isen-
tropic power can be expressed as follows:

pis = ṁinletCpT01	1 − �P03

P01
��−1/�


+ ṁcoolantCpT0coolant	1 − � P03

P0coolant
��−1/�
 �7�

Due to the variation of inlet and total pressure variables along the
span, the efficiency formulation makes use of mass flow average
quantities, so that the efficiency can finally be expressed as the
ratio between the real and isentropic powers.

� =

I	
�	

�t
+ Ploss

�ṁinlet − ṁleakage�CpT̄01	1 − � P̄03

P̄01

��−1/�
 + ṁcoolantCpT0coolant	1 − � P̄03

P0coolant

��−1/�
 �8�

The leakage mass flow refers to hot gas ingestion from the main
channel into the wheelspace cavity and therefore appears only in
the baseline condition. The coolant mass flow is the cold flow
purged from the wheelspace and rotor platform. The random un-
certainty is 0.68%, and the systematic uncertainty is 1.21%. The
level of dispersion in the measured efficiency is 1.9% ��1.96
�
due to the dispersion in the pressure ratio of the experiments.
Windage losses have been computed separately according to the
Traupel formulation �41�. With respect to the baseline condition,
efficiency penalties of 0.19% and 0.26% have been predicted,
respectively, for ejection +0.3% and ejection +0.8%. Decreasing

the rotational speed reduces the windage loss 0.17%. Figure 14
summarizes the measured turbine efficiency variations for the dif-
ferent test conditions evaluated, considering the baseline �inges-
tion �1%� as reference. At ejection +0.3%, the efficiency is
+1.11% higher but when the mass flow is further raised to ejection
+0.8%, the efficiency is +1.04% above the baseline. The CFD
also predicts a rise in the efficiency of 0.9% compared with the
baseline. Lowering the turbine speed low-rpm results in a de-
creased efficiency of about 9.8%.

To get deeper insight into the efficiency sensitivity, measured
values have been used to calculate loss correlations �42�. The

Fig. 13 Turbine exit flow field, experiments, and CFD
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turbine aerodynamic losses are evaluated using the correlations of
Kacker and Okapuu �43�. Previous studies have proven the appli-
cability of Kacker and Okapuu at off-design conditions �44�. The
AMDC is the Ainley–Mathieson/Dunham–Came boundary layer
loss, which remains nearly constant for all the investigated con-
figurations. When the inlet Mach number at hub is higher than 0.4,
a “shock loss” correction is introduced:

shock loss = 0.75 · �M1,hub − 0.4�1.75 · �Rhub

Rtip
� · �Ps1

Ps2
�

·

1 − �1 +
� − 1

2
· M1

2��−1/�

1 − �1 +
� − 1

2
· M2

2��−1/� �9�

This is particularly useful for the conditions tested in this work,
since the purge flow ingestion/ejection modify the vane outlet
Mach number. The “channel flow acceleration” term is computed
with the following expression:

KP = 1 − �M1/M2�2 · 1.25 · �M2 − 0.2� �10�
The “supersonic drag rise” includes the term proposed by Dun-
ham and Came �45� as follows:

supersonic drag rise = 1 + 60 · �M2 − 1�2 �11�

profile = 0.914�2

3
AMDC · KP + shock loss� · supersonic drag rise

�12�
Results obtained from the correlations are illustrated in Fig. 15,
showing the different contributions of the vane and rotor losses.
The loss prediction follows the trend shown by the experiments,
but the predictions are conservative. The coefficients computed
using Kacker and Okapuu’s correlation �34� are summarized in
Table 6. Considering the small discrepancies in efficiency due to

the coolant ejection rate, the main effect can be attributed to the
trailing edge shock losses generated by the stator. Differences on
the rotor losses are negligible. Ejecting coolant fluid from the hub
disk cavity leads to a performance improvement. This raise in
efficiency could be explained by the modification on the shock
system downstream of the stator, as shown in Fig. 6.

Coolant flow injection through the wheelspace cavity causes a
blockage effect, which decreases the Mach number downstream of
the stator forcing the shock to move backward inside the nozzle
guide vane. This limits the flow acceleration close to the stator
trailing edge, thus reducing the trailing edge shock losses. Low-
ering the rotational speed leads to a slight increase in the vane
outlet Mach number. This effect combined with the reduction in
peripheral speed results in a high increase in positive incidence in
the rotor. The loss calculation predicts a reduction of 6.2% in the
performance ���total� by decreasing the rotational speed from
nominal to low-rpm. When the rotational speed decreases, the
losses related to the shock loss ���rotor� tend to increase more
than the vane trailing edge shock �supersonic drag rise� losses
���stator�. Low-rpm shows a difference between correlations and
experiments of almost 3.3%. Lowering the rotational speed in-
creases the tip clearance from 1% to 1.4% of the blade height,
therefore providing an extra loss contribution.

7 Conclusions
A complete aerothermal experimental and computational inves-

tigation on the purge and platform film cooling has been carried
out on a transonic turbine stage. The turbine stage, operating at
engine-representative conditions, has been studied at various cool-
ing rates in order to isolate the individual impact of purge flows
from the platform cooling.

Within the wheelspace cavity, the ejection of purge flow re-
duces the amount of pressure fluctuations by 50%. The unsteady
interaction between the purge flow and the mainstream was found
to be mainly dictated by the vane trailing edge shocks. Con-
versely, the hub disk leakage has an impact on the stator shock
system over the whole blade height. By contrast, no clear effects
of the stator potential flow field and secondary flow effects were
detected. The purge flow directly feeds the rotor hub passage vor-
tex and enhances the effect of the counter-rotating pressure side
corner vortex.

Rotor blade leading edge relative pressure stagnation measure-
ments showed an impact in terms of blockage of the purge flow
over the whole blade span. Effects in reducing the rotor inlet
Mach number have been detected. Larger coolant flow rates lead
to a decrease in incidence in the relative rotor frame, thus increas-
ing the degree of reaction at the hub.

The investigated conditions resulted in higher heat flux rates
than the ingestion �1%. This is linked to the blockage created by
the purge flow affecting the heat transfer distribution. The purge
flow distorts the flow, enhancing the heat transfer coefficient on
the platform. The low-rpm presents the highest Nusselt levels.
Increasing the coolant rate also tends to decrease the importance
of the unsteady phenomena at the platform.

Fig. 14 Measured turbine efficiency and windage effects com-
pared with the ingestion �1%

Fig. 15 Turbine efficiency predicted using Kacker and Okapuu
†43‡ correlations, with reference to the ingestion �1%

Table 6 Efficiency variation for different test condition

Condition

Loss coefficients

AMDC supersonic drag rise shock loss

Vane/rotor Vane Rotor
Ingestion �1% 0.042/0.030 1.421 0.0060
Ejection +0.3% 0.042/0.029 1.333 0.0057
Ejection +0.8% 0.042/0.029 1.124 0.0046
Low-rpm 0.041/0.031 1.750 0.0738
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The effect of platform cooling is almost entirely restricted to
the platform, with minimal effects on the suction side or trailing
edge.

Measurements, CFD, and correlations show the same trend:
Ejecting purge flow leads to an increase in efficiency, mainly due
to the modification of the shock system downstream of the stator
and to a reduction of the stator trailing edge shock losses.
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Nomenclature
A � area �m2�

Cd � discharge coefficient
CP � specific heat at constant pressure

�J /kg K�
Crotor � rotor chord �m�
Cstator � stator chord �m�

Cw= ṁcoolant /� ·R0 � nondimensional cooling flow rate
G=s /RHUB � cavity gap ratio

H � blade height �m�
h � heat transfer coefficient

�W /m2 K�
I � moment of inertia �kg m2�

kg � thermal conductivity �W /m K�
kp � loss coefficient

M=v /��RT � Mach number
ṁ � mass flow rate �kg/s�
N � rotational speed �rpm�

Nu =
q · Crotor

kgas · �Tgas − Twall�
� rotor Nusselt number

p � power �W�
P � pressure �bar�
q � heat flux �W /m2�
r � recovery factor

r = 1 −
1 − �Ps2/P01��−1/�

1 − �Ps3/P01��−1/� � degree of reaction

R � gas constant �J /kg K�
R � radius �m�

R0 � cavity outer radius �m�
Rhub � vane hub radius �m�

Re2=� ·v2 ·Cstator /� � mainstream Reynolds number
Re�=� ·w ·R0

2 /� � disk rotational Reynolds number
s � cavity axial clearance �m�
S � curvilinear abscissa �m�
T � temperature �K�
t � time �s�

u=R ·N ·2� /60 � peripheral speed �m/s�
v � velocity in the absolute frame

�m/s�
V � volume �m3�
w � velocity in the relative frame

�m/s�
x � distance along the turbine axis

�m�

Greek
� � density �kg /m3�
� � dynamic viscosity �kg /m s�
� � efficiency �%�

� � specific heat ratio
� � phase in sense of rotation, relative

to the rotor/stator
 � pressure loss coefficient �%�

Subscripts
0 � total conditions
1 � stator inlet
2 � stator outlet, rotor inlet
3 � rotor outlet

aw � adiabatic wall condition
ax � axial direction, aligned with the

machine axis
is � isentropic conditions
r � frame of reference relative to

rotor
s � static conditions
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Improving Efficiency of a High
Work Turbine Using
Nonaxisymmetric Endwalls—
Part I: Endwall Design and
Performance
This paper is the first part of a two part paper reporting the improvement of efficiency of
a one-and-half stage high work axial flow turbine by nonaxisymmetric endwall contour-
ing. In this first paper the design of the endwall contours is described, and the compu-
tational fluid dynamics (CFD) flow predictions are compared with five-hole-probe mea-
surements. The endwalls have been designed using automatic numerical optimization by
means of a sequential quadratic programming algorithm, the flow being computed with
the 3D Reynolds averaged Navier-Stokes (RANS) solver TRACE. The aim of the design was
to reduce the secondary kinetic energy and secondary losses. The experimental results
confirm the improvement of turbine efficiency, showing a stage efficiency benefit of
1%�0.4%, revealing that the improvement is underestimated by CFD. The secondary
flow and loss have been significantly reduced in the vane, but improvement of the mid-
span flow is also observed. Mainly this loss reduction in the first row and the more
homogeneous flow is responsible for the overall improvement. Numerical investigations
indicate that the transition modeling on the airfoil strongly influences the secondary loss
predictions. The results confirm that nonaxisymmetric endwall profiling is an effective
method to improve turbine efficiency but that further modeling work is needed to achieve
a good predictability. �DOI: 10.1115/1.3106706�

1 Introduction
Endwall losses in turbines contribute significantly to the overall

losses, especially when cost and weight reasons induce the reduc-
tion in stage number and airfoil count, resulting in increased stage
loading and airfoil lift. Hence it becomes more and more neces-
sary to understand the secondary loss production mechanisms as
well as to establish design methods to reduce them. The continu-
ously growing computational power makes it nowadays possible
to simulate the complex three-dimensional viscous flows and to
make intensive use of numerical optimization algorithms, but the
accuracy of the predictions is still a key issue and the results of
computational fluid dynamics �CFD� simulations should be taken
with some circumspection.

Nevertheless for the past decade impressive progress has been
made in understanding secondary flow phenomena, and several
promising methods have been proposed and validated for the re-
duction in secondary loss. Most of them may also have strong
consequences on the whole flow field and not only on the endwall
regions, particularly in low aspect ratio passages.

2 Secondary Flows in Turbines

2.1 Flow Phenomena. Secondary flow in a blade row origi-
nates in the incoming endwall boundary layer, as depicted in Fig.
1. The first phenomena will be the rolling up of the layer in front
of the leading edge, resulting in the horseshoe vortex that sepa-
rates in two legs along pressure and suction side. The turning of

the inlet vorticity will introduce streamwise vorticity and thus
build up the passage vortex, the low momentum fluid in the end-
wall layer being driven by the freestream transverse pressure gra-
dient to cross the passage from pressure to suction side. In the
corner between airfoil and endwall, so called corner vortices may
form under the action of the horseshoe or the passage vortex. A
comprehensive description of secondary flows was provided by
Sieverding �1� and later by Langston �2�.

Additional features are the trailing filament and trailing shed
vorticity described by Hawthorne �3�, the former being related to
the deformation of an inlet vortex filament and usually acting in
the neighborhood of the passage vortex, and the latter phenom-
enon being the consequence of nonuniform lift over the span.
Their importance for turbine design was underlined more recently
by Pullan et al. �4� and Schlienger et al. �5�.

2.2 Reduction in Secondary Loss. Different methods have
been proposed and experimentally investigated, especially airfoil
and endwall redesign. Gier et al. �6� provided a detailed literature
review on this topic.

Three-dimensional airfoil modifications include leaning and
bowing, as suggested by Dejc and Zarjankin �7�, Harrison �8�, or
Kawagishi and Kawasaki �9�. The latter concluded that bowing
resulted in radial loss redistribution rather than loss reduction.
Airfoil thickening was addressed by Eymann et al. �10� in com-
bination with endwall contouring, but the reduction in secondary
loss was partially balanced by an increased profile loss. Leading
edge modifications lead also to loss reductions as reported by
Sauer and Wolf �11�. Investigations by Becz et al. �12� revealed
the importance of the fillet radii, which could also result in effi-
ciency improvements.

Axisymmetric endwall contouring was introduced by Dejc and
Zarjankin �7�, and several authors proved it to be an efficient
method.

Contributed by the International Gas Turbine Institute of ASME for publication in
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Nonaxisymmetric endwall contouring was initially proposed by
Rose �13� in order to equalize the endwall pressure field with the
aim to reduce purge flow requirements. With two nonaxisymmet-
ric endwalls for the Durham cascade, Hartland et al. �14� and
Gregory-Smith et al. �15� demonstrated that significant loss reduc-
tion is achievable. Using experiences from the Durham cascade
investigation, Brennan et al. �16� and Rose et al. �17� redesigned
the endwalls of a high pressure �HP� turbine model rig and im-
proved the turbine efficiency by about 0.6%.

Combining airfoil profiling and nonaxisymmetric endwall con-
touring in full three-dimensional design optimization, Nagel et al.
�18� achieved a loss reduction by 22% in an experimentally vali-
dated cascade.

2.3 CFD Predictions. The only industrially practical loss pre-
dictions for the highly complex secondary flow phenomena are
obtained from three-dimensional Reynolds averaged Navier-
Stokes �RANS� simulations. Though improvements have been
made in the past years in the field of turbulence and transition
modeling, supported by increasing computational power, usual
CFD codes still have difficulties in predicting secondary losses
accurately.

Hartland et al. �14� and Gregory-Smith et al. �15� reported poor
loss predictions based on CFD for their cascade experiments, but
they noticed that the secondary kinetic energy �SKE� was well
predicted and correlated with the experimentally determined sec-
ondary loss. The high pressure turbine redesign by Rose et al. �17�
was based on these correlations and successfully validated the
approach. However, Ingram et al. �19� continued cascade investi-
gations using the same methodology, but the predicted and vali-
dated SKE reductions did not correspond to any experimental loss
reduction.

The loss predictions made by Nagel et al. �18� matched the
experimental data, and more recently Praisner et al. �20� reported
the successful optimization of nonaxisymmetric endwalls in a
high-lift airfoil cascade, while the design was based on CFD loss.

Obviously the loss mechanisms of secondary flows are not fully
understood and the achievement of optimal designs is still chal-
lenging. In order to help the understanding of the flow features,
Germain et al. �21� presented some visualization techniques for
CFD results, aiming to identify the vortical regions responsible for
loss generation. A modified definition of SKE was provided for
the evaluation of pitchwise and spanwise nonhomogeneities of the
flow as well as a criterion based on flow field topology for the
identification of vortical structure �the “vortex strength”�.

3 Endwall Design
The research turbine “LISA“ of the Turbomachinery Labora-

tory at the Swiss Federal Institute of Technology, originally a
two-stage shrouded turbine �22�, has been recently redesigned as a
one-and-half stage unshrouded turbine so that it is representative
of a high work, cooled turbine �23�. Tables 1 and 2 show the main
characteristics of the turbine, as reported by Behr et al. �23�. The
turbine cross section is shown in Fig. 2.

For the present investigation this one-and-half stage configura-
tion has been modified using nonaxisymmetric endwalls while the
airfoil profiles remained unchanged. Both hub and tip endwalls of
the first stator as well as the hub endwall of the rotor have been
optimized with the aim at reducing secondary flow.

Fillet radii modify the shape of a nonaxisymmetric endwall in
the region close to the airfoils and thus may have a strong impact
on the action of the contour. This makes it necessary to take them
into account during the endwall design. Their effect on the flow
structures is demonstrated in Sec. 5.2. The fillets have a radius of
2 mm in the stators and 3 mm in the rotor.

Fig. 1 Schematic view of secondary flow structures in a tur-
bine, after Langston †2‡

Table 1 Characteristics of the LISA turbine at design operat-
ing point

Turbine
Rotor speed �rpm� 2700
Pressure ratio �1.5-stage, total-to-static� 1.60
Turbine entry temperature �°C� 55
Total inlet pressure �bar abs norm� 1.4
Shaft power �kW� 292
Hub/tip diameter �mm� 660/800

First stage
Pressure ratio
�first stage, total-to-total� 1.35
Degree of reaction ��� 0.39
Loading coefficient �=�h /u2 ��� 2.36
Flow coefficient �=cx /u ��� �based on cx at the R1
exit� 0.65

Table 2 Characteristic geometry and performance parameters
of the 1.5-stage turbine configuration

S1 R1 S2

No. of blades 36 54 36
Inlet flow angle �midspan� �deg� 0 54 �42
Exit flow angle �midspan� �deg� 73 �67 64
Solidity �chord/pitch� 1.3 1.4 1.3
Mean stagger angle �deg� 52.8 39.4 34.5
Aspect ratio �span/chord� 0.87 1.17 0.82
Profile stacking LE CoG LE
Blade row relative exit Mach
numbers �average� ��� 0.54 0.5 0.48
Reynolds number based on true
chord and blade row relative exit
velocity ��� 710,000 380,000 510,000

Fig. 2 Cross section of the LISA turbine
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3.1 Endwall Parametrization. The parametrization of the
endwalls is “object oriented” in the sense that various “bumps,”
elevations, and depressions can be placed on the wall, as shown in
Fig. 3. They can be superposed and their amplitude, position, and
shape can be individually adjusted. Each of these objects is de-
scribed by an axial decay function and a circumferential shape
function, which represents approximately 15 parameters per ob-
ject. This parametrization allows influencing flow structures, in
particular, by adding a contouring object in a specific endwall
region. This approach turns out to be very effective since each
turbine blade shows different flow structures and needs a custom-
ized endwall topology. Furthermore the transfer of an optimal
endwall contour from one platform to another is easily accom-
plished. This parametrization was first introduced by Nagel et al.
�18�, but the underlying mathematical functions have been modi-
fied in order to allow more complex and easier adjustable endwall
shapes. The axial decay function comprises a polynomial of sinu-
soidal functions. In the present design, one contouring object per
endwall was used.

3.2 Surface Generation and Meshing. In order to ensure a
high quality of the whole production chain from aerodynamics
design to manufacturing, the initial airfoil and endwall geometry
definition including fillet radii occurs on computer aided design
�CAD� basis. The computational mesh is then projected on the
parametrized CAD surfaces.

CFD Norway’s G3DMESH �24� has been used to generate the
multiblock grid, allowing the exact representation of the fillets as
found in the real turbine �Fig. 4�. The nondimensionalized wall
distance on the airfoils and the endwalls is around y+ =1. The
resulting number of nodes is about 1.5�106 per turbine row. The
tip clearance gap was fully discretized using 17 points radially.

3.3 Flow Solver. The CFD simulations are performed using
the unsteady Reynolds averaged Navier-Stokes �URANS� code
TRACE developed at DLR and MTU, which has been especially
designed for the simulation of steady and unsteady turbomachin-
ery flows. The turbulence is modeled by the Wilkox k-� two-
equation model in a low-Reynolds version with compressibility
extension. The boundary layers are computed following the low-
Reynolds approach. A transition model is used on the airfoil suc-
tion side and pressure side based on the modified correlations of
Abu-Ghannam and Shaw �25�. The model can be activated on the

airfoil, while the endwall boundary layers are assumed to be of
turbulent nature. For more information about the numerical imple-
mentation of the solver and the transition model, see Ref. �26�.

3.4 Optimization. The endwalls have been designed using
automatic numerical optimization by means of the sequential qua-
dratic programming algorithm DONLP2 developed by Spellucci
�27�, which allows nonlinear constrained optimization.

A combination of total pressure losses and SKE was used as the
objective function, while the averaged exit yaw angle of each row
was allowed to vary only within a small range in order to conserve
the capacity of the baseline turbine. The raw result of the stator S1
optimization still showed a deviation in capacity compared with
the axisymmetric baseline, and thus the airfoil was staggered by
0.55 deg without changing its profile. The definition of the SKE
used in the design is given by Germain et al. �21�: The construc-
tion of the reference flow—which is the base of any SKE
definition—involves two successive averaging in the radial and
pitchwise directions, the first averaging defining a first reference
flow and a first secondary flow field, which is used itself for the

Fig. 3 Parametrization of the nonaxisymmetric endwalls

Fig. 4 Meshing of the fillet radius
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second averaging. The purpose of this new definition was to ac-
count also for radial nonhomogeneities in the flow like the over-
and underturning. For the exact formula refer to Ref. �21�.

The optimization results are shown in Fig. 5. In the stator the
endwall contour is mainly characterized by a depression along the
suction side, the amplitudes at the hub being larger than at the tip
�respectively, �9% and �4% chord lengths�. In the rotor a similar
depression is completed by an elevation close to the leading edge
��5% chord length�. The nonaxisymmetric modulation is axially
restricted to the passage between leading and trailing edges.

4 Experimental Technique
The air-loop of the facility is quasiclosed and includes a radial

compressor, a two-stage water to air heat exchanger, and a cali-
brated Venturi nozzle for massflow measurements. Upstream of
the turbine section is a 3 m flow conditioning stretch to ensure a
homogeneous flow field. Additionally the flow undergoes an ac-
celeration ahead of the turbine section in order to reduce the sig-
nificance of remaining flow uniformities from upstream. At the
exit of the turbine section the air loop opens to atmosphere. A dc
generator absorbs the turbine power and controls the rotational
speed with an indicated accuracy of �0.02% ��0.5 rpm�. A heat
exchanger controls the inlet total temperature Tt,in to an accuracy
of �0.3%. A torque meter measures the torque on the rotor shaft.
With a compressor ratio limited to Pc,max=1.5 it is necessary to
add a tandem deswirl vane arrangement to recover the static pres-
sure at the exit of the second stator back to the ambient level in
order to reach the intended turbine pressure ratio of P1.5-stage
=1.65. The turbine is unshrouded with a nominal tip gap of 1% of
the span. The variation in the tip gap between builds is less than
1% of the tip gap, which ensures good repeatability. At the exit of
the first nozzle guide vane row the flow is subsonic but compress-
ible with an exit Mach number of 0.53.

The experimental investigation of the steady flow field includes
the traversing of four planes using a miniature cobrahead five-hole
probe with a tip diameter of 0.9 mm: at the inlet of the turbine and
at the outlet of each row. The first plane was only measured for

the axisymmetric baseline, while the two intermediate and the
turbine outlet planes were measured for both the baseline and the
contoured turbine. Each plane was measured at 41 circumferential
and 40 radial positions. Additionally static pressure tappings were
used on the endwall of the contoured turbine at 12 axial and 8
circumferential positions.

5 Results and Discussion

5.1 Performance. Rig operation parameters, such as torque
of the turbine stage and massflow, were measured, allowing the
calculation of mechanical efficiency. It is defined as the ratio of
specific shaft power over the enthalpy difference in the isentropic
expansion

�m = �� · M

ṁ
�/�cpTin�1 − � pt,out

pt,in
��	−1�/	��

The efficiency of the turbine has been significantly improved
due to the nonaxisymmetric endwalls. The total-to-total stage ef-
ficiency rises by 1.0%�0.4% at design operating point, while the
capacity remains within a range of �0.1% �the turbine being run
at the same pressure ratio, rotation speed, and inlet temperature�.

The benefit due to the endwall contouring was predicted to be

0.2%, which underestimates the real loss reduction. The pre-
dicted SKE was lowered by about 30%, which has been confirmed
in the experiment.

This result confirms partly previous publications concerning the
difficulty of CFD to provide accurate loss predictions for the de-
sign of nonaxisymmetric endwalls. Nevertheless the origin of the
discrepancy is described in the accompanying paper �29� in more
detail since the reduction in secondary flow turns out to be only a
part of the efficiency improvement.

5.2 Flow Structures. The radial distributions of pitchwise
massflow averaged total pressure loss at the stator exit give useful
information on the origins of loss reduction. Figure 6 shows the
experimental loss coefficient and yaw angle distribution as well as
the CFD predictions as part of the design with a standard numeri-
cal setup.

Secondary loss has been reduced at the stator hub as indicated
by the lower loss peak at 10% span. The range of this secondary
loss region remains approximately the same as in the baseline,
whereby the loss maximum has slightly moved toward midspan.
The yaw angle distribution in Fig. 6 confirms the reduction in hub
secondary flow since the underturning became smaller in the con-
toured turbine.

At the tip the secondary flow intensity has not been reduced as
much as at the hub, but a reduction in the extent of the secondary
flow has been achieved.

A surprising and not expected feature is the large reduction in
midspan loss. Profile losses have been reduced over the entire
span. Especially the region extending from the tip secondary flow
to about 40% of the span has been improved. This effect was not
predicted by CFD to occur over the whole primary flow region,
but just close to the endwalls and between 60% and 80% spans.
The average yaw angle seems not to have been influenced as
much in the mid region.

The radial distribution of SKE in Fig. 6 confirms the large
reduction in secondary flow intensity as does the total pressure
loss distribution and also indicates a more homogeneous flow in
the spanwise direction over a large region extending from about
15% to 70% span. This is certainly in relation with the midspan
loss reduction.

Figure 7 shows the 2D total pressure field in the same traverse
at the stator 1 exit. The reduction in loss core at the hub is clearly
visible as well as the wake modification over the entire span with
a reduction in intensity and width.

While this reduction in profile loss is difficult to interpret, the
static pressure data gained from the endwall tappings in Fig. 8
give some explanations for the secondary loss reduction. The

Fig. 5 Nonaxisymmetric endwall shapes of „a… stator 1 hub,
„b… stator 1 tip, and „c… rotor 1 hub
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cross pressure gradient has been significantly reduced over the
main part of the stator passage, especially in the central part,
explaining the modifications of the secondary flow behavior. The
pressure isolines are almost perpendicular to the contoured case in
the throat area region and thus the force driving the crossflow
from pressure to suction side is almost completely eliminated.
However, this change has been achieved at the expense of the
pressure distribution in the front part of the passage. The CFD
simulation produces a very realistic picture of the static pressure
distribution. The contoured endwall at the tip produces a similar
but weaker cross pressure gradient reduction and is not shown

here.
The rotor exit flow field is documented in Fig. 9, showing again

pitchwise averaged distributions of the relative total pressure and
yaw angle. The effect of endwall contouring there is very small.
The predictions show good agreement with the experimental data.

The efficiency improvement seems to rely mostly on the loss
reduction in the stator. The reduction in secondary loss can be
explained by the transverse pressure gradient, but the reason for
the enlargement of the secondary flow region is not clear. Results
of previous publications on nonaxisymmetric endwalls usually re-
port that the contours shifted the loss core toward the endwall. A
much more unexpected feature is the benefit at the midspan. Sec-
tion 6.3 is dedicated to the analysis of these phenomena and will
focus on the flow modifications in the stator, where the largest
flow modifications occur.

5.3 Numerical Analysis

5.3.1 Hub Endwall Flow. First the hub endwall flow is ana-
lyzed in more detail. Figure 10 shows four successive planes nor-
mal to the machine axis within the stator passage in the baseline
on the left and the contoured case on the right. Portions of the
suction side and of the hub are visible, an adjacent airfoil having
been omitted for more clarity. The view is taken downstream of
the trailing edge in the upstream direction. The plane cutting
through the flow is visible on the upper left corner and moves

Fig. 6 Pitchwise averaged loss, yaw angle, and SKE at the
stator 1 exit

Fig. 7 2D Loss distribution at the stator 1 exit: „a… baseline
and „b… contoured
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toward the observer. Contours of the static pressure are plotted on
the walls of the total pressure in the cutting plane as well as vortex
strength isolines. The plane positions are indicated in Fig. 8.

On view �a�, the suction side leg horseshoe vortex is identified
close to the airfoil and also a small corner vortex. View �b� indi-
cates the beginning migration of some endwall boundary layer
fluids toward the suction side in the contoured case driven by the
stronger normal pressure gradient, as seen in Fig. 8, forming what
can be called a corner-passage vortex, whereas in the baseline
there is no indication for this feature. Total pressure loss contours
confirm the vortical structure. View �c� depicts the progress of the
vortices along the passage, and additionally the formation of a
small vortex in the baseline under the action of the cross pressure
gradient, while the corner-passage vortex in the contoured case
already starts to move along the suction side toward the midspan.
Finally view �d� gives evidence that at the point where the largest
pressure gradient reduction occurs in the contoured case, the end-
wall boundary layer flow climbs up the suction side earlier than in
the baseline. This explains the slightly enlarged secondary flow
region, whereas the loss intensity is globally reduced since the
cross pressure gradients move less low momentum fluid toward
the suction side.

5.3.2 Profile Loss Reduction. A few general considerations are
necessary at this point. Nonaxisymmetric endwall profiling has
different effects on the flow field, which can all be used to achieve
some efficiency improvement. First the contouring introduces
some additional curvatures on the endwall, thus influencing the
pressure field, for the reduction in crossflow, for example. This
effect is local and occurs at or close to the endwall. Another
mechanism is the change in cross sections, which will influence
the whole flow field over the span. A third effect will be the
modification of blockage, in particular, through the use of steep
bumps in the leading edge region.

Obviously the second mechanism has a strong influence in this
contoured LISA turbine. Thus not only secondary flow but the
entire airfoil flow can be improved by endwall shaping.

Figure 11 shows static pressure distributions on stator 1 for
three sections at 5%, 50%, and 95% spans. The loading of the
airfoil has been significantly modified: The profile has become
significantly aft loaded, while the overall loading was reduced in
each section. One reason for this is the increase in the suction side
surface due to the contouring, while the augmentation of the
throat area was adjusted by rotating the airfoil during the design to
keep capacity and work constant.

These characteristics explain again the reduction in the second-
ary flow, but the reason for the midspan loss reduction is still not

obvious. Two effects are thought to be responsible for this, which
actually cannot be fully separated. The first is the off-loading of
the pressure distribution even at the midspan, leading to smaller
Mach number level and reduced diffusion for the suction side
flow. Both effects will reduce the profile loss in a strictly 2D flow
regime. The second effect can be seen in Fig. 12. The flow pattern
on the suction side is not purely two dimensional even at the
midspan and changes to some extent in the contoured case. The
streamlines show a flow structure, which is close to a separation
bubble. Due to the radial pressure gradient the slow flow in this
almost separated flow structure migrates from the tip to the hub.
The developing transition then closes this structure and realigns
the boundary layer flow with the main flow. In the contoured case
this effect is weaker due to the changed pressure distribution. This
will reduce the mixing losses in this case. Since the CFD only
predicts part of the loss change in the core flow �see Fig. 6�
despite the use of a transition model, this flow structure change
may still be underpredicted by the CFD.

5.3.3 Influence of Fillets and Transition. The next series of
figures shows different geometrical and numerical setups for CFD
analysis and is intended to show the importance of an exact ge-
ometry representation and of transition modeling on the airfoil for
the prediction of the secondary flow.

A fully turbulent suction side prediction for the baseline is com-
pared in Fig. 13 with the standard transition model used at MTU.
The midspan loss level is very well matched by the transition
model. The figure also reveals the importance of representing real
fillet geometry since the CFD simulation that utilized a mesh
without fillet shows a nonrealistic drop of loss at about 75% span.
This underlines the importance of taking into account the fillets
when contouring the endwalls.

The secondary losses, however, are quite well predicted at the
hub, but in the tip region CFD overpredicts the secondary loss. As
shown by the following numerical analysis, the secondary flow
structures in this turbine are very sensitive to transitional effects
on the airfoil.

The used numerical setting for the transition modeling assumes
that a portion of the airfoil boundary layer is turbulent near the
endwalls. The effect of reducing this region has an important ef-
fect on the secondary flow, as shown in Fig. 14. It results in a
better matching of the predictions in the region extending from
70% to 85% span. Above 85% the simulation has still deficien-
cies. At the hub, however, the initial setup shows much better
agreement than the modified one.

The inlet turbulence intensity was then increased in order to
evaluate the sensitivity of the transition model and the secondary

Fig. 8 Endwall pressure on the S1 hub: „a… CFD baseline, „b… CFD contoured, and „c…
experimental contoured
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flow in this particular case �Fig. 15�. The region from 20% to 85%
is very well predicted in the baseline and shows a slight loss ramp
from the hub to the tip as does the experimental data.

Obviously the secondary flow is triggered by strong transitional
effects. It is also very probable that the endwall boundary layers
themselves behave in a transitional manner, as it has been re-
vealed recently by Vera et al. �28� in an experimental study. Thus
transition prediction is crucial not only for two-dimensional pro-
file losses but also for the three-dimensional secondary flow
structures.

One possible explanation for the weaker wake of the contoured
case is addressed in Paper II by Schüpbach et al. �29� using the
unsteady experimental data, which cannot yet be confirmed nu-
merically.

6 Conclusions
Efficiency has been significantly improved in a high work one-

and-half stage turbine using nonaxisymmetric contouring. This

was not only achieved by the reduction in the secondary loss but
also by a strong weakening of the midspan losses.

The mechanism of the passage vortex formation has been nu-
merically analyzed, giving an explanation for the flow modifica-
tion at the stator hub exit.

CFD investigations revealed that the modeling of the real fillet
radii in the computational mesh has an important effect on the
quality of the predictions. The flow improvement in the primary
flow region was not fully predicted by CFD, but the role of tran-
sition on the airfoil for the prediction of the secondary flow has
been shown to be fundamental.

Fig. 9 Pitchwise averaged relative total pressure and yaw
angle at the rotor R exit

Fig. 10 Wall p, flow pt, and vortex strength on four different
planes within the passage
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Further analysis will include detailed studies of the transitional
behavior of the axisymmetric and nonaxisymmetric turbines, es-
pecially on the endwalls.
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Fig. 11 S1 airfoil static pressure prediction at 5%, 50%, and 95% spans: _ _ baseline and __ contoured

Fig. 12 Predicted S1 suction side wall streamline patterns
with pressure contours for „a… the baseline and „b… the con-
toured case

Fig. 13 Pitchwise averaged loss, experimental, and CFD for
different fillet configurations

Fig. 14 Pitchwise averaged loss, experimental, and CFD for
different transition model setups

Fig. 15 Pitchwise averaged loss, experimental, and CFD for
different inlet turbulence levels
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Nomenclature
CAD � computer aided design
CFD � computational fluid dynamics

cp � specific heat capacity at constant pressure
cp � specific heat capacity at constant pressure

HP � high pressure
ṁ � massflow
M � torque
p � static pressure
pt � total pressure

RANS � Reynolds averaged Navier-Stokes
T � temperature
Tt � total temperature

URANS � unsteady Reynolds averaged Navier-Stokes
�z � yaw angle
 � loss coefficient �pt,in− pt,out / pt,in− pout�
	 � isentropic coefficient �	=cp /cv�
� � rotational velocity

Abbreviations
R1 � rotor
S1 � stator 1
S2 � stator 2
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Improving Efficiency of a High
Work Turbine Using
Nonaxisymmetric Endwalls—Part
II: Time-Resolved Flow Physics
This paper is the second part of a two part paper that reports on the improvement of
efficiency of a one and a half stage high work axial flow turbine. The first part covered
the design of the endwall profiling, as well as a comparison with steady probe data; this
part covers the analysis of the time-resolved flow physics. The focus is on the time-
resolved flow physics that leads to a total-to-total stage efficiency improvement of
1.0%�0.4%. The investigated geometry is a model of a high work ��h /U2�2.36�, axial
shroudless HP turbine. The time-resolved measurements have been acquired upstream
and downstream of the rotor using a fast response aerodynamic probe (FRAP). This
paper contains a detailed analysis of the secondary flow field that is changed between the
axisymmetric and the nonaxisymmetric endwall profiling cases. The flowfield at the exit of
the first stator is improved considerably due to the nonaxisymmetric endwall profiling
and results in reduced secondary flow and a reduction in loss at both hub and tip, as well
as a reduced trailing shed vorticity. The rotor has reduced losses and a reduction in
secondary flows mainly at the hub. At the rotor exit, the flow field with nonaxisymmetric
endwalls is more homogenous due to the reduction in secondary flows in the two rows
upstream of the measurement plane. This confirms that nonaxisymmetric endwall profil-
ing is an effective tool for reducing secondary losses in axial turbines. Using a frozen
flow assumption, the time-resolved data are used to estimate the axial velocity gradients,
which are then used to evaluate the streamwise vorticity and dissipation. The nonaxisym-
metric endwall profiling of the first nozzle guide vane show reductions in dissipation and
streamwise vorticity due to the reduced trailing shed vorticity. This smaller vorticity
explains the reduction in loss at midspan, which is shown in the first part of the two part
paper. This leads to the conclusion that nonaxisymmetric endwall profiling also has the
potential of reducing trailing shed vorticity. �DOI: 10.1115/1.3103926�

1 Introduction
In order to improve efficiency and reduce costs, turbine design-

ers strive to reduce the number of stages and blades per row.
Therefore, both stage loading and lift coefficients are being con-
tinuously pushed up. With increasing stage loading, the secondary
loss rises and can be up to half of the total loss generated �1�. In
low aspect ratio turbines such as that investigated here �NGV1:
0.87, Rotor: 1.17, and NGV2: 0.82�, the losses are even more
pronounced as the hub and tip secondary flows interact closely
with each other. A detailed review of secondary flows in cascades
can be found in Refs. �2,3�. The losses are generated in part from
dissipation of the kinetic energy of rotation of the vortices, little of
which is recovered in the following blade rows. Schlienger et al.
�4� gave a detailed analysis of secondary flows in a shrouded axial
turbine �Fig. 1�.

In the past a variety of methods have been developed to reduce
secondary flows. One approach is the active methods such as
boundary layer blowing investigated by Sturm et al. �5� and
Biesinger �6�, which showed reductions in loss.

However, many studies of passive methods have also been re-
ported. The most frequently used are blade leaning, and axisym-
metric and nonaxisymmetric endwall profiling. Harrison �7� inves-

tigated in detail the effect of blade leaning. He reported that there
is no loss reduction within the row in which blade leaning is
applied. The performance increase comes rather from an improved
flowfield into the subsequent blade rows.

The concept of axisymmetric endwall profiling was introduced
by Dejc et al. �8� as a contraction of the annulus from the leading
edge to the trailing edge. A loss reduction of up to 20 % was
verified in linear cascade tests by Morris et al. �9�. The most
promising endwall geometry incorporated a strong contraction
early in the passage �often known as the “Russian kink“� that
results in a thinner boundary layer. Atkins �10� investigated dif-
ferent endwall contours in a linear cascade. He showed that the
losses near the endwall can be influenced by its shape and the
resulting pressure field. Sauer et al. �11� described a loss reduction
by leading edge modifications.

During the past decade, emerging computational fluid dynamics
�CFD� capabilities have made it possible to design more complex
three-dimensional nonaxisymmetric endwalls. Nonaxisymmetric
profiling using such capabilities was first introduced by Rose �12�.
His goal was to have a more homogenous pressure field at the exit
platform, which would reduce the turbine disk coolant massflow.
Later Hartland �13� and Ingram �14� investigated nonaxisymmet-
ric endwall profiling in the Durham linear cascade and showed
that secondary loss reductions of 24% could be attained. Brennan
�15� et al. and Rose et al. �16� demonstrated an increase in stage
efficiency of 0.4% from computations and 0.59%�0.25% from
measurements. Duden et al. �17� and Eymann et al. �18� investi-
gated the combined effects of endwall contouring and blade thick-
ening.
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The work presented here improves our understanding of the
time-resolved flow physics that lead to an improved stage effi-
ciency. Furthermore, the work shows the potential of reducing
both the endwall secondary losses and the losses at midheight in
low aspect ratio turbines by reducing the trailing shed vorticity.

2 Experimental Method
The experimental investigation was performed in the research

turbine “LISA“ in the Laboratory of Energy Conversion at the
Swiss Federal Institute of Technology. Recently the existing two-
stage, shrouded turbine configuration �19� was redesigned as a one
and a half unshrouded turbine that it is representative of a high
work, cooled turbine. Further details of the new design are pre-
sented by Behr et al. �20� but its salient features are described
below.

2.1 Experimental Turbine Facility. The air loop of the fa-
cility is quasiclosed and includes a radial compressor, a two-stage
water to air heat exchanger, and a calibrated venturi nozzle for
mass flow measurements. Upstream of the turbine section is a 3 m
flow conditioning stretch to ensure a homogenous flowfield. Ad-
ditionally the flow undergoes an acceleration ahead of the turbine
section in order to reduce the significance of remaining flow uni-
formities from upstream. At the exit of the turbine section, the air
loop opens to atmosphere. A dc generator absorbs the turbine
power and controls the rotational speed with an indicated accu-
racy of �0.02% ��0.5 rpm�. A heat exchanger controls the inlet
total temperature Tt,in to an accuracy of �0.3%. A torquemeter
measures the torque on the rotor shaft. With the compressor ratio
limited to �c,max=1.5, it is necessary to add a tandem deswirl
vane arrangement to recover the static pressure at the exit of the
second stator back to the ambient level, in order to reach the
intended turbine pressure ratio of �1.5=1.65. The turbine is un-
shrouded with a nominal tip gap of 1% of the span. The variation
in the tip gap between builds is less than 1% of the tip gap, which
ensures good repeatability. At the exit of the first nozzle guide
vane row, the flow is compressible with an exit Mach number of
0.53.

2.2 Measurement Technology. The unsteady flow field is
measured with a fast response aerodynamic probe �FRAP�, which
was developed at the LEC �21,22�. The probe is capable of cap-
turing unsteady flow features up to frequencies of 48 kHz based
on measurements including the total and static pressures, flow
yaw and pitch angles, and Mach number. The frequency band-
width of the temperature is limited to a frequency of 10 Hz. How-
ever, the influence of the measured temperature on the velocity is
very modest. The FRAP probe has a 1.8 mm tip diameter and is
equipped with two sensors. The probe is operated in a virtual-
four-sensor mode to measure three-dimensional, time-resolved
flow properties. The data are acquired at a sampling rate of 200

kHz over a period of 2 s. The postprocessing is done for three
consecutive rotor pitches. The sampling rate resolves 82 points in
the relative frame of reference. Table 1 gives the typical measure-
ment uncertainties of the FRAP probe.

2.3 Measurement Plane. The spatial resolution of the mea-
surement grid consisted of 39 radial and 40 circumferential points
�covering one stator pitch� with a radial clustering near the end-
walls. The data are acquired at a sampling rate of 200 kHz over a
period of 2 s. The postprocessing is done for three consecutive
rotor pitches. The temporal resolution is 82 points per blade pass-
ing period.

3 Results and Discussion
In Sec. 3.2 and 3.3, the time-resolved flowfield data are pre-

sented. The analysis focuses on the changes of the secondary flow
features. The data case has axisymmetric endwalls, while the pro-
filed case has nonaxisymmetric hub and tip endwalls in stator 1
and a nonaxisymmetric rotor hub endwall.

3.1 Operating Conditions. During the measurements, the
turbine 1.5 stage total-to-static pressure ratio is kept constant at
�1.5=1.65. The constant entry temperature is kept constant to per-
mit an accurate comparison between measurements made on dif-
ferent days. To account for the change in ambient pressure on
different measurement days, the pressures are nondimensionalized
by the respective inlet total pressure. Table 2 gives the operating
conditions as well as the characteristic geometrical parameters.

Figure 2 shows the geometry and the relative positions of sta-
tors 1 and 2, as well as the relative position of the traverse planes
S1ex and R1ex.

3.2 First Stator Exit Flow Field. Figure 3 shows the total
pressure field at the exit of stator 1. The plots show a downstream
view of one stator pitch at the same relative blade position. Al-
though it is generally considered sufficient to look at steady data
to evaluate the flow field of a stationary row, the current result
illustrates that there is already a strong unsteady signature at the
exit of stator 1 due to the downstream rotor. This unsteady signa-
ture results from the unsteady work done by the rotor upstream
potential field, also termed as the bow wave.

One can identify clearly the stator secondary flows and the
wake as low total pressure regions. The core of the hub passage
vortex �HPV� extends from about 5–15% span, while the tip pas-
sage vortex core lies between 80% and 90% spans. The high total
pressure zone to the left of the pitch centerline is the signature of

Fig. 1 Secondary flow model by Schlienger †4‡

Table 1 Uncertainty bandwidth of FRAP probe

Yaw angle Pitch angle pt / �pt− ps� ps / �pt− ps�

0.24 deg 0.36 deg 1% 1.2%

Table 2 Operating conditions and characteristics of geometry

�1.5 1.65�0.4%
Tt,in 328�0.2 K

ṁ�Tt,in

pt,in

152 � 0.2% kg K1/2 /s bar

N
�Tt,in

2.48 � 0.05 rps /K1/2

Aspect ratio �S1/R1/S2� 0.87/1.17/0.82
Mach number �S1/R1/S2� 0.54/0.26/0.46
Reynolds number �S1/R1/S2� ��105� 7.1/3.8/5.1
Blade count �S1/R1/S2� 36/54/36
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the rotor bow wave. The low total pressure cores at hub and tip, as
well as in the wake region, are more pronounced in the axisym-
metric case.

Figure 4 shows the pitch angle variation in the time-space for-
mat at midheight, which is shown as line Y in Fig. 3. Inside the
wake, there is a much stronger inward pitch angle in the axisym-
metric case identified as the white region, as well as a strong
outward pitch angle shown as the dark color regions. This results
in a stronger circumferential pitch angle gradient than for the pro-
filed case. This stronger gradient is the signature of stronger trail-
ing edge vorticity due to the variation in lift up the span. There-
fore, there is more streamwise vorticity, as well as higher
dissipation within the wake. As a result there is more loss at
midheight in the datum case.

In order to better understand the unsteady rotor-stator interac-
tion, time-space diagrams at three radial heights corresponding to
the lines X, Y, and Z in Fig. 3 are presented in Fig. 5. The first cut
at Z=10% span goes through the hub passage vortex, the second
cut at midheight Y shows the wake interaction, and the third cut at
X=82% details the tip passage vortex. Vertically oriented features
in the stationary frame space-time diagrams can be attributed to
the stator flowfield, while rotor flow features show up as inclined
parallel structures. The inclined highest total pressure regions in
Fig. 5 are the rotor bow waves. The low total pressure region at
0.3 pitch is either the stator secondary flow or the wake depending
on the radial height. When this region interacts with the rotor
leading edge, its total pressure increases close to the freestream
level. One can also see the wake that moves circumferentially as it
interacts with the rotor leading edge. At the hub of the baseline

case, the rotor-stator interaction is stronger. The endwall profiling
shows beneficial changes at all three heights. The low total pres-
sure regions are smaller and less profound in the profiled case.
However, the effect at midheight is strongest because of the re-
duced shed vorticity in the profiled case. This effect was not an-
ticipated in the design phase.

Figure 5 shows that endwall profiling in low aspect ratio tur-
bines reduces the losses both in the endwall region and also at
midheight. At height Z the profiled case seems to be more homog-
enous in the freestream region compared with the baseline
measurement.

Figure 6 shows the relative total pressure at midheight. The
circumferential coordinate given as a fractional of stator pitch is
plotted against time. One can see an underlying variation in the
stator pitch direction due to the potential field of the vane. This
creates work lines in the relative frame. It can be seen as much
larger regions of low relative total pressure in the data case. In the
freestream the relative total pressure varies over time. This is the
result of a time variation of the rotor lift and indicates unsteady
flow in the rotor frame of reference.

3.3 Rotor Exit Flow Field. Time resolved. The unsteady in-
teraction of stator 1 flow features and the rotor flow features are
next examined. A good indicator of flow features are the root
mean square �rms� values of the random part of the total pressure
signal. Regions of high rms are indicative of eddy shedding or
regions of high turbulence. Using the triple decomposition of the
time-resolved pressure signal, as shown in Eq. �1�, the random
part p��t� can be evaluated as the difference between the raw
pressure p�t� signal of the FRAP probe and the phase-locked av-
eraged pressure p̄+ p̃�t�. The same approach was used by Porreca
et al. �23� to derive turbulent quantities.

Fig. 2 Illustration of geometrical relations

Fig. 3 Total pressure at traverse plane S1ex

Fig. 4 Time-space diagram: pitch angle at traverse plane S1ex
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p�t� = p̄ + p̃�t� + p��t� �1�
Figure 7 shows the downstream view of the relative total pres-

sure field of two stator pitches at one instant in time. One can see
the secondary flow features of the three blades as three low rela-
tive total pressure zones. From 90% span to the tip, one can iden-
tify the loss core of the tip leakage vortex labeled as 1 in between
60% and 80% spans the loss core of the rotor tip passage vortex 2
and finally between 15% and 35% spans the loss core of the rotor

hub passage vortex 3.
The two passage vortices are connected by the rotor wake. The

shape of the loss cores of the secondary flow features changes
between different zones of interaction �A–C�.

Figures 8 and 9 show the normalized relative total pressure and
rms in space-time diagrams. The diagonal bands of low relative
total pressure and high rms are associated with the rotor wake.
One sees only minor differences between the data and profiled
cases. At 0% pitch the upstream potential effect of the second
stator is seen as a high relative total pressure zone. Furthermore,
there is a horizontal feature of high relative total pressure and high
rms labeled 1. This zone shows the remains of the stator 1 wake.
The data case shows a much larger zone of high relative total
pressure, which also contains higher unsteadiness in terms of rms.
The wake of stator 1 shows a 4% increase of relative total pres-
sure of the stage total pressure drop over the rotor in both cases.
This indicates that work is done on the wake in the relative frame,
which is consistent with the results presented in Ref. �24�.

The more extended high relative total pressure zone in the data
case results in greater mixing loss and lower efficiency. Based on
the stationary flow field, one can differentiate between the three
interaction zones. The traverses, marked as A–C in Figs. 7–9 are

Fig. 5 Time-space diagram: total pressure at traverse plane S1ex

Fig. 6 Time-space diagram: relative total pressure at traverse
plane S1ex

Fig. 7 Relative total pressure at traverse plane R1ex
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representatives of these three interaction zones. In zone A, the
rotor flow features interact with flow features coming from the
upstream vane characterized by a region of high rms between the
two rotor wakes. Traverse B shows the interaction of the rotor
secondary flows with the leading edge of the downstream stator,
seen as a high relative total pressure zone in Fig. 8. Finally, along
traverse C there are no significant rotor-stator interactions charac-
terized by low rms values in the freestream region between the
two rotor wakes.

In order to further analyze the interactions, the three radial

traverses at A–C are plotted against time, seen in Figs. 10 and 11.
Figure 10 shows the radial-time diagram of the root mean square
values of the random part of the total pressure signal. One can
differentiate between different levels of unsteadiness in the three
cases. The regions of high rms are indicative of a potential source
of loss that subsequently dissipates and causes a rise in entropy.

Figures 10�e� and 10�f� representing traverse C show only mini-
mal rotor-stator interactions characterized by the lowest integral
rms values. The rotor flow features identified in Fig. 7 can be seen
as high rms regions. From 90% span to the tip, one can identify

Fig. 8 Time-space diagram: relative total pressure at traverse plane R1ex

Fig. 9 Time-space diagram: rms of the total pressure random part at traverse plane
R1ex „Pa…

Fig. 10 rms of the total pressure random part at traverse plane R1ex „Pa…

Journal of Turbomachinery APRIL 2010, Vol. 132 / 021008-5

Downloaded 28 May 2010 to 128.113.26.88. Redistribution subject to ASME license or copyright; see http://www.asme.org/terms/Terms_Use.cfm



the tip leakage vortex labeled with 1 in between 60% and 80%
spans the rotor tip passage vortex 2 and finally between 15% and
35% spans the rotor hub passage vortex 3. With endwall profiling,
the unsteadiness of the hub passage was reduced. The tip passage
vortex is almost unaltered, while the tip leakage vortex was re-
duced with endwall profiling.

In traverse B, the unsteadiness in the rotor hub passage vortex
rises due to the interaction with the downstream stator leading
edge. In the profiled case, the rotor hub passage vortex seems to
be larger but less intense in terms of the unsteadiness.

Along traverse A the integral rms values rise once more as
additional high rms zones occur. These zones show the remains of
the upstream vane flow features. There is a high rms zone at the
hub labeled 4 associated with the upstream vane hub passage vor-
tex. With endwall profiling this region has reduced in size and
intensity. The high rms zone at 70% span labeled 5 can be asso-
ciated with the vane tip passage vortex. Also, this zone has re-
duced in size and intensity in the profiled case. Finally, there is the
high rms zone labeled 6, which can be identified as the residual
signature of the upstream stator wake. Also the rms values in this
region have reduced with endwall profiling. In traverse A, the
unsteadiness has decreased profoundly with endwall profiling.
This is mainly a consequence of improvements in stator 1.

Figure 11 shows the radial-time diagram for the pitch angle of
the radial traverses A and C. If streamwise vorticity is present in a
flowfield, one will find circumferential gradients of pitch angle.
As the rotor vortices travel circumferentially through the radial
traverse, time gradients seen in Fig. 11 are related to circumfer-
ential pitch angle gradients in the rotor frame of reference.

Figures 11�c� and 11�d� show the pitch angle distribution of
traverse C. Between 15% and 35% spans, there is a positive time-
wise pitch angle gradient associated with the rotor hub passage 3.
With endwall profiling, this gradient has reduced by ��
=10.2 deg per blade passing period from �=65 deg per blade
passing period in the baseline case. At around 80% span, there is
a pitch angle gradient of opposite sign, which is induced by the tip
passage vortex 2. The region of negative pitch in the profiled case
is much more pronounced. The minimum pitch at 80% is 6 deg
lower in the profiled case. Around 90% span, there is another

pitch angle gradient, which is associated with the tip leakage vor-
tex 1. The gradient is modest in both cases leading to the conclu-
sion that the tip leakage flow is only of modest vortical nature.

Figures 11�a� and 11�b� shows the radial-time diagram of
traverse A. In the data case, there is a strong negative pitch angle
zone labeled 4 that is coincident with the high rms zone associated
with the vane hub passage vortex. In the profiled case, this zone
has merged with the low pitch angle region of the rotor hub pas-
sage vortex leading to a reduction in pitch angle gradients near the
hub.

Figure 12 shows the radial-time diagram of the total pressure
for traverse A. The rotor loss features are seen as low total pres-
sure zones. However, the hub loss features that originate from the
upstream vane, which are seen as regions of high rms in Fig. 10
and of low pitch angle in Fig. 11, have a higher total pressure
level compared with the freestream region 4. In the profiled case,
the region labeled 4 is more homogenous. The inhomogeneities in
the data case will mix out and result in higher losses.

Using the rms plots, the vane and rotor loss cores at the exit of
the rotor can be identified and the associated rotor exit total pres-
sure values of the stator 1 wake and hub passage vortex can be
also determined. The freestream total pressure value at rotor exit
is defined as the total pressure value coincident with the lowest
rms region in traverse A. The rotor inlet freestream total pressure
is defined as the time-averaged midspan value at �0.2 pitch. The
stator 1 wake total pressure value at rotor inlet is defined as the
minimum value at midspan. The upstream vane hub passage vor-
tex total pressure at rotor inlet is defined as the minimum value at
height Z. Using these values, the total pressure drop of the stator
1 wake and hub passage vortex fluid, as well as the total pressure
drop in the freestream, can be calculated. Table 3 gives the total
pressure drop of the freestream and the upstream vane wake and
hub passage vortex. The pressure drop is nondimensionalized by
the average stage total pressure drop. There is a 20% less total
pressure drop of the stator 1 loss regions compared with the
freestream. The loss features of the profiled case show 3.8% and
2.5% higher total pressure drops in the wake and hub passage
vortex, respectively. This means that there is a higher work ex-
traction in the profiled case, which contributes to the higher effi-

Fig. 11 Pitch angle at traverse plane R1ex

Fig. 12 Total pressure at traverse plane R1ex
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ciency. These results show that the upstream nozzle guide vane
wake and vortices do less work on the rotor than the freestream, a
conclusion that is consistent with the ideas presented in Ref. �24�.

3.4 Streamwise Vorticity. The time-averaged streamwise
vorticity and the dissipation function are next examined. The
streamwise vorticity is the scalar product of the vorticity, whose
components are given in Eqs. �2�–�4� and the primary flow vector.
The streamwise vorticity is related to secondary flows as it intro-
duces flow perpendicular to the primary flow direction, defined as
the circumferentially mass-averaged velocity profile. Therefore, a
reduction in streamwise vorticity normally leads to a reduction in
secondary loss. To calculate the three-dimensional vorticity vec-
tor, the axial gradients of the radial and circumferential velocity
components are needed. In a single axial plane traverse, it is not
possible to calculate these axial gradients.
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Therefore, the axial gradients are estimated using the time-
resolved data, with the assumption that the flow structures are
frozen over one timestep. Multiplane measurements performed
subsequent to this paper verify that this assumption is valid; these
measurements will be presented in a future publication. For ex-
ample, the following approximation for the axial derivative of the
radial velocity can be used:

�ur

�x
�

�ur

ux · �t
�5�

This approach is only correct if the flow direction is within a
very small range such as �10 deg, with respect to the axial direc-
tion. For a larger range, it is necessary to interpolate in the cir-
cumferential direction using the circumferential displacement d	
of a fluid particle over one timestep t. So if the fluid particle is
traveling in positive circumferential direction, it is displaced by
−d	 relative to the traverse Tr in the preceding timestep. There-
fore, an interpolation within the measurement grid consisting of
the radial traverses Tr is required to determine the velocity at the
same circumferential position. Equation �5� is then rewritten as
Eq. �6� and illustrated in Fig. 13.

�ur

�x
�

ur�t,	� − ur�t + 1,	 + d	�
ux · dt

�6�

Figure 14 shows the streamwise vorticity at stator exit time
averaged in the stationary frame of reference. At 85% span, there
is a region of positive streamwise vorticity 3, which is associated
with the tip passage vortex. Zone 1 shows the vorticity of the
opposite sign that represents the tip trailing shed vortex. Zone 2
shows the negative streamwise vorticity of the hub passage vor-
tex. Zone 4 shows the positive vorticity that represents the hub
trailing shed vortex. Between 15% and 75% spans, there is a band
of positive vorticity that is associated with trailing shed vorticity
5. This trailing shed vorticity has been reduced by a factor of 2

with nonaxisymmetric endwall contouring.
Figure 15 shows the streamwise vorticity at rotor exit time av-

eraged in the rotating frame of reference. The positive streamwise
vorticity at 20% span is due to the rotor hub passage vortex la-
beled 3. It is therefore evident that the nonaxisymmetric rotor hub
endwall reduces the vorticity of the hub passage vortex as was the
design intent. Zone 5 shows the negative streamwise vorticity of
the hub trailing edge shed vortex. It is therefore evident that the
nonaxisymmetric rotor hub endwall also reduces the strength of
the hub trailing shed vortex. At 75% there is a region of negative
streamwise vorticity 2. This region is associated with the tip pas-
sage vortex. Zone 4 shows the tip trailing shed vortex. Along the
casing the positive vorticity signature of the tip leakage vortex is
seen in zone 1. As the turbine has an unshrouded rotor, no endwall
contouring at the tip is possible. The tip gap size is only changed
by 1% of gap size. Therefore, the observed changes in the outer
part of the annulus come from the different stator 1 exit flow field.
One sees an increase in vorticity in the tip passage vortex region
as well as a reduction in the tip leakage region with endwall
profiling.

3.5 Dissipation. The rate of irreversible heat generation by
doing work against the viscous forces is given in Eq. �7� given in
Ref. �25�. The viscosity in Eq. �7� is the molecular or laminar
viscosity. In order to evaluate the dissipation correctly, one would
need a fine spatial resolution. The instantaneous velocity vector
with its deterministic and turbulent fluctuations is also needed. In
practice, the spatial resolution is limited by the traverse grid size
and the temporal resolution is only deterministic. For these rea-
sons, the calculated dissipation must be regarded with some care
as the modest spatial resolution and the deterministic time signa-
ture will result in an underestimate of the dissipation.

dQF = dt · �V · 
 · � �7�

�, the viscous dissipation function, is given in cylindrical co-
ordinates in Eq. �8�. The required axial gradients are approximated
in the same manner as for the streamwise vorticity shown in Fig.
13 and given in Eq. �6�.
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In order to better quantify the dissipation function, it is normal-
ized by the flux of kinetic energy given in

ṁ ·
u2

2
= � · ux · Ax ·

u2

2
�9�

where

u2 = ux
2 + ur

2 + u	
2 �10�

Table 3 Nondimensional total pressure drop

Data Profiled �%

Freestream 1.0 1.0
S1 Wake 0.78 0.81 3.8%
S1 HPV 0.80 0.82 2.5%

Fig. 13 Illustration for circumferential interpolation

Journal of Turbomachinery APRIL 2010, Vol. 132 / 021008-7

Downloaded 28 May 2010 to 128.113.26.88. Redistribution subject to ASME license or copyright; see http://www.asme.org/terms/Terms_Use.cfm



Thus we have the modified dissipation function D given in

D =

 · �

� ·
u2

2

�11�

Figure 16 shows the time-averaged dissipation function at the
stator exit in the stationary frame of reference. For purposes of
scaling, we present contours of the D parameter. D can be inter-
preted as the percentage rate at which kinetic energy is converted
into heat per second. It should be noted that Fig. 16 shows the

Fig. 14 Time-averaged streamwise vorticity in the stator frame of reference at traverse plane S1ex „1/s…

Fig. 15 Time-averaged streamwise vorticity in the rotor frame of reference at traverse plane R1ex „1/s…

Fig. 16 Time-averaged D parameter in the stator frame of reference at traverse plane S1ex „%/s…
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dissipation over only one single traverse plane. In order to relate
the dissipation to loss, one would need to integrate over the whole
volume. Nevertheless the nonaxisymmetric profiling considerably
reduces the D parameter over the whole span. This is a good
indication of the observed loss reduction. At the casing the high
dissipation region in the nonaxisymmetric case is confined to the
endwall, whereas it is accumulated in the baseline case. The dis-
sipation in the wake of the axisymmetric case is four to five times
higher. At the hub the zone of high dissipation is no longer visible
in the nonaxisymmetric case.

Figure 17 shows the time-averaged D parameter at rotor exit in
the rotating frame of reference. In Fig. 17 the dissipation is much
stronger than at the exit of the upstream nozzle guide vane, as
shown in Fig. 16. The scale is an order of magnitude greater. The
highest values are measured both in the tip leakage region and in
the interaction zone of the trailing edge shed vortex and the tip
passage vortex. The dissipation at the hub is much less pro-
nounced and reduced with endwall profiling. At 75% span, the
integrated dissipation is about the same. However, the axisymmet-
ric case shows a more intense core, while the core is diffused over
a larger area in the nonaxisymmetric case.

4 Conclusions
The results shown in this paper provide detailed explanations

for the improved efficiency of about �tt=1.0%. In this particular
design, most of the improvement can be found in the first vane
row. With a new approach using time derivatives, the streamwise
vorticity could be calculated from a single plane traverse. Doing
this it became evident that the endwall profiling has suppressed
the streamwise vorticity of the secondary flow in stator 1 and the
rotor hub as intended in the design. However, it was found that the
main reductions in streamwise vorticity with profiling, more than
50%, were achieved in the nozzle wake due to the reduced trailing
shed vorticity. The dissipation function in the wake at nozzle
guide vane exit is reduced by a factor of 5 with nonaxisymmetric
endwall profiling. The reduction in streamwise vorticity and dis-
sipation are mainly responsible for the stator 1 loss reduction of
12% reported in the first part of this two part paper.

The rotor hub endwall profile contributed to the total efficiency
increase by reducing the streamwise vorticity of the hub passage
vortex. The less distorted stator flowfield of the profiled case,
which enters the rotor leads potentially to a larger work extraction,
as well as to a more homogenous rotor exit field. With a more
homogenous rotor exit flowfield, the mixing losses are reduced. At
rotor exit it was possible to identify the wake and loss cores of the
upstream vane via their rms signature. The variation in pitch angle
and relative total pressure in the zone of rotor and upstream vane
interaction seem to have reduced with endwall profiling.
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Nomenclature
A � area �m2�
D � dissipation function �%/s�
h � enthalpy �J/kg�
ṁ � massflow �kg/s�
N � rotational speed �rps�
p � pressure �Pa�
p̄ � time mean part of pressure signal �Pa�
p̃ � periodic part of pressure signal �Pa�

p� � random part of pressure signal�Pa�
Q � amount of heat �J�
r � radial coordinate �m�
T � temperature �K�
T � blade period �s�
t � time �s�

U � mean height blade speed �m/s�
u � velocity �m/s�
V � volume �m3�
x � axial coordinate �m�

Greek
 � efficiency
	 � circumferential coordinate �m�

 � viscosity �kg/ms�
� � pressure ratio
� � density �kg /m3�

� � dissipation function �1 /s2�
� � vorticity �1/s�

Subscripts
c ,max � compressor

F � frictional
in � turbine inlet
r � radial coordinate
t � stagnation flow quantity

tt � total-to-total
x � axial coordinate
	 � circumferential coordinate

1.5 � total-to-static 1.5 stages

Abbreviations
FRAP � fast response aerodynamic probe

Fig. 17 Time-averaged D parameter in the rotor frame of reference at traverse plane R1ex „%/s…
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HPV � hub passage vortex
NGV1 � first nozzle guide vane
NGV2 � second nozzle guide vane

rms � root mean square
R1ex � rotor 1 exit

R1 � rotor 1
R1ex � rotor 1 exit
S1ex � stator 1 exit

S1 � stator 1
S2 � stator 2
Tr � traverse number
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Effects of Compact Radial-Vaned
Air Separators on Stalling
Characteristics of an Axial-Flow
Fan
The stall-prevention effect of air separators incorporating radial vanes in place of the
existing axial vanes was investigated on a low-speed, single-stage, lightly loaded axial-
flow fan for effective and compact air separators of a simplified structure. From the
survey, paying attention to several geometrical dimensions of the device, the following
conclusions are obtained: (1) Simplified radial vanes made of flat plates could show
strong stall-prevention effect comparable to those of the curved-vane type one. The most
favorable ones showed no stall up to the fan shut-off conditions. (2) Radial heights of the
recirculation passage within the air separator showed significant influences on the stall
improvement. It should be larger than some critical size experimentally given in the study.
(3) The axial length of the device should be larger than some critical size given experi-
mentally in the study. Too much reduced axial length could give rise to an abrupt loss in
the effect. (4) The optimum axial locations of the rotor-tip blade leading edge within the
device inlet opening were found to lie near the center of the width of the inlet opening
from both aspects of stall improvement and fan efficiency. �DOI: 10.1115/1.3104613�

Keywords: fluid machinery, fluid mechanics, axial-flow fan, fan stalling, antistall device,
air separator

1 Introduction

Improved performance efficiency of turbomachines, such as gas
turbines, jet engines, compressors, and fans, is desired in the fields
of electric power generation, prime movers, and industrial plants
from the point of view of not only the economy of operation but
also the problems of global climate changes and energy security.
The authors, aiming to raise both working efficiencies and opera-
tional safety of axial-flow compressors and fans, have strived for
the improvement of stall and surge characteristics of the ma-
chines.

To improve stall characteristics of axial-flow fans and compres-
sor stages, a variety of devices have hitherto been attempted, such
as casing treatment, suction bypass, blade separator, and air sepa-
rator, by many researchers and institutes �for example, see Refs.
�1,2��. Among them, the present authors have paid attention to the
air separator, especially the radial-vaned air separator, which was
proposed by one of the authors �3,4�. The preceding study �5� has
made clear that the radial-vaned air separator, Type A, has a sig-
nificantly favorable and stable effect on stall prevention. In addi-
tion to that, experimental data on effects of several parameters on
the stall-prevention effects and on the optimum relative dimen-
sions and locations of the air separators of Type A were obtained.

In this report, as a continuation of the preceding study �5�, the
results of the experimental study toward simplification and com-
pact sizing of the radial-vaned air separators will be described.
The results, together with the preceding ones �5�, will form a body
of useful information and guidelines for practical application of
the devices.

2 Axial Fan for Test
The experimental fan is a single stage one of axial inlet type

consisted of a rotor and exit guide vanes. The fan casing near the
rotor tip was modified for mounting an air separator device. Table
1 gives main numerical figures about the fan. Table 2 gives blade
geometrical data as measured for the rotor blades at the tip and the
root. Each rotor blade is made of a twisted metal plate formed in
circular-arc sectional shapes of 2 mm thickness. The rotor-tip
clearance is 2 mm in radius.

With respect to the fan performances, fan flow rates Q were
evaluated from the pressure difference of a Venturi tube located
downstream of the fan for test. Fan rotor static-pressure rise �pS
was evaluated from a difference in static pressures at an upstream
suction duct wall and at the casing wall immediately downstream
of the rotor blades. Fan power input P from the electric power
input to the fan motor �after the inverter�. Fan efficiency includes
motor efficiency. The fan speed was set at 2600 rpm. The fan
working conditions were regulated by throttling the exit valve of
the fan test ducting. The details of the test facility are given in
Yamaguchi et al. �5�. Fan stalling was judged to occur at the
zero-slope point of the fan rotor total-pressure coefficient.

For flow coefficient �t below 0.20 in the stalled zone of the
solid wall condition, reversal of strong swirling flow up to the
suction duct inlet was observed �5�. Since the swirling flow rever-
sal affected the accuracy in measurement of the fan pressure rise,
the solid wall condition characteristics for flow coefficient above
0.2 is employed here for a basis for comparison. The fan Reynolds
number based on the blade chord length and the blade tip speed
was around 4�105. The uncertainty in pressure measurements is
evaluated to be 1.5% �5�.

3 Air Separator Devices
The terms “air separator” and “solid wall” are abbreviated AS

and SW, respectively, hereafter in this report. Figure 1 shows sym-
bols of variables that are inevitable in the process of optimizing
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the AS geometry. S and C are the respective widths of the inlet
opening and the exit opening of the AS device, b is the width of
the inner ring, W is the height of the internal passage, g and h are
distances, respectively, from the upstream edge and the down-
stream edge of the AS inlet opening to the leading edge of the
rotor-tip blade section, H is the fan annulus height, and Za is the
axial chord of the rotor blade at its tip. Prototypical values of the
present experimental machine are as follows:

H = 100 mm and Za = 35 mm

W = 33 mm, C = 43 mm, S = 37.5 mm, b = 25 mm

In the course of the investigation, various dimensions were
changed and adjusted.

The AS devices studied here are Types A, B, C, and D and
Types 10 and 5. Type A is the one studied in the preceding study
�5�. Types B, C, and D and Types 10 and 5 are discussed in Secs.
5 and 6, respectively.

4 Nondimensional Parameters
Performance results are normalized with respect to the blade tip

speed ut,

Flow coefficient �t = Va/ut �1�

Rotor total-pressure coefficient �t = �pT/ 1
2�ut

2 �2�

Fan efficiency �T = Q�pT/P �3�

Here, Q is the fan flow rate �m3 /s�, P is the motor power input
�W�, ut is the fan rotor-tip speed �m/s�, Va is the annulus-average
axial velocity �m/s�, � is the air density �kg /m3�, �pS is the fan
rotor static-pressure rise �Pa� between the suction duct wall pres-
sure and the fan casing-wall pressure downstream of the rotor tip,
and �pT is the fan rotor total-pressure rise �Pa�,

Va = Q/��

4
�Dt

2 − Dh
2�� �4�

�pT = �pS + 1
2�Va

2�1 − �1 − 	2�2� �5�

Here, Dt and Dh, diameters of the fan casing and hub, respectively
�m�, and 	 is the hub-to-tip radius ratio,

	 = Dh/Dt �6�

5 Trials of Simplified Radial-Vaned Air Separator
The preceding investigation �5� studied about the effects of AS

Type A, about which the results are summarized as follows. Type
A has radial vanes having a circular-arc sectional form, shown in
Fig. 2, and numerical dimensions of W, C, S, and b listed in Sec.
3. The relative location of the leading edges of the rotor-tip blade
section to the AS inlet opening that showed favorable results in
the stall-prevention effect and the fan efficiency was for g /S of
around 0.2–0.7. The characteristics of g /S of 0.4 is shown in Fig.
6 as AS-A�t and AS-A�T. The effects of the relative location of
the leading edges of the tip blade section on the stall flow coeffi-
cient �tS and the fan peak efficiency �TP are shown in Fig. 9 as
AS-A�tS and AS-A�TP.

In the continuation of the study �5�, the authors have wished to
make the AS devices simpler and more compact for easier practi-
cal applications. So, as the next stage, the following three types of
simplified radial-vaned AS devices were tried. The sectional
shapes of the radial vanes are changed to straight-plate ones in
place of the circular-arc shape of Type A.

• Type B �Fig. 3�: Radial vanes are simplified to inclined
straight plates. The setting angle is 15 deg. W=33 mm.

• Type C �Fig. 4�: Radial vanes are simplified to inclined
straight plates. The setting angle is 45 deg. W=33 mm.

• Type D �Fig. 5�: Radial vanes are simplified to inclined
straight plates. The setting angle is 45 deg. W=11 mm, a
third of those of Types A, B, and C.

Their axial dimensions C, S, and b are the same as those of
Type A listed in Sec. 3. The relative radial heights of the AS
passages are as follows:

Table 1 Numerical data about the experimental fan

Casing diameter Dt 394 mm
Tip diameter 390 mm
Hub diameter Dh 194 mm
Tip clearance 2 mm
Fan speed 2600 rpm
Nominal motor power 1.5 kW
Nominal fan pressure rise 0.20 kPa
Nominal fan flow rate 100 m3 /min

Table 2 Conditions of the rotor blades as measured

Tip Root

Number of rotor blades 6
Chord length l �mm� 115 130
Blade spacing t �mm� 190 117.5
Pitch-chord ratio t / l 1.65 0.90
Stagger angle 
 71 deg 43 deg
Camber angle � 31.7 deg 43.5 deg

Fig. 1 Dimensions of the studied air separator and the fan

Fig. 2 Configuration of radial vanes for air separator Type A
„W=33 mm…
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W/H = 0.33�Types A,B,C�,0.11�Type D�

W/Za = 0.94�Types A,B,C�,0.31�Type D�
Figures 6 compares the performances effected by AS devices

Types A, B, C, and D and the SW condition. Respective condi-
tions are expressed as AS-A, AS-B, AS-C, AS-D, and SW in the
figure. The relative locations of the leading edges of the rotor-tip
blade sections to the AS inlet opening were kept the same as the
optimum one for Type A, i.e., g /S=0.4 �5�.

Both Types A and C eliminate the stall region over the entire
flow coefficient. Type C shows a higher pressure coefficient at the
shut-off condition. Types B and D prevent stalling over a very
wide flow range but show a peak pressure coefficient around �t of
0.05 immediately before the shut-off condition, yielding a narrow
positive-slope region.

With respect to the fan efficiency, all four AS devices show no
steep drops in efficiency in the SW stalling zone. Type A keeps
favorable efficiency comparable with the SW one in the SW
sound condition and shows better level in the SW stalled zone.
Types B and C show similar efficiency behaviors, in which the
efficiency is lower by 1–2% than the SW one and is close to that
of Type A in the SW stalled region. Type D shows an efficiency
curve lower by 2–3% than those of SW and AS Type A over the
whole flow range.

The following are summarized from the above observation.

�1� AS Type A is the best of the four from both viewpoints of
stall prevention and fan efficiency level.

�2� The simplified configurations of the radial vanes are able to
provide a large stall-prevention effect. However, some
drops in the fan efficiency appear accompanied. The fan
efficiency levels of Types B and C are comparable. Type C,
which has a setting angle of 45 deg relative to the circum-
ference, appears advantageous in suppressing stalling down
to the shut-off condition.

�3� From the results on Type D, a reduction in the radial height
of the AS passage is possible but tends to accompany some
drops in the fan efficiency.

Related to the above item �2�, the higher effectiveness in stall
prevention up to the shut-off condition achieved by Type C com-
pared with Type B could be explained very tentatively as follows.
According to Tanaka and Murata �6� on a fan applied with a blade
separator device, the meridional flow in the stall-improved region
contains a large-scale recirculation flow forming an annular vortex
ring, encasing the rotor blade tips, and extending toward the up-
stream of the separator and the rotor blade row. The recirculation
flow is stabilized by flowing through the separator passage; thus
the fan flow condition might be stabilized as a whole. The AS
situation here could be similar to the above blade-separator one.
So, it is supposed, though tentatively, that the flow rate through
the AS passage might be relatively large near the shut-off condi-
tion, where the fan flow rate itself appears very small; thus, the
higher setting angle of the radial vanes of Type C would be ad-
vantageous to treat with the large recirculation flow rate.

6 Effect of Height Reduction of the Radial-Vaned Air
Separator

In order to put the AS devices to practical use, it is necessary to
reduce the size for easier embeddability into casing walls of fans
and compressors. From the aspect, the following two AS devices
were made on the basis of the above results and some experiences
of the authors for survey on the stall-prevention effects.

�1� AS Type 10: The radial height of the internal passage W is
10 mm. The vane configuration is shown in Fig. 7. Each
vane is made of two pieces of straight plates: a main

Fig. 3 Configuration of radial vanes for air separator Type B
„W=33 mm…

Fig. 4 Configuration of radial vanes for air separator Type C
„W=33 mm…

Fig. 5 Configuration of radial vanes for air separator Type D
„W=11 mm…

Fig. 6 Comparison of the effects of air separators of Types
A–D together with the solid wall conditions on the fan
characteristics

Journal of Turbomachinery APRIL 2010, Vol. 132 / 021009-3

Downloaded 28 May 2010 to 128.113.26.88. Redistribution subject to ASME license or copyright; see http://www.asme.org/terms/Terms_Use.cfm



straight plate of a length of 20 mm inclined at an angle of
24 deg to the casing circumference and a short front piece
of a length of 4.7 mm attached circumferentially to the
front edge of the main plate. Widths of the inlet opening
and the exit one are S=30 mm and C=45.5 mm.

�2� AS Type 5: The radial height of the internal passage W is 5
mm. The vane configuration is shown in Fig. 8. Each vane
is made of two pieces of straight plates: a main plate of a
length of 12.4 mm inclined at an angle of 27.5 deg to the
casing circumference and a front piece of a length of 4.8
mm attached circumferentially to the front edge of the main
plate. Widths of the inlet opening and the exit one are S
=28 mm and C=43.5 mm.

The short front plate attached to the main plate has two aims.
The first is to approximate the vane configuration to a circular-arc
one, as is seen for Type A. It could enhance the scooping action
and will tend to reduce possible backflow reflected out of the AS
passage into the fan main flow, which were often experienced in
other types of AS devices. It has also an effect of increasing the
row solidity. The second aim is, from a manufacturing point of
view, to cut the whole row of the vanes out of only one long band
of sheet metal or other materials. It could save the cost required
for manufacturing or assembling the device out of many pieces.

6.1 Effects of Locations of the AS Devices Relative to the
Rotor-Tip Blades. Effects of locations of the AS devices relative
to the rotor-tip blade section on the stall prevention were surveyed
by varying the dimensions g and h in Fig. 1, with the other di-
mensions kept the same as before. Figure 9 summarizes the be-
haviors of stall flow coefficients and peak efficiencies affected by
the relative location g /S, including the results on AS Type A ob-
tained in the preceding study �5�. In Fig. 9, symbol notes AS_A,
AS_10, AS_5, and SW mean conditions of AS Type A, Type 10,
Type 5, and SW, respectively. �tS and �TP are the stalling flow
coefficient and peak total efficiency, respectively. The behavior of
the stall flow coefficients �tS in Fig. 9 shows that there exist
favorable zones of relative location g /S for the maximum stall-
prevention effect. For the smaller AS passage height W, the favor-
able zones are the narrower and the stall-prevention effects are the
less. Type 5 shows a drastic reduction in both the zone width and
its effectiveness in stall prevention in contrast to the very wide
range of Type A that has achieved the complete unstalling down to
the shut-off condition �tS=0. Nevertheless, Type 5 has a stalling
flow coefficient of �tS=0.20 in contrast to �tS=0.32 for the SW
condition.

As seen in Fig. 9, the stall-prevention effect disappears drasti-
cally at the upper limiting end of the optimum zone of g /S for all
the AS types tested, which could be ascribed to a situation similar

to the deteriorated stall-prevention effect caused by retracted lead-
ing edges mentioned in the preceding study �5�. In the AS devices
having a shorter passage height, the phenomenon appears even for
the condition of the blade leading edges intruding into the axial
width of the AS inlet opening. On the other hand, reduction in the
effectiveness in the stall prevention toward the smaller g /S is seen
rather gradually in Fig. 9, which could be related partly to the
situation of the deteriorated stall-prevention effect caused by pro-
truded leading edges described in the preceding study �5�.

For the shorter-height AS devices, the peak-efficiency levels,
whose accuracy is rather low and tentative, tend to be lower, and
the favorable range becomes narrower compared with those of
Type A condition.

6.2 Effects of the Widths of the Openings S and C of the
AS Inlet and Exit. The effects of widths of the AS inlet and exit
openings, S and C, were surveyed on the stall prevention, with the
relative location g /S kept at respective optimum values selected
from the above results. The employed values of g /S were 0.4 for
Type A, 0.70 for Type 10, and 0.68 for Type 5. The inlet opening
widths S were set by extending the width b of the AS inner ring by
sticking adhesive tapes of a constant width on the radial-vane
leading edges, and the exit openings C were set by inserting an-
nular spacer rings with different thicknesses.

Figure 10 shows some typical behaviors of performance char-
acteristics when the width C of the AS exit opening was changed
with the width S of the inlet opening kept constant at 20 mm. In
the symbol notes �SxxCyy� in Fig. 10, xx and yy mean the values
of S and C in millimeters, respectively. It is seen that large stall-
prevention effects are obtained for C larger than 10 mm. For the
closed exit, i.e., C=0 mm, a certain degree of effect is seen to
remain.

Figure 11 shows some typical behaviors of performance char-
acteristics when the width S of the AS inlet opening was changed,
with the width C of the exit opening kept constant at 20 mm. The
symbol notes are expressed in quite the same manner as in Fig.
10. Stall-prevention effects by the AS devices are seen to be large
but slightly changeable depending on the values of S and C.

6.3 Stall-Prevention Effect Affected by the Widths of the
Openings of the AS Inlet and Exit. Since the stall-prevention
effects are seen to vary depending on the combinations of the
values of S and C, the variations in the effectiveness in functions

Fig. 7 Configuration of radial vanes for Type 10 air separator
„W=10 mm…

Fig. 8 Configuration of radial vanes for Type 5 air separator
„W=5 mm…

Fig. 9 Effects of relative locations of air separators Type A,
Type 10, and Type 5 on the stalling flow coefficients and the
peak efficiencies
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of S and C are summarized below. As a measure of stall-
prevention effect, the following index Bs is employed:

BS = �1 − �QS
�/QS�� � 100�%� �7�

Here, fan flow rates at the stall point are expressed as Qs for the
SW condition and Qs� for the AS condition. For the case of no
stall down to the shut-off condition, Bs=100, and in the case of no
effect, Bs=0.

Figures 12 and 13 show contour maps for index BS for AS
devices Type 10 and Type 5, respectively, against of S and C. The
iso-BS lines are interpolated from data measured at “X” points on
the maps.

The largest values of achieved BS are 72.7 for Type 10, 39.4 for
Type 5, and 100 for Type A �5�, which are attained at the top-right

points of the respective figures.
Figures 12 and 13 show tendencies similar to those for Type A

given in the preceding study �5�. There exist Zones A and B,
where the iso-BS lines are determined mostly by the inlet opening
width S in the former and by the exit opening width C in the latter,
respectively. Zone B for Type 5 in Fig. 13 is seen to be influenced
by both S and C.

AS dimensions determined in such a manner as to minimize the
additive value �S+C� on each iso-Bs contour could minimize the
axial size of the device for the Bs value. Such a condition is drawn
as an optimum line, though very roughly, in Figs. 12 and 13. Line
C=S, meaning the condition of equal widths of the inlet opening
and the exit opening, is inserted for reference in the figures.

7 Summary and Considerations

7.1 Influence of Reduced Passage Height W. As seen in the
decreasing order of the maximum Bs of AS devices Types A, 10,
and 5, the reduction in the AS passage height W causes a signifi-

Fig. 10 Fan characteristics affected by the application of air
separators Type 10 for S=20 mm and variable sizes of C

Fig. 11 Fan characteristics affected by the application of air
separators Type 10 for C=20 mm and variable sizes of S

Fig. 12 Effects of opening widths of the inlet and the exit of air
separator Type 10 on the stall improvement index Bs

Fig. 13 Effects of opening widths of the inlet and the exit of air
separator Type 5 on the stall improvement index Bs
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cant drop in the effectiveness of stall prevention. Figure 14 shows
the tendency in the maximum Bs values affected by the passage
height W of the respective AS devices, though including possibly
some influences owing to the differences in the vane configura-
tions. As seen in Fig. 14, devices smaller than Type 10 �W
=10 mm� could have a steeply reduced Bs max value. As a mea-
sure, W larger than 10 mm for this particular fan is recommended.
Or, in a relative form defined with the axial chord of the rotor-tip
blade section Za as the reference length, W /Za larger than around
0.3 could be recommended.

The reduced effectiveness could be ascribed to the lowered ca-
pacity of the AS passage because of the insufficient passage
height, i.e., reduction in the scooped flow rate in the inlet opening
and incomplete discharge from the exit opening of the scooped
flow.

7.2 Influence of the Axial Length of the AS Devices. Maxi-
mum values of stall improvement index Bs achievable by a given
axial length of AS devices �C+S� are plotted in Fig. 15, whose
data are read from Figs. 12 and 13 in the present report and from
Fig. 12 in the preceding report �5�. The right edge points of the
curves are the respective maximum Bs max values shown in Fig.
14. It is seen that the highest magnitude of achievable Bs is de-
termined mainly by the AS passage height W and that, with a
decrease in the axial length �C+S�, the achievable Bs lowers. For
further decrease in �C+S�, Bs tends toward 0. In order to obtain a
level near Bs max, �C+S� larger than roughly 45 mm for this
particular fan or �C+S� /Za larger than 1.3 in a relative form

would be necessary.
With respect to the respective lengths S and C, the optimum

lines given in Figs. 12 and 13 in the present report and in Fig. 12
in the preceding report �5� could be referred to.

7.3 Favorable Relative Locations of the AS Devices. As
shown in Fig. 9, with reducing AS passage height W, the favor-
able ranges of g /S become narrower, and at the same time the
optimum location moves. The tendency is shown in Fig. 16 for the
condition of the maximum widths of the AS openings. While the
deterioration due to retracted leading edges is seen to occur
roughly above g /S of around 0.8 common for the three types, the
deterioration due to protruded leading edges and exposed blade
tips are seen to occur earlier, with decreasing height of the de-
vices. Accordingly, the optimum location moves from g /S of
around 0.4 for Type A to around 0.7 for Types 10 and 5. For the
smaller W, the deterioration due to protruded leading edges ap-
pears, with the leading edges located halfway in the axial width of
the AS inlet opening, which suggests a more complicated situation
than that supposed for Type A. As a possible situation in the
relatively wide AS inlet openings, in addition to the above dete-
rioration, a considerable part of the flow pushed into the inlet
opening might have reflected back into free space in front of the
blade tips in vain, only giving more disturbances to the main flow,
thus reducing the probable stall-prevention effect.

7.4 Influence of Closed Exit Opening. Condition C=0 mm
in Figs. 12 and 13 means a completely closed exit opening of the
AS devices. For the condition, the rate of throughflow within the
AS passage is zero. Even at this condition, a certain extent of the
stall-prevention effect is seen to remain.

The authors suppose that, in the condition, the effect is helped
by a mechanism similar to the casing treatment effect. The term
“casing treatment” is abbreviated as CT hereafter. The stall-
prevention effect by the CT �for example, see Ref. �7�� is consid-
ered as follows; while rotor-tip blade sections sweep the treated
surface, the pressure-side high pressure of a blade pushes the air
into the internal volume of the CT, and the pushed-in and com-
pressed air blows back into the lower pressure region of the blade
suction-side, blowing away the low-energy flow and making the
tip environment cleaner.

As to AS Type 5 with the closed exit opening �C=0 mm�, it is
considered that the above phenomenon could have occurred and
improved somewhat the stalling environment. In addition to that,
as seen in Fig. 13, an increase in the width of the AS exit opening
above C of around 10 mm does not cause further stall-prevention
effects. It is conjectured that even when C is sufficiently large,

Fig. 14 Achieved maximum stall improvement indices Bs max
for air separator passage height W

Fig. 15 Tendency of stall improvement indices Bs achievable
for given axial widths of air separator openings „C+S…

Fig. 16 Favorable range of g /S for stall improvement affected
by the air separator passage height W for respective maximum
widths of inlet and exit openings
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Type 5 could not discharge all the scooped flow out of the exit
opening, and a significant portion of the scooped flow might be
reflected back at the inlet opening in a similar manner to the CT
action.

In contrast to the above, the essential feature of the AS is to
rectify all the scooped flow and discharge them out of the exit
opening, which could be more effective if the conditions are well
prepared. The situation of Type 10 seems to be halfway between
those of Types A and 5.

7.5 Comparison of the Stall-Prevention Effects With
Those of Casing Treatments. The order of magnitude of the
stall-prevention index BS in the CT application has been reported
by Fujita and Takata �8� to be 20 in maximum and by Yamaguchi
et al. �9� to be as large as 38 in maximum. The maximum Bs
values of order of 40 obtained by Type 5 in this study are consid-
ered to be comparable to the highest possible level of those by
CTs.

In consideration of the structural complexity of the AS devices
compared with the simplicity of the CT structure, by far the more
effective AS devices are desired for the practical application. For
the purpose, an AS device with passage height W larger than 10
mm, which is equivalent to Type 10, is recommended for the
particular fan condition. Or, in a relative form, W /Za greater than
around 0.3 could be recommended as a measure.

7.6 Influence of the Thinner AS Devices on the Overall
Performances. Figure 17 compares the best overall performances
for the AS devices Types A, 10, and 5 and for the SW condition.
It will be useful to predict the performance achieved by interme-
diate AS height conditions.

The stall points on the curves are seen lying on a dotted line
nearly parallel to the pressure curve of Type A. It demonstrates the
reduction in the stall-prevention effects with the reduction in the
AS passage height. It suggests that the maximum recirculation
flow rate allowable in the respective AS passages might have in-
fluences on the effectiveness.

According to Lee �10� on stall-improving effects by suction or
injection through treated casing walls near the blade tips, the
amount of the stall improvement depends greatly on the flow rate
of the suction or injection. In the AS conditions, the recirculation
flow rate will be determined in a self-balanced way, depending on
several quantities, such as centrifuging forces of the flow, pressure
losses within the AS passage, and wall pressure difference in the
main flow between at the ASAS passage inlet and exit, many of

which are intimately tied with the geometrical layout of the device
and the relative arrangement of the blade tip and the AS device. In
the smaller AS device, a sophisticated structure will be the key for
success since the recirculation flow rate would naturally be
smaller and the stall-prevention effects would be lower.

The efficiency curves show similar behaviors for the AS ap-
plied conditions. Peak efficiencies are the best for the conditions
of SW and AS Type A. Type 5 shows some drop in the peak
efficiency compared with the two. In the SW stalled region, all the
AS applied conditions show improved efficiencies compared with
the SW one.

8 Conclusion
The experimental study aimed to simplify the structure and re-

duce the sizes of radial-vaned air separators was conducted in the
continuation of the preceding study �5�. By use of the AS devices
equipped with simplified radial vanes made of inclined flat plates,
the effects of the passage height W and the widths of the inlet
opening and the exit opening, S and C, respectively, on the stall
prevention were surveyed.

The following conclusions have been obtained, which are con-
sidered to be applicable to fans having conditions similar to the
lightly loaded one tested here.

�1� AS devices equipped with radial vanes made of an inclined
straight plate, when having a sufficiently large AS passage
height �W�, achieved favorable stall-prevention effects
comparable to those of radial vanes having a circular-arc
sectional shape �Type A �5��.

�2� AS passage height W exerted a significant influence on the
stall-prevention effect. The height satisfying the condition
W /Za�0.3 is recommended if Za could be selected as an
appropriate measure for the purpose. Below the level, dras-
tic drops in the stall-prevention effects and the efficiencies
could occur.

�3� Favorable relative locations g /S of the AS inlet opening
relative to the leading edges of the rotor-tip blade section
range roughly from 0.4 for large W to 0.7 for small W.

�4� A possible minimum axial length of the AS devices for a
given stall-prevention index Bs could be determined as a
condition for the minimum values of �S+C� for the Bs
value. As to the axial length, the value of �S+C� /Za�1.3
is recommended.

�5� The stall-prevention effect by the smallest AS device, Type
5, with the exit opening closed �C=0�, is comparable to the
possible maximum effects achieved by casing treatments.

�6� Although AS devices are considered to have naturally a
greater potential for stall prevention than that by CTs, the
structures tend to be more complicated than those of CTs.
Therefore, for practical use of the AS devices taking full
advantages of the excellent potential, an AS size greater
than Type 10 for the particular fan conditions or a relative
passage height W /Za�0.3 is recommended.

The authors consider that the above results have provided im-
portant basic data both from the practical point of view of devel-
oping more effective stall-prevention devices and from the phe-
nomenological point of view of considering the mechanism of the
AS effects. For highly loaded fans and compressor stages, further
investigations are necessary, but the above results could be sug-
gestive also in the study process.
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Nomenclature
b  axial length of the inner ring of the air separa-

tor �m�
Bs  index of improvement of stalling flow �%�
C  axial width of the exit opening of the air sepa-

rator �m�
Dh  hub diameter of the fan �m�
Dt  casing-wall diameter of the fan �m�
g  distance between the leading edge of the rotor

tip and the upstream edge of the inlet opening
of the air separator �m�

h  distance between the leading edge of the rotor
tip and the downstream edge of the inlet open-
ing of the air separator �m�

H  annulus height of the fan �m�
l  chord length of the rotor bade �m�

P  power input to the driving motor �W�
Q  fan flow rate �m3 /s�

QS  stalling flow rate of the solid-wall fan flow rate
�m3 /s�

QS
�  stalling flow rate of the fan with the air separa-

tor �m3 /s�
S  axial width of the inlet opening of the air sepa-

rator �m�
t  spacing of neighboring blades �m�

ut  peripheral speed of the rotor tip �m/s�
Va  axial velocity �m/s�
W  height of the internal passage of the air separa-

tor �m�
Za  axial width of the rotor blade tip �m�

�pS  fan rotor static-pressure rise �Pa�
�pT  fan rotor total-pressure rise �Pa�

�S  fan static efficiency
�T  fan total efficiency

�  air density �kg /m3�
�  camber angle of the rotor blade �deg�

�t  fan flow coefficient

�t  fan rotor total-pressure coefficient

  stagger angle of the rotor blade �deg�

Indices
P  fan peak-efficiency point
t  normalized with reference to the rotor-tip

speed
T  total pressure
S  static pressure or Stalling point
�  stalling point in the presence of the air

separator
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Particle Image Velocity
Investigation of a High Speed
Centrifugal Compressor Diffuser:
Spanwise and Loading Variations
An efficient diffuser is essential to a modern compressor stage due to its significance in
stage performance, durability, and operability. To address the need for data that describe
the complex, unsteady flow field in a vaned diffuser, particle image velocity is utilized to
characterize the spanwise and circumferential variations in the flow features in the vaned
diffuser passage of a transonic centrifugal compressor. The spanwise variation in the
diffuser flow field is further investigated by the comparison of three different operating
conditions representative of low, nominal, and high loading. These data demonstrate that
not only the diffuser flow field is highly dependent on the operation conditions, e.g.,
hub-to-shroud variation increases with loading, but also the circumferential periodicity,
created by the highly three dimensional impeller discharge flow, generates a larger un-
steadiness toward the hub region of the vaned diffuser. �DOI: 10.1115/1.3104616�

1 Introduction
Future small gas turbines rely on higher efficiency and pressure

ratio centrifugal compressors to achieve lower specific fuel con-
sumption, higher specific power, and higher power to weight ratio.
An efficient diffuser is essential to a modern compressor stage due
to its significance in stage performance, durability, and operability.

Even though investigations of low speed compressor flow fields
have been used to develop a knowledge base for design and gen-
erating flow models, they are not true representations of transonic
centrifugal compressors. Hathaway et al. �1� conducted an inves-
tigation for identifying the feasibility of using a low speed com-
pressor to capture the flow physics and as a starting point for
experimentally validating codes that would later be used for de-
signing high speed machines. It was concluded that the secondary
flows, which are significant in centrifugal compressors, are
strongly affected by the impeller speed, and for high speed appli-
cations, empirical data from nonscaled models are crucial.

Also, often data on the exit flows of impellers with vaneless
diffusers have been used for design models that included vaned
diffusers, i.e., making use of an isolated impeller approximation.
Though this approach might be a starting point for advanced de-
signs, it is very limited in its accuracy �2�. For example, Inoue and
Cumpsty �3� reported that the presence of diffuser vanes consid-
erably increases the pressure at the exit of the impeller, thus cou-
pling the vane inlet and impeller exit flow fields �4,5�. Conse-
quently, matching a vaned diffuser to an impeller is a nontrivial
task due to the complicated flow mechanics involved �6�.

Another approximation in the design process is that most com-
pressors are designed for steady relative flows, but the actual flow
is unsteady with a high degree of interaction between the impeller
and diffuser. The effects of the diffuser geometry on the compres-
sor stage are difficult to predict due to the existence of this cou-
pling between the impeller and diffuser. The potential field gener-
ated by the diffuser and imposed on the impeller exit is not only
driven by its geometry but also dependent on the unsteady diffuser

loading. This loading is in turn a function of the rotating impeller
potential field and the highly three dimensional velocity field pro-
duced by the impeller.

Unfortunately, adequate steady and unsteady data, representa-
tive of today’s advanced high speed compressors, are limited in
the open literature. From a high cycle fatigue �HCF� perspective,
El-Aini et al. �7�, in a review of the limitations in predicting and
designing for HCF, outlined that the current prediction tools fall
short for forced response analysis of today’s machines. The nec-
essary development areas were indicated as high Mach number
unsteady flows, strong fluctuations in incidence angle, unsteady
separated flows, and cases of high incidence. Specific needs were
identified to be not only prediction techniques but also experimen-
tal data for validation.

HCF is a key issue especially in the impeller trailing edge re-
gion due to the unsteady pressure fluctuations caused by the dif-
fuser potential field, which is also a function of the flow structures
present at the vane throat. In radial flow turbo pumps, it has been
shown that these cyclic pressure variations imposed on the impel-
ler trailing edge can be larger than the steady pressure rise across
the machine �8,9�. Less information is available on the interaction
in high speed air compressors. Characterization of this type of
impeller-diffuser interaction is not only important from a HCF
perspective but increased coupling could lead to larger tip leakage
losses characterized by considerably larger entropy production at
the impeller �6�, and thus affecting the stage efficiency. One of the
most important parameters in unsteady impeller-diffuser interac-
tion is the ratio of the diffuser inlet radius to impeller exit radius,
i.e., the radial gap. Ziegler et al. �4,5� acquired steady and un-
steady �laser-to-focus� measurements at the impeller exit and dif-
fuser throat regions while changing this parameter. These experi-
ments thus worked to characterize the effect of impeller-diffuser
coupling on efficiency, impeller flow structures, and unsteady dif-
fuser loading.

In an impeller passage there are high and low momentum re-
gions that are often referred to as the jet and wake, respectively.
The intensity of these zones not only varies in the circumferential
direction but also along the span �10�. As the flow emerges from
the impeller, the blade forces are lost and the jet and wake un-
dergo a rapid mixing process in the vaneless space. Even though
some early models have assumed uniform flow due to this mixing
in the circumferential directions downstream of the vaneless
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space, it has been shown by Gallier et al. �11� and Gallier �12� that
the mixing process is not sufficient to produce a homogeneous
flow region. On the contrary, the flow imposed on the vaned dif-
fuser inlet is highly irregular and three dimensional. There are
other results supporting this observed flow complexity in the
vaneless space. Krain �13,14� used laser-to-focus measurements to
show large unsteady vane inlet flow angle variations in both the
spanwise and circumferential directions.

This diffuser inlet flow unsteadiness was shown to propagate
far into the diffuser passage. The delayed mixing in the spanwise
direction and the circumferential propagation of low momentum
fluid from the impeller resulted in a highly three dimensional flow
field throughout the diffuser �15�. The vaned diffusers are highly
sensitive to the mean and unsteady incidence. The single most
important parameter governing the channel diffuser recovery is
the boundary layer blockage at the throat �16�, and this is known
to be a nearly linear function of the vane leading edge incidence
�17�.

From an operability aspect, often the flow range of a centrifugal
compressor is limited by stall or choke of the vaned diffuser, and
the most important portion of the diffuser is the semivaneless
space between the leading edge and the throat of the diffuser
vanes �18�. The blockage factor at the throat, which is based on
the diffusion from the leading edge of the blade to the throat and
the inlet condition of the diffuser channel, is determined by this
part of the diffuser. The complexity of the inlet flow, specifically
the periodic variations in the flow angle, has adverse affects on the
performance and operability, if not managed well. It is also known
that the mean and unsteady incidence relative to the vane suction
surface is the significant parameter for diffuser performance and
stall �18�. If the flow field in the diffuser is well understood, this
creates potential for radial machines to have higher efficiencies
and wider operation ranges.

Overall, the flow field through the impeller exit and vaned dif-
fuser is three dimensional, coupled, and characterized by high
levels of deterministic unsteadiness. The vane flow features in-
clude shocks �19�, boundary layer/shock interactions �18�, partial
separation zones �concentrated in the hub leading edge� �15�,
varying inlet flow momentum, and incidence regions imposed on
the diffuser vanes �13–15�. In addition, there is a high degree of
interaction between the impeller and diffuser that prevents accu-
rate analysis as isolated components �3,5�. To address the need for
experimental characterization of this complex flow field, pre-
sented herein are the results from the particle image velocimetry
�PIV� measurements in the diffuser passage of the Purdue high
speed centrifugal compressor. This high-efficiency compressor
features an impeller that produces a diffuser entry flow field typi-
cal of modern transonic compressors. The flow characteristics are
analyzed from hub-to-shroud at several relative impeller-diffuser
positions for operating conditions at low �on the choke line�,
nominal, and prestall loading.

2 Technical Approach

2.1 Experimental Facility. The Purdue high speed centrifu-
gal compressor facility consists of an Allison 250-C30G tur-
boshaft engine that drives the research compressor through a slave
gearbox. The centrifugal test compressor includes an advanced
design 50 deg back-sweep impeller that consists of 15 full and
splitter blade pairs upstream of 22 wedge-type diffuser vanes. The
ratio of the diffuser inlet radius to the impeller exit radius is 1.094.
The nominal operating speed of the compressor is 48,450 rpm.
The design and nominal performance parameters of the research
compressor are noted in Table 1.

The facility is instrumented with various steady temperature,
pressure, and optical probes to measure rotational speed, mass
flow rate, pressure ratio, and efficiencies. To change the speed of
the test compressor, the C-30 engine output shaft speed is
changed. The compressor is throttled with a butterfly valve at the
exit of the outflow duct. The mass flow rate is calculated from the

total and static pressures and the inlet total temperature measured
with two rakes upstream of the test section. The pressure ratio
�PR� is determined by the ratio of the mass averaged inlet total
pressure and the mass averaged exit total pressure calculated from
the measurements of four three-headed total pressure rakes dis-
tributed in four separate diffuser passages. Also, the exit gas tem-
perature is measured at the exit plenum. From these measure-
ments, the compressor’s flow-pressure characteristic can be
defined by the corrected speed and corrected mass flow rate.

2.2 PIV Velocity Measurements. PIV is an optical imaging
technique that allows velocities in a flow field to be measured.
The flow is seeded with particles that track the fluid, and a planar
laser light sheet is pulsed to illuminate these particles. An image
of the particles is captured by a charge-coupled device �CCD�
camera perpendicular to the plane of the light sheet. A second
laser pulse and exposure is made after a short time delay to extract
a second image of the flow field. During analysis, both of these
images are then divided into smaller sectors, called interrogation
regions, and an average velocity within each interrogation region
is determined by advanced cross correlation methods.

The PIV configuration for these experiments consists of a Solo
PIV Nd:YAG laser of 532 nm wavelength, a Hi-sense MKII CCD
camera, and Nikon Nikkor 35 mm focal length camera lens. To
synchronize the laser and the camera, Dantec DYNAMICS FLOW

MANAGER, Version 4.71, software was used. This software also
provided the necessary routines to process the PIV images. A
BNC Model 555 pulse delay generator is used to generate a phase
lag to a once-per-revolution trigger signal digitally generated by
TTI LT-850 laser tachometer. This allows data acquisition of dif-
ferent relative impeller-diffuser positions.

The seeding was introduced by a Topas Model ATM 210/H
aerosol generator using diethyl hexyl sebacate �DEHS� seeding
fluid. The DEHS seeding fluid particles have a mean diameter of
0.25 �m. A detailed analysis by Gallier �12� showed that they are
small enough to track flow features as small as 0.5 mm with error
limited to 1.09% of the true velocity in regions bounded by the
sonic velocity in the diffuser region. Clearly, for shock structures
where the length scale is small �a few mean free paths�, the error
is considerably larger. Based on the above analysis, the “smear-
ing” of the shock interface to a more finite length scale in the
range of 10−4 m is thus expected.

An iterative multigrid cross correlation routine with window
offsetting was used to extract the velocity information. In the cur-
rent analysis, raw images are subjected to an adaptive correlation
routine with initial and final interrogation areas of 128
�128 pixels and 16�16 pixels, respectively, with a 50% over-
lap applied among different regions at each four refinement steps.

Assuming an adiabatic process from the diffuser to the plenum,
the total temperature throughout the diffuser is taken as that mea-
sured in the discharge plenum, and this with the measured velocity
determines the local static temperature, local acoustic speed, and

Table 1 Research compressor parameters

Impeller
Tip diameter 21.65 cm
Inlet diameter 14.2 cm
No. of blades 15 full and splitter pairs
Backsweep angle 50 deg
Design speed 48,450 rpm �CW seen from inlet�

Diffuser
Inlet diameter 23.67 cm
Exit diameter 34.50 cm
Axial passage width 1.384 cm
No. of vanes 22
Radial gap 1.094
Diffuser inlet vane angle 79.4 deg
Wedge diffuser opening angle 7.85 deg
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thus the Mach number, M. The flow angles presented are mea-
sured from the centerline of the diffuser passage and taken posi-
tive in the clockwise direction.

2.3 Error Analysis. The PIV measured velocity V=S�p /�t,
where �p, S, and �t are particle pixel displacement, optical mag-
nification, and the time delay between the two consecutive im-
ages, respectively. Westerweel et al. �20� reported that the average
measurement error for an interrogation analysis through cross cor-
relation with window offset was approximately 0.04 pixels. As-
suming the maximum particle displacement of 4 pixels �one-
fourth of the diameter of a 16�16 pixel interrogation window�,
this would imply a relative measurement error of ���p� /�p
=1%. In this setup, the scale factor, S, is 12.108 pixels/mm. It is
established by comparing the images of a high precision Max
Levy DA039 line grid ruler with the distances indicated by the
grid. Considering the magnification factor, the grid lines appear
0.92 pixels wide through the CCD camera; thus the scale is known
to be within a pixel. Using this information, the uncertainty due to
optical magnification is ��S� /S=0.41%. In this experiment, the
time delay between the two consecutive images of the CCD cam-
era is the minimum allowed by the hardware limitations, �t
=10−6 s. The architecture of integrated circuits, such as those
found on a computer board, may introduce fluctuations in the time
delay, on the order of 1 ns. Thus the uncertainty associated with
the time delay can be calculated as ���t� /�t=0.1%. For the above
considerations, the uncertainty in the velocity measurements
based on the experimental setup is given by

��V�/V = � ����S�/S�2 + ����p�/�p�2 + �����t�/�t��2�1/2 �1�

using the formula outlined by Kline and McClintock �21� for a
three-parameter model, which in this case is equal to 1.08%.

2.4 Experiment Conditions. In these experiments, the dif-
fuser flow field in the Purdue centrifugal compressor is investi-
gated utilizing PIV. Experiments are conducted in the vaned dif-
fuser at three spanwise locations: 25%, 50%, and 75% spans,
referred to as the hub, mid, and shroud planes. At all spanwise
locations, five relative diffuser-impeller locations are considered,
with the impeller full-splitter blade passage pair divided into five
equally spaced phase delays, referred to as Delay 0, Delay 1,
Delay 2, Delay 3, and Delay 4. The data presented are ensemble
averaged with 200 images with a local minimum of 25 valid time
instances for each vector flow field map. The window over the
diffuser section where data are acquired is shown in Fig. 1.

Experiments are conducted at three operating conditions repre-
sentative of low, nominal, and prestall loading conditions �22�.
The corresponding corrected speeds �Ncor�, corrected mass flow
rates �mcor�, and total-to-total stage PRs are given in Table 2.

3 Results

3.1 Vaneless Space: Diffuser Inlet Flow. Prior to analyzing
the diffuser results from this study, it is useful to characterize the
relationship between structures in the impeller exit flow and those
in the diffuser flow field. The impeller discharge flow, as de-
scribed by Dean �16�, consists of two main regions characterized
by high and low relative momentum fluids referred to as the jet
and wake. Although later authors have refined the details of this
model, this basic description of the exit flow of the impeller is
both accurate and useful. The wake region, accumulating at the
corner formed by the suction surface and the shroud, is a low
velocity region in the impeller frame of reference. Due to the high
tangential component created by the wheel speed in the fixed
frame of reference, the wake is identified as a high velocity region
with a flow angle mainly in the tangential direction. The jet region
is a high velocity region in the relative frame but similarly is
observed as a low momentum region in the fixed reference frame.

PIV experiments conducted by Gallier �12� for the 90% speed
line describe the flow in the vaneless space of the Purdue Cen-
trifugal Research Facility. Gallier’s results show a jet and wake
structure persisting from the hub to the shroud at the impeller exit,
with the extent of the wake fluid increasing toward the shroud,
with the mean incidence on the vanes varied by 11.1 deg from hub
to shroud. There were also significant circumferential variations in
velocity and flow angle due to the jet/wake passing.

To visualize the relationship between the flow in the vaneless
space and that measured in the diffuser, Mach contours reported
by Gallier are matched with exemplary diffuser data gathered in
this investigation at 100% speed for a single relative impeller-
diffuser position �Fig. 2�. Even though Gallier’s investigation was
conducted at lower speed, this illustration provides a qualitative
interpretation of the flow features imposed on the diffuser. For
illustrative purposes, local flow vectors, shown as black arrows
superimposed on the contour plot, are drawn to be representative
of the flow direction and are scaled to the local Mach numbers.
The suction and pressure surfaces of the vanes and blades are
indicated with an s or p, respectively.

With all data in the fixed frame, Vector A indicates the impeller
jet flow imposed on the diffuser suction side wall, with less swirl
and lower momentum than the wake fluid. Vector B shows the
approach of the impeller wake toward the diffuser suction side
wall. For the given impeller-diffuser geometry, with 30 full and
splitter blades and 22 vanes, there are 1.35 blade passages im-
posed on the diffuser inlet at any given time. For the delay shown,
there is impingement of yet another impeller jet on the semivane-
less space region just before the diffuser throat, Vector D. In the
prethroat region E, the flow coming from the upstream portion of
the vane with higher momentum, Vectors B and C, interacts with
the low momentum region of the impeller jet �Region D�. As the
fluid enters the throat, it accelerates due to area reduction. Down-
stream of the throat, Vector F, the flow transitions supersonic to
subsonic. Further downstream, there is a more uniform diffusion
region, represented by Vector G.

3.2 Diffuser Flow Field-Nominal Loading. Figures 3 and 4
present the diffuser flow field at the hub measurement plane for
five time delays at nominal loading. Figure 3 is the phase locked
ensemble averaged Mach number, and Fig. 4 is the corresponding
flow angle; the flow angles presented are measured from the cen-

Table 2 Testing conditions

Loading Ncor

mcor
�kg/s� PR

Low 101.87%�0.06% 2.326�0.009 4.0452�0.004
Nominal 101.23%�0.06% 2.296�0.009 4.2414�0.004
Prestall 101.08%�0.06% 2.023�0.008 4.5556�0.004

Fig. 1 Diffuser access window
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terline of the diffuser passage and taken positive in the clockwise
direction �i.e., with impeller rotation�. In this coordinate system,
increasing flow angles �more positive� indicate flow in a more
tangential direction.

There is a Mach number increase just downstream of the lead-
ing edge of the vane suction surface, in what is termed the semi-
vaneless space. The semivaneless space consists of the triangular
region restricted by the suction side leading edge, pressure side
leading edge, and the diffuser throat. The Mach number is ap-
proximately 0.9 in this region, consistent from the design criteria
outlined by Pampreen �23� that suggest that designers avoid su-
personic flows in this region, thereby avoiding prethroat shock
structures and their adverse effects on boundary layer growth.

This region is consistent with a blockage-driven acceleration of
the flow about the suction side of the diffuser and is seen in all
time instances. As shown in Fig. 4, circumferential flow angle
variation across the entry to the semivaneless space is on the order
of 12 deg.

In Fig. 4, the more negative �i.e., more radial� flow angle data
reflect the passage of the jet flow structure into the diffuser. As
explained in Fig. 2, due to the blade-to-vane ratio of 1.35, two
impeller jet regions are seen to be imposed on the semivaneless
space, most visible in Delay 3. Immediately after the acceleration
at the start of the semivaneless space, the flow decelerates again,
most clearly seen at Delays 0 and 3 in Fig. 3 where the Mach
number changes from 0.8 to 0.7 before the throat is reached. The

Fig. 2 Impeller flow interaction with the diffuser, Mach number distribution,
and typical delay

Delay 2

Delay 1

Delay 0

Delay 3

Delay 4

Fig. 3 Nominal loading, hub plane, Mach number

Delay 0

Delay 1

Delay 2

Delay 3

Delay 4

Fig. 4 Nominal loading, hub plane, flow angle �°
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Delay 1

Delay 0

Delay 3

Delay 2

Delay 4

Fig. 5 Nominal loading, midplane, Mach number

Delay 0

Delay 1

Delay 2

Delay 3

Delay 4

Fig. 6 Nominal loading, midplane, flow angle �°

Delay 1

Delay 3

Delay 2

Delay 4

Delay 0

Fig. 7 Nominal loading, shroud plane, Mach number

Delay 0

Delay 1

Delay 2

Delay 3

Delay 4

Fig. 8 Nominal loading, shroud plane, flow angle �°
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behavior of the flow in this region is partly a function of the area
increase with increased radius, as it is seen at all time instances to
some extent. But the main cause is believed to be due to the jet
flow, characterized by a large negative flow angle region by the
diffuser throat �Fig. 4� interacting with the suction side accelera-
tion region, identified by a locally higher Mach number in the
semivaneless space �Fig. 3�. This interaction creates a zone of
rapid adjustment, where these two flow fields interact, identified
by the locally lower Mach number region upstream of the throat.

The flow downstream of the throat seems to be fairly unaffected
by the circumferential variations after M=0.8 is reached �Fig. 3�.
In contrast, near the throat, the flow is significantly affected by the
impeller position. The flow reaches a supersonic Mach number,
then shocks down to a subsonic flow, with the location of this
shock transition and the maximum Mach number a function of the
vane-impeller relative position.

Figures 5 and 6 present the flow Mach number and angles for
the midplane region at nominal loading. Similar features to that of
the hub plane are observed in the flow field. In Fig. 6, at the start
of the semivaneless space the minimum flow angle has become
more tangential, resulting in a maximum circumferential flow
angle variation of approximately 8 deg. Also, comparing Figs. 3
and 5, the Mach numbers in the semivaneless space and the throat
are elevated, consistent with the higher momentum levels ex-
pected at midspan. These results are consistent with an increasing
fraction of the flow being wake fluid compared with the hub
plane. The Mach numbers for the region downstream of the throat
at the midspan are also elevated, approximately by 0.25 compared
with the near hub measurement plane, expected by the higher inlet
momentum flow. In the throat region, the Mach number variations
with delay time are also larger when compared with the hub mea-
surement location. At the hub plane, the flow downstream of the
throat seems to be fairly unaffected by the circumferential varia-
tions after M=0.8 is reached.

Focusing on the near-shroud plane at nominal loading �Fig. 7�,
the trend of an increase in the overall Mach numbers as the shroud
is approached continues. This is especially noticeable in the ex-
tension of the semivaneless space acceleration region as well as
downstream of the throat. This feature is consistent with an in-
creasing fraction of wake fluid. Comparing the flow angle data
�Fig. 8� with other spanwise locations �Figs. 4 and 6�, the flow is
more in the tangential direction, and the circumferential variation
across the entry to the semivaneless space has been further re-
duced to 4 deg. Also, the flow downstream of the throat appears to
be much more uniform when compared with other spanwise loca-

tions �Figs. 4 and 6�. This is mainly due to the fact that at this
spanwise plane the effects of the jet flow are minimized.

3.3 Diffuser Flow Field-Loading Effects. Overall at nominal
loading, there is a large inhomogeneity in the diffuser flow field
dependent on not only spanwise measurement location but also on
the impeller-vane relative position. To compare the effects of
loading change on the spanwise variation in the diffuser flow,
mean flow Mach number and mean flow angles are reported for
loading conditions representing low loading on the choke line and
the flow characteristics of near stall loading conditions. The mean
reported data are acquired by the averaging of phase-resolved PIV
data, and thus contain only the delay-independent information.

When the lower loading condition along the 100% speed line is
considered �Figs. 9 and 10�, higher velocities are observed when
compared with the nominal loading case as expected with the
increased mass flow rate. The velocity increase seems mainly in
the hub and midplane, reducing the overall variation that is seen
from the hub to the tip in the nominal loading case. Downstream,
it can be seen that the role of the upper and lower surfaces of the
vanes as suction and pressure side has reversed with the changing
incidence on the vane �Fig. 10�. Figure 10 also shows that the flow
angles entering the semivaneless space are similar to those seen at
nominal loading expected from the relatively small excursion in
mean impeller exit flow angle ��1 deg� expected in this case.

At nominal loading, maximum average Mach numbers in the
throat region were M=1.2 at the shroud plane, with M=1.1 typi-
cal of the mid and hub measurement planes. This region is fol-
lowed by a mild supersonic deceleration and finally by a normal
shock that brings the flow down to subsonic velocities �Fig. 11�.
At choke loading, Mach numbers greater than 1.2 are now ob-
served at all spanwise planes, with the highest throat Mach num-
bers now found in the hub plane. There is a clear supersonic
acceleration region associated with the expansion fan that origi-
nates from the upper vane leading edge. The turning in this region
is also indicative of these principle flow features �Fig. 12�. Down-
stream of the expansion fan, the flow is decelerated down to a
lower Mach number by an oblique shock and through a normal
shock terminates to subsonic flow.

Figures 13 and 14 present the mean Mach number and flow
angle data for the case where the compressor is throttled to a point
just prior to stall/surge. At this condition, the flow in the throat is
now subsonic at all spanwise planes. Starting with the hub flow,
the maximum Mach number observed at the hub is only approxi-
mately 0.7 and that is located in the semivaneless space accelera-
tion region �Fig. 13�. Focusing on the hub plane in Fig. 14, when

Hub-Plane

Mid-plane

Shroud-plane

Fig. 9 Choke loading, mean Mach number Fig. 10 Choke loading, mean flow angle �°
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compared with the previous loading conditions studied, in the aft
sections of the diffuser passage more spatial flow angle variations
are observed. At midplane, the trend of higher velocities toward
the shroud seen at nominal loading is again observed. Also, for the
midplane and shroud plane spanwise locations, the variation in
flow angle downstream of the throat observed for the hub plane is
significantly reduced, indicating less random unsteadiness. Com-
paring the choke, nominal, and prestall loading cases at the hub,
the increasing nondeterministic unsteadiness is likely indicative of
a hub flow breakdown as the stall is approached. From the veloc-
ity data at nominal and prestall loading, there is also evidence for
a hub-pressure side unsteady separation, taking the form of a
separation bubble at the leading edge similar to that described by
Justen et al. �19� and Dawes �2�. Although the separation zone
was not resolved sufficiently to directly characterize it from ve-
locity measurements in the core, the flow in the leading edge
region still provides evidence of its existence. It was shown by
Dawes that an unsteady separation bubble at the pressure-side hub

region is not necessarily phase locked to the impeller. Thus, a
separation of this type would result in a higher variance calculated
from the ensemble averaged vector maps.

For the nominal loading case, the variance in the ensemble
about the throat region for all three spanwise locations can be seen
in Fig. 15. The variance is calculated separately for the radial
component, U, and transverse component, V, of the velocities and
summed linearly. Notice the high variance zone at the hub leading
edge around the pressure side. This occurs in a region of the flow
field otherwise characterized by a low value of variance, and
likely is a result of the mean flow deflecting due to a transient
leading edge bubble. A similar region can also be seen for the
midplane with reduced magnitude, which supports the idea that
the separation region at the vane leading edge is more concen-
trated at the hub. Focusing on the shroud plane, the high variance
region as seen in the other spanwise locations does not exist,
indicating that the unsteadiness in this plane is mostly impeller

������ ���	
 �������� ���

��� ��� ��� ���

��� ��� ��� �� �� � � � �� ��

Fig. 11 Nominal loading, midplane, typical delay, throat shock
structures, Mach number „top…, and flow angle �° „bottom…

��

���

������� ���	


������ ���	
 �������� ���

��� ��� ��� ���

��� ��� ��� �� �� � � � �� ��

Fig. 12 Choke loading, midplane, typical delay, throat shock
structures, Mach number „top…, and flow angle �° „bottom…

Hub-Plane

Mid-plane

Shroud-plane

Fig. 13 Prestall loading, mean Mach number

Mid-plane

Shroud-plane

Hub-Plane

Fig. 14 Prestall loading, mean flow angle �°
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phase locked.
When a similar variance analysis is conducted for the prestall

operating point, the shroud plane variance is similar to the prior
lower loading condition �Fig. 16�. In the hub region, there is a
large high variance zone supportive of the hub flow breakdown
previously suggested in Figs. 13 and 14. Interestingly, in the mid-
plane the variance near the leading edge is reduced, possibly due
to some incidence alleviation from the hub flow blockage. How-
ever, the ensemble average velocity data in this region do not
provide sufficient resolution to confirm this.

4 Summary and Conclusions
This study has provided detailed phase-resolved velocity infor-

mation in the vaned diffuser of the Purdue centrifugal compressor
through a PIV technique. The data at all loading conditions dem-
onstrated that the flow field in the diffuser is, as expected, char-
acterized by a much more complicated structure than that which
would be associated with steady, uniform diffusion. Although
mixing clearly occurs in the vaneless space, these data demon-
strate that strong momentum variations still exist in both the span-
wise and the circumferential directions in the diffuser.

The nominal loading case indicated that the circumferential
variations, driven by the jet/wake flow structure exiting the impel-
ler, are highest for the hub plane. At the midspan, the flow features
are similar to the hub plane, but the variation is reduced. In the
shroud region, the circumferential variations are of lesser magni-
tude, dominated by the large extent of the impeller wake in that
region. In all cases, circumferential variations are dominant in the
prethroat region, and much reduced after the throat. Hub to shroud
variations in the diffuser passage velocities are increased as the

compressor is throttled back from the choke line, with the hub
flow gradually being starved for flow until, just prior to compres-
sor stall, the hub flow begins to break down.

Diffuser throat structures were shown to vary significantly with
loading at all spanwise locations. Near the choke line, the throat
Mach numbers are supersonic at all planes. The flow then adjusts
to the downstream subsonic flow through an oblique and then a
normal shock. Further increase in loading results in a more mildly
supersonic condition and an adjustment to subsonic flow through
a normal shock. As the mass flow is further decreased, the entire
diffuser flow field becomes subsonic.
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Nomenclature
� � flow angle measured from diffuser passage

centerline �+CW�
�� � � absolute uncertainty
�p � particle pixel displacement
�t � time lag between consecutive images
M � Mach number

mcor � corrected flow rate
Ncor � corrected speed

S � optical magnification factor
V � local velocity
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Adjoint Aerodynamic Design
Optimization for Blades in
Multistage Turbomachines—Part
I: Methodology and Verification
The adjoint method for blade design optimization will be described in this two-part paper.
The main objective is to develop the capability of carrying out aerodynamic blading
shape design optimization in a multistage turbomachinery environment. To this end, an
adjoint mixing-plane treatment has been proposed. In the first part, the numerical ele-
ments pertinent to the present approach will be described. Attention is paid to the exactly
opposite propagation of the adjoint characteristics against the physical flow character-
istics, providing a simple and consistent guidance in the adjoint method development and
applications. The adjoint mixing-plane treatment is formulated to have the two funda-
mental features of its counterpart in the physical flow domain: conservation and nonre-
flectiveness across the interface. The adjoint solver is verified by comparing gradient
results with a direct finite difference method and through a 2D inverse design. The adjoint
mixing-plane treatment is verified by comparing gradient results against those by the
finite difference method for a 2D compressor stage. The redesign of the 2D compressor
stage further demonstrates the validity of the adjoint mixing-plane treatment and the
benefit of using it in a multi-bladerow environment. �DOI: 10.1115/1.3072498�

1 Introduction
With the advance in computational fluid dynamics �CFD� and

computing power, modern turbomachinery aerodynamic design
relies almost completely on CFD to develop three dimensional
blade sections �1�. There are many different approaches that are
used to explore three dimensional features of turbomachinery
blades. All these approaches can be generally classified into two
categories: inverse design methods and direct design methods.

The conventional inverse design offers better designs with low
and affordable computational time cost �2,3�. The major disadvan-
tage of this method is that it requires the specification of target
flow field in terms of pressure or velocity distributions on a blade
surface; hence its success depends largely on a designer’s experi-
ence and insight. Apart from that, it is usually difficult to apply
constraints in the inverse design �4�.

The direct design methods can be further classified into
gradient-based methods and stochastic methods. Stochastic meth-
ods, such as the genetic algorithm and the simulated annealing, do
not need gradients of an objective function but values of an ob-
jective function only. In principle, these methods are able to find
the global optimum in a design space and have long been re-
searched in turbomachinery aerodynamic design optimization
�4–6�. But their applications in routine designs are normally re-
stricted due to their huge time costs. The response surface method
�7� and the evolutionary method with approximate models �8�
have been gaining a lot of attention over the past several years
mainly due to their easy implementation and affordable time cost
with a few design variables.

The gradient-based methods, according to the way in which
gradients are calculated, include the finite difference method, the
linearized method, and the adjoint method. The finite difference
method suffers from step size dependence and is not recom-

mended. The main drawback is that the time cost of evaluating
objective function derivatives using both the finite difference
method and the linearized method is usually proportional to the
number of design variables; hence they are not preferred for situ-
ations where there are a large number of design variables. The
adjoint method does not have the well-known disadvantage of the
finite difference method and offers a means to calculate deriva-
tives of an objective function with respect to design variables with
low time cost independent of the number of design variables.
However the adjoint method is complex and counterintuitive,
which has been curbing its popularity.

The application of the adjoint method in aerodynamic design
optimization based on CFD was pioneered by Jameson �9�. Based
on the way in which a final discrete adjoint system is formed,
there are two variations: the continuous adjoint method and the
discrete adjoint method. In the continuous adjoint method, the
nonlinear flow equations in a partial differential equation form are
linearized first with respect to a design variable. Then an adjoint
system will be derived from the linearized flow equations, fol-
lowed by discretization. In the discrete adjoint method, the flow
equations in a partial differential equation form are discretized
first, followed by the linearization and adjoint formulation.

The discrete adjoint method can produce the exact gradient of
an objective function with respect to the variables in a discretized
flow system, which will ensure that a design process converges
quickly and fully. However it is very difficult to develop discrete
adjoint codes, particularly by hand and with high-order upwind
schemes and sophisticated turbulence models implemented in a
flow solver. It is worthwhile to note that automatic differentiation
�AD� can be exploited to generate discrete adjoint codes, and data
structures of a flow solver can be exploited to improve the runtime
performance of AD generated adjoint codes. However the discrete
adjoint codes usually require more memory and CPU time com-
pared with its continuous counterpart �10�. In particular, the dis-
crete adjoint codes obtained with the state of the art AD technolo-
gies would typically consume three times of CPU time compared
with that by a flow solver �11,12� �the time cost of a continuous
adjoint solver is usually the same as that of its flow solver�. In the
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continuous adjoint method, one is free to discretize the adjoint
equations in any consistent way, although it is always better to
consult the flow solver schemes. The gradients from a continuous
adjoint solver are subject to two levels of discretization errors for
both the flow equations and the adjoint equations, which vanish
with mesh refinement. More details about the advantages and dis-
advantages of the two approaches can be found in Refs. �10,13�.

In the context of a CFD-based design optimization, the adjoint
method �both the continuous one and the discrete one� first gained
attention in applications to external flows �e.g., for aerofoil de-
signs�. This might be due to the fact that the adjoint method was
first introduced to the external flow community. Jameson and co-
workers �9,10,14,15� investigated both the continuous adjoint
method and the discrete one for designs ranging from aerofoils
and wings to aircrafts. Kim and Nakahashi �16� and Nielsen and
Anderson �17� developed hand-coded discrete adjoint solvers
based on flow solvers using unstructured meshes for the ONERA
M6 wing design optimization. Recently the adjoint method has
been extended to aerofoil designs with an unsteady flow field
involved using the unsteady time-domain flow equations �18� and
frequency domain flow equations �12,19� to control the time-
averaged aerodynamic performance, unsteady aerodynamics, or
aeroelasticity.

The applications of the adjoint method in design optimization
to internal flows have been lagging far behind. The status might
be indicated by the fact that an adjoint solution with the 2D Euler
flow equations for turbomachinery blading aerodynamics was still
a research topic very recently �see, e.g., Refs. �20,21��. There have
been increasing efforts made in the applications of the adjoint
method in turbomachinery blading aerodynamics. Yang et al. �22�
and Wu et al. �23� applied the continuous adjoint method to 2D
turbomachinery blading aerodynamic design optimization. Wu et
al. �24� and Papadimitriou and Giannakoglou �25� developed con-
tinuous adjoint solvers for 3D turbomachinery blading aerody-
namic design optimization. Corral and Gisbert �26� developed a
hand-coded discrete adjoint solver for turbine end-wall profiling
to reduce the secondary flow losses. The AD tool TAPENADE was
exploited by Duta et al. �11� to generate discrete adjoint solvers to
save human effort in coding development for turbomachinery
aerodynamic design optimization. Florea and Hall �27� developed
a discrete adjoint solver based on the time-linearized method for
sensitivity analysis of an unsteady inviscid flow through turboma-
chinery cascades. Thomas et al. �12� used the AD tool TAF to
develop adjoint codes to model unsteady aerodynamic design sen-
sitivities. The adjoint method was also used for an efficient blade
forced response minimization by Duta et al. �28�.

It is noted that all the reported design optimizations of turbo-
machinery blades by using the adjoint method have been carried
out in a single blade row computational domain. For multistage
turbomachines, the matching between adjacent blade rows has
important effects. There are different levels of computational
analysis tools for including these blade row matching/interaction
effects ranging from a fully time-domain unsteady Reynolds av-
eraged Navier-Stokes �RANS� to a relatively simple circumferen-
tially mixing-out steady flow treatment �the mixing-plane treat-
ment first proposed by Denton �29��. The mixing-plane multistage
steady flow analysis has become a standard industrial tool used in
a design environment. Given the importance of the multistage
matching, it seems natural to argue that an aerodynamic design
optimization should be carried out in a multistage environment in
order to make an effective impact on practical design processes.
Recognizing this need and the current status of the multistage
analysis in practical blading designs, the present work is aimed at
developing an adjoint mixing-plane method for aerodynamic de-
sign optimization of blades in a multistage environment using the
adjoint method.

2 Flow Equations and Boundary Conditions
The flow solver was developed at Durham University �30�. It

has been under extensive development for steady and unsteady
flow field calculations and has been validated against experimen-
tal data, analytic solution or benchmark results for its capability of
producing quality steady and unsteady flow field �31–33�. As we
all know, turbomachinery involves rotary components, and the
time-averaged flow field inside turbomachinery exhibits a period-
icity in the circumferential direction. Therefore, it is convenient to
adopt a cylindrical coordinate system, which will facilitate an easy
implementation of the periodic boundary condition and the use of
a single blade passage domain. The 3D Reynolds averaged steady
flow Navier-Stokes equations in a cylindrical coordinate system
are given by

��F − Vx�
�x

+
��G − Uvg − V��

r � �
+

�r�H − Vr�
r � r

= S �1�

where

U = ��,�u,�vr,�w,�E�T

F = ��u,�u2 + p,�vru,�wu,�Hu�T

G = ��v,�uv,��v2 + p�r,�wv,�Hv�T

H = ��w,�uw,�vrw,�w2 + p,�Hw�T

S = �0,0,0,��v2 + p�/r,0�T

Vx = �0,�xx,r��x,�rx,u�xx + v��x + w�rx + qx�T

V� = �0,�x�,r���,�r�,u�x� + v��� + w�r� + q��T

Vr = �0,�xr,r��r,�rr,u�xr + v��r + w�rr + qr�T

vg is the grid velocity at the circumferential direction.
Four sets of boundary conditions are used in the computations.

They are the subsonic inlet boundary condition, the subsonic exit
boundary condition, the viscous solid wall boundary condition,
and the periodic boundary condition. At a subsonic inlet boundary,
total pressure, total temperature, and flow angles are specified. At
a subsonic exit boundary, static pressure is prescribed at the hub
or tip, with the pressure radial distribution subject to the simple
radial equilibrium. Along a viscous solid wall boundary, a slip
boundary condition together with a wall function �log-law�, as
used by Denton �29�, is adopted to reduce the mesh density near
the solid wall region to save computational time. The periodic
boundary condition is the simplest one among the four to be
implemented and requires flow variables in dummy cells along a
periodic boundary to be equal to flow variables in corresponding
repeating cells.

In a multistage computation, the circumferentially averaged and
characteristic-based mixing-plane treatment �34� is used at an in-
terface between adjacent rows to enable the communication in the
flow solution between adjacent rows. The flow mixing-plane treat-
ment will ensure the conservation in mass, momentum, and en-
ergy across an interface at each radial section. This circumferen-
tial mixing-out of the flow nonuniformity will inevitably generate
the mixing loss across the interface. In addition, the mixing-out
would consequently mean that the unsteady interaction between
adjacent rows cannot be included in this treatment.

The flow governing equations are spatially discretized in a cell-
centered finite volume method framework with inviscid fluxes cal-
culated using the central difference scheme coupled with a
blended second- and fourth-order numerical dissipation. Time in-
tegration is achieved by using the four-stage Runge–Kutta
method. The turbulent viscosity ��t� is obtained by the one equa-
tion Spalart–Allmaras turbulence model. The multigrid and local
time-stepping techniques are employed to speed up the conver-
gence of the solution process.
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3 Adjoint Equations and Boundary Conditions
The continuous adjoint method has been adopted in our re-

search due to its lower memory requirement, lower CPU time
cost, and easier implementation �compared with the discrete one�.
The derivation of the adjoint equations based on the above flow
governing equations follows the same way given in Refs. �13,14�.
Turbulent viscosity is frozen in our adjoint formulation for sim-
plicity. Thus for each design cycle, the gradient calculations are
conducted at a frozen turbulent viscosity, while it will be updated
in the direct flow solution once in every design cycle.

3.1 Adjoint Principle. The principle of the adjoint formula-
tion will be first illustrated concisely here. The objective function
I �a scalar� in an aerodynamic design optimization is a function of
the flow variable vector U and a design variable � expressed as
follows:

I = I�U,�� �2�

The relation between the flow variable and the design variable is
determined through the nonlinear flow equation �a vector equa-
tion�,

R�U,�� = 0 �3�

In a gradient-based design optimization, the gradient of the objec-
tive function to design variables is an essential element. Once the
gradients are obtained, the steepest descent method or the conju-
gate gradient method can be applied directly for an optimization.
The gradient of the objective function to a design variable can be
given by

dI

d�
=

�I

��
+

�I

�U

�U

��
�4�

In the above gradient expression, �I /�� and �I /�U can be calcu-
lated analytically or by the complex variable method �35�, and no
iteration will be involved. The calculation of the flow variable
sensitivity �U /�� will have to involve solving equations �the non-
linear flow equations or the linearized flow equations�. This can be
done either directly by taking a difference between a perturbed
flow field solution and the original �i.e., the finite difference
method� or by solving the linearized flow equation,

�R

��
+

�R

�U

�U

��
= 0 �5�

The linearized flow Eq. �5� again will need to be solved in an
iterative process, accounting for the main time cost in the gradient
evaluation. This linearized equation also depends on a design vari-
able, implying that each design variable requires the linearized
flow equation to be solved once. Hence both the direct finite dif-
ference and the linearized methods prohibit the use of a large
number of design variables. The situations with a large number of
design variables are exactly what the adjoint method is devised to
deal with. The key is to find a way to decouple the influence of
different design variables on an objective function through the
flow variable sensitivity, and this can be achieved by eliminating
the explicit dependency of the objective function sensitivity on the
flow variable sensitivity �U /�� in Eq. �4�.

Multiplying the right hand side of the linearized flow equation
�5� with the adjoint variable vector �also called Lagrange multi-
plier� � of the same dimension of U and subtracting the product
from the gradient expression in Eq. �4� yields

dI

d�
=

�I

��
+

�I

�U

�U

��
− �T� �R

��
+

�R

�U

�U

��
� �6a�

We regroup the above in the following way:

dI

d�
=

�I

��
− �T�R

��
+ � �I

�U
− �T �R

�U
� �U

��
�6b�

If the adjoint variable is chosen to satisfy the following equation:

�I

�U
− �T �R

�U
= 0 �7�

then the gradient expression is reduced as follows:

dI

d�
=

�I

��
− �T�R

��
�8�

This new gradient expression �8� does not depend on the flow
variable sensitivity anymore. Furthermore, the adjoint equation
�7� does not depend on any design variable. This implies that the
gradient of a scalar objective function to all the design variables
can be obtained by solving only two sets of equations: the flow
equation �Eq. �3�� and the adjoint equation �Eq. �7��. Once the
flow and adjoint solution is obtained, it can be substituted into the
new gradient expression �8� to calculate the gradients very
efficiently.

3.2 Adjoint Equations. The illustration in the preceding sec-
tion is presented in an algebraic way. As mentioned in Sec. 1, the
continuous adjoint method works on the flow equations in a par-
tial differential equation form. Instead of regrouping in expression
�6b�, integration by parts needs to be used to derive the corre-
sponding adjoint equations in a partial differential equation form.
This section presents the detailed derivation of the adjoint equa-
tions from the flow equations in a partial differential equation
form.

The derivation of the adjoint equations based on the Reynolds
averaged Navier–Stokes Eqs. �1� is given in Appendix A1. The
following derivation is based on the Euler flow equations, aimed
at a simpler illustration of the principal procedure of a continuous
adjoint formulation.

In the present research work, the objective function is a
weighted sum of mass flow rate, pressure ratio and entropy gen-
eration rate, which can be expressed as a boundary integral in the
following general form:

I =�
�D

Mds �9�

where M is a function of flow variables and design variables. The
gradient of the objective function to a design variable takes the
following formulation:

dI

d�
=�

�D

� �M

�U
Ũ +

�M

��
�ds +�

�D

Mds˜ �10�

where Ũ=�U /�� is the flow variable sensitivity. �M /�� can be
obtained in an analytic way or by the complex variable method
�35� with little effort. However, the flow variable sensitivity is
determined through the linearized flow equations,

��AŨ�
�x

+
��BŨ − Ũvg�

r � �
+

�r�CŨ�
r � r

− DŨ = f �11�

where A=�F /�U, B=�G /�U, C=�H /�U, and D=�S /�U are
Jacobian matrices. f contains the linearization of geometric terms
in the flow equations to a design variable � corresponding to
−�R /�� in Eq. �5�.

In order to avoid solving Eq. �11� n times for n design vari-
ables, we resort to the adjoint method, which offers a means to
calculate the objective function sensitivity at a low time cost in-
dependent of the number of design variables.

Multiplying two sides of Eq. �11� with the adjoint variable �
and rearranging yields

�T� ��AŨ�
�x

+
��BŨ − Ũvg�

r � �
+

�r�CŨ�
r � r

− DŨ − f� = 0 �12a�

where �= ��1 ,�2 ,�3 ,�4 ,�5�T. �1, �2, �3, �4, and �5 correspond to
the continuity equation, the axial momentum equation, the mo-
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ment of momentum equation, the radial momentum equation, and
the energy equation, respectively. Equation �12a� is a scalar equa-
tion and is valid everywhere in a computational domain, no matter
what value the adjoint variable will take. Integrating the left hand
side of the above equation over the whole computational domain,
one has

�
D

�T� ��AŨ�
�x

+
��BŨ − Ũvg�

r � �
+

�r�CŨ�
r � r

− DŨ − f�dv

�12b�

Performing integration by parts once yields

�
�D

��TAnx + �T�B − vgI�n� + �TCnr�Ũds −�
D

� ��T

�x
A +

��T

r � �
�B

− vgI� +
��T

�r
C + �TD�Ũdv −�

D

�Tfdv �12c�

where I is a 5�5 identity matrix. Expression �12c� is zero. Sub-
tracting expression �12c� from Eq. �10� does not change the gra-
dient in Eq. �10�, namely,

dI

d�
=�

�D

� �M

�U
Ũ +

�M

��
�ds +�

�D

Mds˜ −�
�D

��TAnx + �T�B

− vgI�n� + �TCnr�Ũds +�
D

� ��T

�x
A +

��T

r � �
�B − vgI� +

��T

�r
C

+ �TD�Ũdv +�
D

�Tfdv �13a�

Collecting the domain integral terms with Ũ and boundary inte-

gral terms with Ũ separately, one has

dI

d�
=�

D

� ��T

�x
A +

��T

r � �
�B − vgI� +

��T

�r
C + �TD�Ũdv

−�
�D

��TAnx + �T�B − I�n� + �TCnr −
�M

�U
�Ũds

+�
�D

�M

��
ds +�

�D

Mds˜ +�
D

�Tfdv �13b�

Returning to the original objective of developing the adjoint
method, the gradient for n design variables can be efficiently
evaluated if we do not have to solve the flow equations n times.
This can be achieved if the explicit dependence of the objective
function gradient on the flow variable sensitivity can be elimi-
nated. In order to eliminate the dependence of the gradient on the

flow variable sensitivity Ũ, the first two integral terms on the right
hand side of expression �13b� must vanish. Inside a computational

domain, at every point, components of Ũ are independent and

cannot always be zero; then the term multiplying Ũ in the domain
integral term needs to vanish, leading to the adjoint Euler equa-
tions,

��T

�x
A +

��T

r � �
�B − vgI� +

��T

�r
C + �TD = 0 �14�

Along the boundary of a computational domain, components of Ũ
are not always independent and can always be zero somewhere;
e.g., on a viscous solid wall, the convective fluxes are always

zero. Therefore the term multiplying Ũ in the boundary integral
does not need to be zero all the time. The flow boundary condi-
tions need to be incorporated to eliminate the dependence of the

boundary integral term multiplying Ũ in expression �13b� on the

flow variable sensitivity Ũ, leading to the adjoint boundary con-
ditions. These boundary conditions will be detailed in the follow-
ing adjoint boundary condition section. The remaining terms in-
cluding both the domain integral terms and boundary integral
terms in Eq. �13b� are independent of the flow variable sensitivity

Ũ. These terms give the final expression of the gradient in an
intended form, independent of the flow variable sensitivity,

dI

d�
=�

�D

�M

��
ds +�

�D

Mds˜ +�
D

�Tfdv �15�

The values of the adjoint variables are determined through a so-
lution to the adjoint equations. No matter how many design vari-
ables are there, there are now only two sets of equations to be
solved: the nonlinear flow equations and the linear adjoint equa-
tions. The time cost of solving the adjoint equations is equivalent
to that for the baseline flow equations. Once the adjoint solution is
obtained, it can be substituted into the above gradient expression
to calculate gradients very efficiently.

3.3 Adjoint Boundary Conditions. It can be seen from the
previous section �e.g., Eqs. �13b� and �14�� that the adjoint field
equation is obtained by eliminating the dependence on the flow
variable sensitivity in the field integration. Accordingly, the start-
ing point of the adjoint boundary condition treatment is to elimi-
nate the dependence on the flow variable sensitivity in the bound-
ary integration, i.e., to ensure at a boundary,

��TAnx + �T�B − I�n� + �TCnr −
�M

�U
�Ũ = 0 �16�

Corresponding to the flow boundary conditions, there are also
four sets of adjoint boundary conditions: the subsonic inlet bound-
ary condition, the subsonic exit boundary condition, the viscous
solid wall boundary condition, and the periodic boundary
condition.

Another important element in the boundary condition treatment
is the equation and its characteristics. Equation �14� is usually
solved in a time-marching manner with a pseudo-time-derivative
term added to the equation to form a hyperbolic system �Eq. �21��.
For a hyperbolic system, the specification of boundary conditions
is based on the propagation of characteristic information. The ba-
sic compatibility requirement is that the number of boundary con-
ditions specified must be equal to the number of the characteristics
running into the computational domain. Hence the directions of
the characteristics matter. As Giles and Pierce �36� pointed out,
the sign of each adjoint characteristic velocity is opposite to that
of each corresponding flow characteristic velocity. Overall it is
useful to note that in a simple but consistent sense, the adjoint
information propagates in exactly the opposite way to the physical
information. This “antiphysics” path of information propagation
in fact governs all the boundary condition treatments for the ad-
joint equations, described in this section and in Sec. 4. This will
also be illustrated further in the numerical examples, to be pre-
sented later.

At a subsonic inlet boundary for the flow equations, there are
four incoming characteristics and one outgoing characteristic.
Typically the static pressure at the boundary is extrapolated from
the interior domain, and other flow variables are determined
through the isentropic relation and specified quantities. Thus at the
inlet boundary, pressure is the only independent flow variable. The
flux perturbation can be expressed as the derivative of the flux to
the pressure times the pressure perturbation. The corresponding
adjoint boundary condition is applied to eliminate the dependence
of the boundary integral term along an inlet boundary on the flow
variable sensitivity,
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�T · �F/�p · nx = �M/�p �17�

in which an inlet plane is assumed to be normal to the x axis,
resulting in the x-directional flux only through the boundary.
Equation �17� is a scalar equation. This is consistent with one
incoming and four outgoing characteristics for the adjoint equa-
tions at a subsonic inlet boundary. The adjoint variables �1,2,3,4 are
extrapolated from the interior domain, while �5 is worked out
through Eq. �17�. The derivative of the flux vector to the pressure
��F /�p� can be obtained efficiently via the complex variable
method �35�.

At a subsonic exit boundary, there is one incoming and four
outgoing characteristics for the flow equations. In the present flow
solver, the density and three velocity components are extrapolated
from the interior domain, and static pressure is determined
through the value specified at the hub or tip and the simple radial
equilibrium distribution. This means that at a flow exit, density
and velocity components are independent flow variables. The flux
perturbation at the boundary can be expressed as follows:

F̃ = �F/�� · �̃ + �F/�u · ũ + �F/�v · ṽ + �F/�w · w̃ �18�
The corresponding adjoint boundary condition takes the following
form:

�T � F/�q · nx = �M/�q, q = �,u,v,w �19�

where again an exit plane is assumed to be normal to the x axis.
Equation �19� represents four equations. This is in line with the
four incoming and one outgoing adjoint characteristics at a sub-
sonic exit boundary. The adjoint variable �5 is extrapolated from
the interior domain; other four adjoint variables are determined
through Eq. �19�.

Corresponding to a slip boundary condition with the log-law at
a viscous solid wall boundary, the adjoint boundary condition is
formulated as follows:

�2 · nx + �3 · n� · r + �4 · nr + �5 · n� · vg = �M/�p

�x = �w/W · �2

�� = �w/W · ��3 + 	 · �5�

�r = �w/W · �4

��5

�n
= 0 for an adiabatic wall

�5 = 0 for a nonadiabatic wall �temperature specified�
�20�

	 is the angular speed of the rotating mesh associated with a
blade. �w is the wall shear stress calculated by the log-law. W is
the magnitude of the velocity along the slip wall.

The implementation of the adjoint periodic boundary condition
is identical to the flow periodic boundary and simply equals the
adjoint variables at corresponding periodic boundaries. The ad-
joint mixing-plane treatment will be illustrated in the next section
in detail.

In order to solve the adjoint Eq. �14� in a finite volume frame-
work, it is first written in a strong conservative form with extra
terms taken as source terms. Then a pseudo-time-derivative term
is added to the adjoint equations as follows to make use of the
Runge–Kutta time integration method:

��

��
−

�AT�

�x
−

��B − vgI�T�

r � �
−

�CT�

�r

= � �AT

�x
+

��B − vgI�T

r � �
+

�CT

�r
− DT�� �21�

As can be seen from the above, compared with Eq. �14�, all
terms change their signs into their opposite ones when the pseudo-

time-derivative term is added. This is again in line with the prop-
erty of adjoint characteristics �Giles and Pierce �36�� propagating
in exactly the opposite way to the flow characteristics.

The spatial discretization and time integration of the adjoint
equations are implemented in the same way as for the flow gov-
erning equations. The multigrid and local time-stepping tech-
niques are also used to speed up solving the adjoint equations.
Subroutines in the flow solver, such as those for time-marching,
multigrid, and metrics calculation, can be reused in developing the
adjoint solver without any major modification. As for the initial-
ization of the adjoint solution, our practice shows that the adjoint
solution can be initialized with zeros or real numbers of small
magnitudes.

4 Adjoint Mixing Plane
The main objective of the present work is to enable the adjoint-

method-based design optimization to be carried out in a multi-
stage environment. The basis of the present development is the
mixing-plane treatment for flow solutions after Denton �29�. There
are two basic features in the mixing-plane approach. The first is to
satisfy the conservation of the total mass, momentum, and energy,
which is fundamentally required. The second is to be nonreflec-
tive, which is highly desirable. The present adjoint mixing-plane
treatment is also aimed at having these two features.

In the flow mixing-plane treatment, the circumferentially aver-
aged fluxes of mass, momentum, and energy are conserved across
an interface, as schematically shown in Fig. 1. In the adjoint
mixing-plane treatment, the adjoint variable weighted and circum-
ferentially averaged fluxes are conserved across an interface �see
Appendix A2 for details�,

1

Y1
�

y1

�1�udy =
1

Y2
�

y2

�1�udy �22a�

1

Y1
�

y1

�2��u2 + p�dy =
1

Y2
�

y2

�2��u2 + p�dy �22b�

1

Y1
�

y1

�3��vu�dy =
1

Y2
�

y2

�3��vu�dy �22c�

1

Y1
�

y1

�4��wu�dy =
1

Y2
�

y2

�4��wu�dy �22d�

1

Y1
�

y1

�5��Hu�dy =
1

Y2
�

y2

�5��Hu�dy �22e�

where Y1 and Y2 are the pitch lengths of two adjacent domains. y1
and y2 are the exit of domain 1 and the inlet of domain 2, respec-
tively. This conservation ensures that the two boundary integral
terms in Eq. �A9� cancel out each other, leading to the indepen-

Fig. 1 An interface between a rotor and a stator configuration
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dence of Eq. �A9� on the flow variable sensitivity.
The conservation of these adjoint variable weighted fluxes can

be achieved through the nonreflective implementation following
the nonreflective boundary conditions for solving the flow equa-
tions �34�. Applying the mean value theorem for integration to
either side of the equalities �22a�–�22e�, the following mixed-out
variables can be obtained:

�1,i
̂ =

�
yi

�1�udy

�
yi

�udy

�23a�

�2,i
̂ =

�
yi

�2��u2 + p�dy

�
yi

��u2 + p�dy

�23b�

��3v�i
̂ =

�
yi

�3��vu�dy

�
yi

��u�dy

�23c�

��4w�i
̂ =

�
yi

�4��wu�dy

�
yi

��u�dy

�23d�

�5,i
̂ =

�
yi

�5�Hudy

�
yi

�Hudy

�23e�

In expressions �23c� and �23d�, the mass flux is used in the de-
nominator instead of corresponding momentum fluxes. This is be-
cause the circumferential and radial momentum fluxes may
change their signs along an interface, which violates the premise
of the mean value theorem for integration. However the mass flux,
axial momentum flux, and energy flux usually do not change their
signs along an interface �no reverse flow�. According to the con-
servation in equalities �22a�–�22e�, the mixed-out variables in
Eqs. �23a�–�23e� should also be equal across an interface. Once
there is a difference in these mixed-out variables across the inter-
face, this difference is taken as a characteristic jump disturbance.
The present implementation will pass the disturbance to the two
sides of the interface. The local adjoint variables will be corrected
according to the adjoint characteristic propagation to drive the
difference to zero.

The adjoint characteristic variables in term of the variable per-
turbation are expressed as follows:

�̃c = ST�̃ �24�

where S is the matrix diagonalizing the Jacobian matrix A
=�F /�U=S
S−1, with 
 being a diagonal matrix of which diag-
onal elements are eigenvalues of the matrix A. Expanding the
vector form of Eq. �24� gives

�̃1
c = �̃1 + �u − c��̃2 + vr�̃3 + w�̃4 + �H − uc��̃5 �25a�

�̃2
c = �̃1 + �u + c��̃2 + vr�̃3 + w�̃4 + �H + uc��̃5 �25b�

�̃3
c = �̃3 +

v
r

�̃5 �25c�

�̃4
c = �̃4 + w�̃5 �25d�

�̃5
c =

�̃1

u
+ �̃2 + �u −

W2

2u
	�̃5 �25e�

where c is the speed of sound, W2=u2+v2+w2, and r is the radial
coordinate.

The information represented by �̃1
c propagates at the speed of

−u+c. The information represented by �̃2
c propagates at the speed

of −u−c. And the information represented by the other three ad-
joint characteristic variables all propagates at the same speed of
−u. For both incoming and outgoing adjoint characteristic vari-
ables, flow variables in the adjoint characteristic expressions take
their local values. For incoming adjoint characteristic variables,
the primitive adjoint variable perturbations take values through
the difference in the mixed-out variables across the interface, e.g.,

�̃1 = �1,2
̂ − �1,1

̂ �26a�

�̃2 = �2,2
̂ − �2,1

̂ �26b�

�̃3 =
��3v�2
̂ − ��3v�1

̂

v
�26c�

�̃4 =
��4v�2
̂ − ��4v�1

̂

w
�26d�

�̃5 = �5,2
̂ − �5,1

̂ �26e�

For outgoing adjoint characteristic variables, the primitive adjoint
variable perturbations take the local values.

In Fig. 1, the interface separates two boundaries, an exit for
domain 1 and an inlet for domain 2. The exit of domain 1 has four

incoming adjoint characteristics ��̃2
c , �̃3

c , �̃4
c , �̃5

c�, which will be cal-
culated through expressions �25� and �26�. The inlet of domain 2

has one incoming adjoint characteristic �̃1
c, which will be also

obtained through expressions �25� and �26�.
Once all the adjoint characteristic variables are obtained for

each side of an interface, they can be converted to primitive ad-
joint variable perturbations via the following formulation. The
primitive adjoint variable perturbations can then be directly used
to update the local adjoint solution,

�̃ = �ST�−1�̃c �27�

The scalar form of the above is given by

�̃5 =
k − 1

c2 � �̃1
c

2
+

�̃2
c

2
− u�̃3

c − vr�̃4
c − w�̃5

c	 �28a�

�̃4 = − w�̃5 + �̃5
c �28b�

�̃3 = −
v
r

�̃5 + �̃4
c �28c�

�̃2 = − u�̃5 +
1

2c
�− �̃1

c + �̃2
c� �28d�

�̃1 =
W2

2
�̃5 +

u

2c
��̃1

c − �̃2
c + 2c�̃3

c� �28e�
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5 Gradient Calculation
The gradient expression �15� is in terms of the adjoint variable

and geometric gradient. The term f is related to the perturbation of
the steady flow residual R to a design variable, expressed in the
following way:

f = −
�R

��

The calculation of f requires perturbing the mesh followed by
calculating the flow residual perturbation due to this mesh
perturbation.

For n design variables, n times of mesh perturbation are re-
quired. For thousands of design variables, the time cost for all the
mesh perturbation is not negligible, but the time cost does not
usually exceed that of a steady flow/adjoint solution. For example,
the mesh needs to be perturbed once for each design variable to
calculate the corresponding flow residual perturbation. Such a re-
sidual perturbation calculation has a cost that is more or less one-
fourth of one full four-stage Runge–Kutta iteration. With a com-
plex variable implementation, the cost of flow residual
perturbation is doubled. Therefore for 100 design variables, the
time cost will be 50 full four-stage Runge–Kutta iterations, which
is only a fraction of thousands of iterations required to solve either
the flow equations or the adjoint equations.

Though there are ways to avoid perturbing the mesh by con-
verting the domain integral in Eq. �15� into a boundary integral
�25,14�, it usually involves calculation of spatial derivatives of
flow variables along the boundary of a computational domain,
which is not easy to obtain with desirable accuracy. Therefore, the
gradient calculation here adopts the mesh perturbing approach.

In addition, in our computations, this residual sensitivity is ob-
tained using the complex variable method �35�. The complex vari-
able method is an alternative to the finite difference method but
does not share the well-known disadvantage of subtraction can-
cellation of the finite difference method when a perturbation size
becomes very small. According to the above gradient expression,
boundary conditions applied when solving the flow equations
should be applied in a gradient calculation.

6 Results and Discussion

6.1 Lift Coefficient Gradient. The adjoint solution provides
information with which gradients of an objective function to a
large number of design variables can be obtained efficiently. Thus
the adjoint solution can be validated by comparing gradients using
the adjoint solution with those calculated by other well established
methods.

A simple means to obtain gradients of an objective function to
design variables is the finite difference method. However it should
be recalled that this approach suffers from step size dependence. A
big step size may lead to unreliable gradient results if the relation
between an objective function and design variables is highly non-
linear. The complex variable method or linearized method is a
better alternative to the finite difference method. However its
implementation in a large-scale nonlinear flow solver requires a
lot of extra work.

As we know, within a certain range of angle of attack, the lift
coefficient of an aerofoil has a linear relationship with its angle of
attack. This provides a good case to calculate the gradient of the
lift coefficient of an aerofoil to its angle of attack by the finite
difference method by choosing a step size that is big enough to
avoid significant subtraction cancellation errors.

The lift coefficient of NACA0012 with a chord length of 0.15
m is calculated for angles of attack between 0 deg and 2 deg at a
Mach number of 0.62 in the far field. The computational domain
is extended about ten times chord away from the aerofoil surface
and is divided into four blocks with about 15,000 mesh points.
Figure 2 shows the mesh around NACA0012, Fig. 3 shows the
Mach number distribution, and Fig. 4 shows the adjoint solution

�the adjoint variable corresponding to the continuity equation� dis-
tribution at zero angle of attack. Comparing the adjoint solution
contours and those of Mach number, one can see that the upstream
of the flow field corresponds to the downstream of the adjoint
field, and vice versa. This is consistent with the property of the
adjoint characteristics, which have an opposite direction to the
flow characteristics.

The linear relationship between the lift coefficient of
NACA0012 and its angle of attack is presented in Fig. 5. The
gradient by the finite difference method and that by the adjoint
method are in very good agreement at different angles of attack
�Fig. 5�. The biggest relative difference between the gradients by
the two methods is within 5%.

6.2 Inverse Design. Inverse design is a popular case for ad-
joint method researchers to demonstrate their proper implementa-
tion of the adjoint method �22�. As a conventional inverse design,
it may require the specification of a target pressure distribution on
a blade surface. The pressure distribution on the surface of
NACA0015 with a chord length of 0.15 m is obtained by the
present flow solver at a flow condition, which is identical to that

Fig. 2 Overview „upper… and close-up „lower… of the mesh
around a NACA0012 aerofoil
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for the previous NACA0012 case. This is taken as the target pres-
sure distribution. The NACA0012 profile is taken as the initial
aerofoil by the design system to approach the target pressure dis-
tribution. The objective function for this inverse design is given
by I =

�
BS

�p − pt�2ds

�
BS

�p0 − pt�2ds

where “BS” denotes the blade surface, pt is the target pressure
distribution, and p0 is the pressure distribution on the NACA0012
blade surface. During the design process, the chord length of the
NACA0012 aerofoil is fixed by fixing the leading and trailing
points. The Hicks–Henne function as used by Yang et al. �22� is
used to parametrize perturbations of y coordinates of all mesh
points �except for the leading and trailing edge points� on the
blade surface, resulting in 155 design variables. With the adjoint
method, only two sets of equations �the flow equation and the
adjoint equation� are solved with some postprocessing at each
design cycle to enable the gradients of the objective function to all
design variables to be calculated. However the finite different
method requires the flow equation to be solved at least 156 times
at each design cycle. The great time saving by the adjoint method
over the finite difference method is apparent.

The initial, target, and designed pressure coefficient distribu-
tions are compared in Fig. 6. The target pressure is achieved with
good accuracy in the inverse design. As Fig. 7 reveals, the target
aerofoil profile is recovered. Figure 8 depicts the change in the
objective function with design cycles. The objective function in
terms of the pressure difference is reduced by three orders of
magnitude from its initial value.

6.3 Validation of Adjoint Mixing-Plane Treatment. For the
verification of the adjoint mixing-plane treatment, the Euler equa-
tions are solved and the adjoint equations are based on the Euler
flow solution to avoid complexity introduced by the viscous ef-
fects and freezing the turbulent viscosity. The verification case
uses a span section of a 3D compressor stage—a transonic DLR
�German Aerospace Center� compressor stage �37�. The section is
put on a cylindrical surface at a constant radius. Figure 9 shows
the mesh with a mesh density of 110�37 for the rotor domain
and 90�37 for the stator domain.

The Mach number distribution is shown in Fig. 10. Figure 11
shows the contour of the adjoint variable corresponding to the
continuity equation when the objective function is the tangential
force on the stator blade. Figure 12 shows the contour of the
adjoint variable corresponding to the moment of the momentum
equation when the objective function is the mass flow rate calcu-
lated at the exit of the stator. The two adjoint solution contours

Fig. 3 Mach number contours around NACA0012 at zero angle
of attack

Fig. 4 Adjoint field „�1… around NACA0012 at zero angle of
attack

Fig. 5 Lift coefficient/gradient versus angle of attack for
NACA0012 „FDM: finite difference method, ADJ: adjoint
method, and CL: calculated lift coefficient…

Fig. 6 Pressure coefficient distributions over the initial, target,
and designed aerofoils’ surface for the inverse design
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consistently depict that the adjoint solution information propa-
gates in a direction opposite to that of the physical flow distur-
bances. The flow upstream region becomes the downstream region
of the adjoint solution, and the flow downstream region becomes
the upstream region of the adjoint solution. Figure 13 compares
the gradient results of the tangential force on the stator blade to
design variables parametrizing the stator blade shape. The gradi-
ents by the adjoint method are very close to those by the finite
difference method. The appropriate implementation of the adjoint
mixing-plane treatment is further demonstrated in the good com-
parison of the gradient results of the mass flow rate to design
variables parametrizing the rotor blade shape �Fig. 14�. The mass
flow rate is calculated at the exit of the stator exit �stage exit�.
According to the subsonic inlet boundary condition �Eq. �17��,
�M /�p is zero at the inlet of the stage. This means that the objec-
tive function information is applied at the stage exit only. Apart
from that, the mass flow rate gradient calculation requires the
rotor computational domain alone to be perturbed. Therefore the
adjoint mixing-plane treatment plays a vitally important role in
passing the objective function information correctly through the
interface of the 2D rotor-stator configuration. Figures 11 and 12
also show that along the interface, there is a clear cut of contour
lines right on both sides of the interface, which indicates clearly
that the adjoint mixing-plane treatment is nonreflective.

6.4 Redesign of Compressor Stage. The 2D section of the
compressor stage used in Sec. 6.3 is optimized to increase the
isentropic efficiency while maintaining its mass flow rate and
pressure ratio. The objective function is a weighted sum of the
entropy generation rate and the two constraints of mass flow rate
and stagnation pressure ratio �for further details see Ref. �38��.

In this case, the RANS equations are solved. Ten design vari-
ables are used to parametrize perturbation to the rotor blade shape
and eight design variables to the stator blade shape. The isentropic
efficiency of the stage is increased from 84.91% to 88.00% with
negligible changes in mass flow rate and pressure ratio. It should
be pointed out the baseline flow state is not a very efficient one
and is chosen here mainly for demonstrating the adjoint mixing-
plane method. Figure 15 shows the difference of the optimized
rotor blade from the original one. The optimized blade is curved
toward its suction side between the leading edge and the mid-
chord, leading to a weaker shock in the passage �Fig. 16�. The
trailing edge region is curved in an opposite direction toward the
pressure side, better matched with the stator. Figure 17 shows the
geometry change of the stator blade; the stator camber is increased
to reduce the flow separation around the stator trailing edge

Fig. 7 Comparison between initial, target, and designed aero-
foil profiles for the inverse design

Fig. 8 History of the objective function for the inverse design

Fig. 9 Computational mesh of the 2D compressor stage

Fig. 10 Relative Mach number contours „2D configuration of
the compressor stage…
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�Fig. 16�.
This case provides an illustration of the validity and advantage

of the present adjoint mixing-plane treatment. Clearly it is far
more effective to optimize both the rotor and stator at the same
time than to deal with them separately and iteratively.

7 Concluding Remarks
The adjoint method for turbomachinery blading aerodynamic

design optimization with the emphasis on the adjoint mixing-
plane treatment is presented. It is believed that development and
application of an adjoint method can benefit considerably from a
clear appreciation of the antiphysics adjoint information propaga-
tion, as demonstrated in the computational results. The good
agreement of the lift coefficient gradient by the adjoint method

Fig. 11 Adjoint field „�1… with the tangential force on the stator
blade as the objective function

Fig. 12 Adjoint field „�3… with mass flow rate as the objective
function

Fig. 13 Gradients of the tangential force on the stator blade
„FDM: finite difference method and ADJ: adjoint method…

Fig. 14 Gradients of stage mass flow rate „FDM: finite differ-
ence method and ADJ: adjoint method…

Fig. 15 Comparison of the original rotor blade and the opti-
mized rotor blade
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with that by the finite difference method demonstrates the validity
of the adjoint method in the gradient calculation and its appropri-
ate implementation. These are further confirmed by the inverse
design well recovering the target pressure coefficient distribution
and the target aerofoil profile. The close agreement of the gradient
results by the adjoint method with those by the finite difference
method for a 2D rotor-stator configuration case demonstrates the
appropriate formulation and implementation of the adjoint
mixing-plane treatment. The characteristic-based adjoint mixing-
plane treatment is also shown to be nonreflective. The validity and
advantage of the adjoint mixing-plane treatment is further con-
firmed by the optimization of the 2D compressor stage. Further
validations and applications of the present approach to realistic
3D configurations in a multirow environment are presented in the
companion paper �38�.
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Nomenclature
F ,G ,H � axial, circumferential, and radial flux vectors
u ,v ,w � axial, circumferential, and radial velocity

components

S � source term of the flow equations
U � conservative flow variable vector

Uv � viscous flow variable vector
Vx,�,r � axial, circumferential, and radial viscous flux

vectors
� � fluid density

	 � angular velocity
E � specific total energy
H � specific total enthalpy
p � pressure

�ij � i , j=x ,� ,r shear stress
qi � i , j=x ,� ,r heat flux
� � adjoint variable vector

A ,B ,C ,D � Jacobian matrices of inviscid flux vectors and
the source term to the conservative flow vari-
able vector

Av ,Bv ,Cv � Jacobian matrices of viscous flux vectors to the
conservative flow variable vector

Dx,�,r � adjoint viscous terms
�ij � adjoint viscous stress terms

Appendix

1 Derivation of Viscous Adjoint Equations. Linearizing the
flow equations �1� with respect to a design variable, one has

��AŨ − AvŨ − DxxŨx − Dx�Ũ� − DxrŨr�
�x

+
��BŨ − Ũvg − BvŨ − D�xŨx − D��Ũ� − D�rŨr�

r � �

+
�r�CŨ − CvŨ − DrxŨx − Dr�Ũ� − DrrŨr�

r � r
− DŨ = f

�A1�

where A, B, C, and D are as defined before in Eq. �11�, and

Av = �Vx/�U, Bv = �V�/�U, Cv = �Vr/�U

Ũx = �Ũ/�x, Ũ� = �Ũ/�r � ��, Ũr = ��rŨ�/�r � r�

Dij = �Vi/�Uj, i, j = x,�,r

Multiplying Eq. �A1� with the adjoint variable and rearranging
yields

�T� ��AŨ − AvŨ − DxxŨx − Dx�Ũ� − DxrŨr�
�x

+
��BŨ − Ũvg − BvŨ − D�xŨx − D��Ũ� − D�rŨr�

r � �

+
�r�CŨ − CvŨ − DrxŨx − Dr�Ũ� − DrrŨr�

r � r
− DŨ − f� = 0

�A2�

The linearized flow equations �Eq. �A1�� hold no matter what
value the adjoint variable will take. Integrating the left hand side
of the above equation over the whole computational domain, one
has

Fig. 17 Comparison of the original stator blade and the opti-
mized stator blade

Fig. 16 Relative Mach contours of the original blade passage
and the optimized blade passage
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�
D

�T� ��AŨ − AvŨ − DxxŨx − Dx�Ũ� − DxrŨr�
�x

+
��BŨ − Ũvg − BvŨ − D�xŨx − D��Ũ� − D�rŨr�

r � �

+
�r�CŨ − CvŨ − DrxŨx − Dr�Ũ� − DrrŨr�

r � r
− DŨ − f�dv = 0

�A3�

Performing integration by parts once gives

�
�D

��T�F̃ − Ṽx�nx + �T�G̃ − Ũvg − Ṽ��n� + �T�H̃ − Ṽr�nr�ds

−�
D

� ��T

�x
�A − Av� +

��T

r � �
�B − vgI − Bv� +

��T

�r
�C − Cv�

+ �TD�Ũdv +�
D

� ��T

�x
�DxxŨx + Dx�Ũ� + DxrŨr�

+
��T

r � �
�D�xŨx + D��Ũ� + D�rŨr� +

��T

�r
�DrxŨx + Dr�Ũ�

+ DrrŨr��dv −�
D

�Tfdv = 0 �A4�

Rearranging the last second domain integral in the above by col-

lecting like terms with Ũx, Ũ�, and Ũr yields

�
D

�� ��T

�x
Dxx +

��T

r � �
D�x +

��T

�r
Drx	Ũx + � ��T

�x
Dx� +

��T

r � �
D��

+
��T

�r
Dr�	Ũ� + � ��T

�x
Dxr +

��T

r � �
D�r +

��T

�r
Drr	Ũr�dv �A5�

Performing integration by parts to the above once gives

�
�D

�� ��T

�x
Dxx +

��T

r � �
D�x +

��T

�r
Drx	Ũ · nx + � ��T

�x
Dx� +

��T

r � �
D��

+
��T

�r
Dr�	Ũ · n� + � ��T

�x
Dxr +

��T

r � �
D�r +

��T

�r
Drr	Ũ · nr�ds

−�
D

� �

�x
� ��T

�x
Dxx +

��T

r � �
D�x +

��T

�r
Drx	 +

�

r � �
� ��T

�x
Dx�

+
��T

r � �
D�� +

��T

�r
Dr�	 +

�

�r
� ��T

�x
Dxr +

��T

r � �
D�r +

��T

�r
Drr	�Ũdv

�A6�

Substituting Eq. �A6� into Eq. �A4� and collecting like terms
yields

�
�D

��T�F̃ − Ṽx�nx + �T�G̃ − Ũvg − Ṽ��n� + �T�H̃ − Ṽr�nr

+ � ��T

�x
Dxx +

��T

r � �
D�x +

��T

�r
Drx	Ũ · nx + � ��T

�x
Dx� +

��T

r � �
D��

+
��T

�r
Dr�	Ũ · n� + � ��T

�x
Dxr +

��T

r � �
D�r +

��T

�r
Drr	Ũ · nr�ds

−�
D

� ��T

�x
�A − Av� +

��T

r � �
�B − vgI − Bv� +

��T

�r
�C − Cv� + �TD

+
�

�x
� ��T

�x
Dxx +

��T

r � �
D�x +

��T

�r
Drx	 +

�

r � �
� ��T

�x
Dx� +

��T

r � �
D��

+
��T

�r
Dr�	 +

�

�r
� ��T

�x
Dxr +

��T

r � �
D�r +

��T

�r
Drr	�Ũdv −�

D

�Tfdv

�A7�

Adding Eq. �A7� to the gradient expression in Eq. �10� and col-

lecting the domain integral terms with Ũ, one has

−�
D

� ��T

�x
�A − Av� +

��T

r � �
�B − vgI − Bv� +

��T

�r
�C − Cv� + �TD

+
�

�x
� ��T

�x
Dxx +

��T

r � �
D�x +

��T

�r
Drx	 +

�

r � �
� ��T

�x
Dx� +

��T

r � �
D��

+
��T

�r
Dr�	 +

�

�r
� ��T

�x
Dxr +

��T

r � �
D�r +

��T

�r
Drr	�Ũdv

Choose the value of the adjoint variable in such a way so that the
above domain integral vanishes, leading to the viscous adjoint
equations,

��T

�x
�A − Av� +

��T

r � �
�B − vgI − Bv� +

��T

�r
�C − Cv� + �TD

+
�

�x
� ��T

�x
Dxx +

��T

r � �
D�x +

��T

�r
Drx	 +

�

r � �
� ��T

�x
Dx�

+
��T

r � �
D�� +

��T

�r
Dr�	 +

�

�r
� ��T

�x
Dxr +

��T

r � �
D�r +

��T

�r
Drr	

= 0 �A8a�

The above equation can be rearranged as follows:

�A − Av�T��

�x
+ �B − vgI − Bv�T ��

r � �
+ �C − Cv�T��

�r
+ PT� �Dx

�x

+
�D�

r � �
+

�Dr

�r
	 + DT� = 0

P =
�U

�Uv
, Uv = �p,u,v,w,T�T

Dx = �0,�xx,��x/r,�rx,�x�T

D� = �0,�x�,���/r,�r�,���T

Dr = �0,�xr,��r/r,�rr,�r�T

�xx =
2

3
��2� ��2

�x
+ u

��5

�x
	 − � ��3

��
+ v

��5

r � �
	 − � ��4

�r
+ w

��5

�r
	�

��� =
2

3
��2� ��3

��
+ v

��5

r � �
	 − � ��2

�x
+ u

��5

�x
	 − � ��4

�r
+ w

��5

�r
	�

�rr =
2

3
��2� ��4

�r
+ w

��5

�r
	 − � ��3

��
+ v

��5

��
	 − � ��2

�x
+ u

��5

�x
	�

�x� = ��x = ��� ��2

r � �
+ u

��5

r � �
	 + �r

��3

�x
+ v

��5

�x
	�

�xr = �rx = ��� ��2

�r
+ u

��5

�r
	 + � ��4

�x
+ w

��5

�x
	�

�r� = ��r = ��� ��4

r � �
+ w

��5

r � �
	 + �r

��3

�r
+ v

��5

�r
	�
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�x = k
��5

�x
, �� = k

��5

r � �
, �r = k

��5

�r
�A8b�

2 Conservation of Adjoint Variable Weighted Fluxes. Ac-
cording to expression �13b�, for two adjacent computational do-
mains separated by an interface, each has a boundary integral term

depending on the flow variable sensitivity Ũ along the interface.
As Fig. 1 shows, if an interface is perpendicular to the x direction,
then the boundary integral terms can be reduced as follows:

1

Y1
�

y1

�TAŨdy −
1

Y2
�

y2

�TAŨdy �A9�

The appearance of the pitch length accounts for the whole annulus
effect. Expression �A9� depends on the flow variable sensitivity

Ũ. The adjoint method requires these two terms to vanish, namely,

1

Y1
�

y1

�TAŨdy −
1

Y2
�

y2

�TAŨdy = 0 �A10a�

This can be achieved in two ways. One is to make each of them
vanish. This requires setting �TA=0 at every point along an inter-

face, as the flow variable sensitivity Ũ is not always zero along an
interface. Because the Jacobian matrix A usually has a full rank,
setting �TA=0 is equivalent to setting �=0, which is sufficient but
too much to satisfy Eq. �A10a�. The other way is to satisfy Eq.
�A10a� as a whole across the interface. This means that each of
the two terms from the two sides of the interface may not be zero,
but they equal each other and hence cancel out.

Equation �A10a� can be written in the following equivalent
form:

1

Y1
�

y1

�TF̃dy −
1

Y2
�

y2

�TF̃dy = 0 �A10b�

The adjoint variable vector is independent of a design variable;
therefore, one has

�TF̃ = �TF˜

Substituting the above into Eq. �A10b� yields

1

Y1
�

y1

�TF˜dy −
1

Y2
�

y2

�TF˜dy = 0 �A10c�

The interface geometry can be kept intact when a design variable
is perturbed. Hence the differentiation operation and integration
operation can exchange their sequences, resulting in the following
equivalent equation:

1

Y1
�

y1

�TFdy
˜

−
1

Y2
�

y2

�TFdy
˜

= 0 �A10d�

The above equation can be further rearranged as follows by re-
moving the differentiation operation:

1

Y1
�

y1

�TFdy −
1

Y2
�

y2

�TFdy = 0 �A11�

This is a scalar equation. It is satisfied by balancing all the corre-
sponding terms across the interface, leading to the following five
equations, with each one corresponding to one adjoint variable:

1

Y1
�

y1

�1��u�dy −
1

Y2
�

y2

�1��u�dy = 0

1

Y1
�

y1

�2��u2 + p�dy −
1

Y2
�

y2

�2��u2 + p�dy = 0

1

Y1
�

y1

�3��uv�dy −
1

Y2
�

y2

�3��uv�dy = 0

1

Y1
�

y1

�4��uw�dy −
1

Y2
�

y2

�4��uw�dy = 0

1

Y1
�

y1

�5��Hu�dy −
1

Y2
�

y2

�5��Hu�dy = 0 �A12�

The five equations in Eq. �A12� state that the adjoint variable
weighted and circumferentially averaged fluxes of mass, momen-
tum, and energy are conserved across an interface.
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Adjoint Aerodynamic Design
Optimization for Blades in
Multistage Turbomachines—Part
II: Validation and Application
This is the second part of a two-part paper. First, the design-optimization system based
on the adjoint gradient solution approach as described in Part I is introduced. Several
test cases are studied for further validation and demonstration of the methodology and
implementation. The base-line adjoint method as applied to realistic 3D configurations is
demonstrated in the redesign of the NASA rotor 67 at a near-choke condition, leading to
a 1.77% efficiency gain. The proposed adjoint mixing plane is applied to the redesign of
a transonic compressor stage (DLR compressor stage) and an IGV-rotor-stator configu-
ration of a Siemens industrial compressor at a single-operating point, both producing
measurably positive efficiency gains. An examination on the choice of the operating mass
flow condition as the basis for the performance optimization, however, highlights the
limitation of the single-point approach for practical applications. For the three-row
compressor configuration, a near peak-efficiency point based redesign leads to a mea-
surable reduction in the choke mass flow, while a near-choke point based redesign leads
to a significant performance drop in other flow conditions. Subsequently, a parallel
multipoint approach is implemented. The results show that a two-point design optimiza-
tion can produce a consistently better performance over a whole range of mass flow
conditions compared with the original design. In the final case, the effectiveness of the
present method and system is demonstrated by a redesign applied to a seven-row indus-
trial compressor at the design point, leading to a remarkable 2.4% efficiency gain.
�DOI: 10.1115/1.3103928�

1 Introduction
Most turbomachines are of a multistage configuration. Nowa-

days, it is also a common practice to analyze flow field in multi-
stage turbomachines with the aid of the flow mixing-plane ap-
proach, following Denton �1�. This provides an opportunity to
perform design optimization for turbomachine blades in a multi-
stage environment, preventing mismatch between adjacent rows
that can occur when each blade row is redesigned in isolation.

In the past decade, the adjoint method has been established as
an efficient method for gradient calculations for design optimiza-
tion with a very large number of design variables for a very small
number of objective functions �2�. However, the applications of
the adjoint method in turbomachinery design optimization have
been to date restricted to single blade row designs. The first part of
the two-part paper �3� describes the development of a proposed
adjoint mixing-plane treatment. This treatment enables the adjoint
equations to be solved in a multibladerow environment, making it
possible to perform turbomachinery blading design optimization
in a multistage environment based on an adjoint method. Some
preliminary verifications and validations of the adjoint method are
presented in Part I �3�. Here, in the second part of the paper, the
main aspects of the design system are described, followed by
presentations of several validation and application case studies.

2 Objective Function
For the case studies to be presented, the design target is to

increase the blade isentropic efficiency while applying constraints

to the mass flow rate and stagnation pressure ratio. The constraints
are set to limit the mass flow rate and the stagnation pressure ratio
changes to less than 0.5%. Although the design target is to in-
crease isentropic efficiency, this is achieved by minimizing the
entropy generation rate. The entropy generation rate, as used by
Oyama and Liou �4�, has a much simpler expression than that of
isentropic efficiency. This reduces complexity in deriving objec-
tive function related terms for solving the corresponding adjoint
equations. The objective function for design optimization is a
weighted sum of the two aforementioned constraints and the en-
tropy generation rate, taking the following formulation

I =
s

s0
+ �1� ṁ

ṁ0

− 1�2

+ �2� �

�0
− 1�2

�1�

The definition for the entropy generation rate s in the above is
given by

s =

�
e

�u
p

�rdsx

�
e

�udsx

−

�
i

�u
p

�rdsx

�
i

�udsx

where e denotes the exit plane of a computational domain, and i
denotes the inlet plane of a computational domain. The mass flow
rate is the arithmetic average of the mass flow rate integrated at
the exit and inlet of a computational domain. The stagnation pres-
sure ratio is defined as the ratio of the mass averaged stagnation
pressure at the exit to that at the inlet. The subscript “0” denotes
the initial values. �1 and �2 are the weighting factors taking fol-
lowing values for the cases studied

�1 = �2 = 100 for NASA rotor 67
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�1 = �2 = 50 for DLR stage

�1 = �2 = 500 for Siemens compressor

Different values of �1 and �2 will usually lead to different designs
as also indicated in Ref. �5�. A good choice of these values usually
needs some trial and error.

3 Shape Parametrization
Shape parametrization plays a very important role in turboma-

chinery blade aerodynamic design optimization �6�, and it can be
a separate research topic �7,8�. With many different approaches
for blade shape parametrization appearing in the open literature,
what is the best way to parametrize turbomachinery blades re-
mains an open question. Bezier polynomials were used by Arens
et al. �9�, Büche et al. �10�, Benini �11�, Sieverding �12�, and Lotfi
et al. �13�; B splines were adopted by Anderson and Venkatakrish-
nan �14� and Oyama and Liou �4�. Aerodynamic modes such as
sweep and lean �15–17� are a popular choice to reduce the number
of design variables.

Instead of parametrizing a blade shape itself, the Hicks–Henne
functions were used by Yang et al. �18� to parametrize perturba-
tions to a blade shape. This shape perturbation parametrization
approach has been adopted in this research work using the Hicks–
Henne function and its variants. Two sets of hump functions are
used to parametrize perturbations to tangential coordinates of
mesh points on a blade surface: one is the 2D Hicks–Henne func-
tions expressed in Eq. �2�, which is a variant of those used in Ref.
�18�, and the other is given in Eq. �3�. The Hicks–Henne functions
�2� are applied to mesh points, which are not leading edge or
trailing edge or casing section or hub section mesh points, while
the other ones �3� are used for those mesh points where �the lead-
ing edge, trailing edge, casing section, and hub section mesh
points� Hicks–Henne functions fail �xd or rd cannot be one or zero
in Eq. �2��. The hump functions �2� and �3� determine the amount
of perturbation to coordinates of other mesh points when the tan-
gential coordinate of a design mesh point is perturbed

�r� = a sinbr��rln 0.5/ln rd� · sinbx��xln 0.5/ln xd� �2�

�r� = a · sinbr��

2
�1 − 	rd − r	�
 · sinbx��

2
�1 − 	xd − x	�
 �3�

where x is the reduced axial coordinate of a mesh point along an
axially running grid line on which the mesh point resides, and r is
the reduced radial coordinate of a mesh point along a radially
running grid line on which the mesh point resides. The values of x
are 0 and 1 at the leading edge and trailing edge, respectively. The
value of r is 0 and 1 at the hub and casing section, respectively. xd
and rd are the reduced axial and radial coordinates of a design
mesh point. bx and br control the influence of perturbation to
coordinates of a design mesh point on other mesh points. The
bigger the value of b, the more local the hump functions will be.
a is a design variable and determines the amount of perturbation
to the tangential coordinate of a design mesh point. On a blade
surface, if it is densely populated with design mesh points, then
each hump function can be very local by choosing a big value of
b. Otherwise, the hump functions need a small value of b to be
more globally smooth. In addition, the blade tangential thickness
is kept constant during a design process to avoid producing unre-
alistically thin blades. The mesh points on a blade span section are
also allowed to move along axially running grid lines to accom-
modate blade sweep effect. When one radial mesh section is per-
turbed in the axial direction along an axially running grid line, the
perturbations to other radial sections are determined according to
the following Hicks–Henne function

�x = a sinbr��rln 0.5/ln rd� �4�
The resultant perturbation to radial coordinates of mesh points is
determined through ensuring that the perturbed blade span section

moves along the axially running grid line on which this span
section resides. Finally, if a blade has a circle fitted around its
leading edge, mesh points on the leading edge circle are not al-
lowed to be taken as design mesh points. However, the coordi-
nates of these mesh points will still be changed due to the pertur-
bation to other mesh points to preserve the blade round leading
edge shape.

4 Design-Optimization Procedure
The search procedure used in this work is the steepest descent

method in which a small step is taken in the negative gradient
direction. The step size is given by the following empirical rule.
Based on the gradient of an objective function to all design vari-
ables, an arbitrary step size �usually big enough to avoid excessive
rounding errors� is used initially to calculate perturbations to the
coordinates of all the mesh points. Then the maximum perturba-
tion is found and all the perturbation will be scaled to such an
extent that the maximum perturbation will be equal to a specified
value, say, 0.1% of a blade chord. In this way, a big perturbation,
which may result in drastic change in a blade profile in one design
cycle, will be avoided.

A design-optimization process is broken down into the follow-
ing procedures and also shown schematically in the flow chart of
Fig. 1.

Step 1: Problem setup. This is the starting point of a design
optimization. It includes specification of the initial blade geom-
etry, boundary condition, objective functions and constraints, de-
sign variables, etc.

Step 2: Mesh generation. A mesh is generated in an algebraic
way that is very fast according to the specified blade geometry.

Step 3: Solve flow equation. The flow equation is solved to
obtain the flow solution, which is used to evaluate the perfor-
mance of the current design and provides information for follow-
ing steps.

Step 4: Solve adjoint equation. Based on the flow solution, the
adjoint equation is solved. The adjoint solution together with the
flow solution provides information for the evaluation of gradients
of the objective function to design variables.

Step 5: Calculate gradient. Gradients of an objective function
to design variables can be obtained with the flow and adjoint
solutions and mesh perturbation very efficiently �see details in
Sec. 5 of Part 1�.

Step 6: Perturb geometry and search. The step size determining
the amount of change made to a base-line blade geometry is cal-
culated according to the empirical rule described at the beginning
of this section. According to the steepest descent method, the
blade geometry is changed at the opposite direction of gradients of
an objective function to be minimized.

Fig. 1 Flow chart of a single-operating-point design
optimization
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The above steps 2–6 will repeat until a certain stopping crite-
rion is reached.

5 Results and Discussion
This section presents four design-optimization cases: the rede-

sign of NASA rotor 67 �19�, the redesign of the transonic DLR
compressor stage �20�, and redesigns of the IGV-rotor-stator con-
figuration and a seven-row configuration of a Siemens industrial
compressor �21�. For each case, comparisons of the calculated
flow results with experimental data are made to demonstrate the
quality of the flow field simulation by the present flow solver. The
redesign of NASA rotor 67 demonstrates the capability of the
design system for its application in a single row environment and
lays down the basis for design optimization in a multirow envi-
ronment. The other three cases demonstrate the capability of the
design system for design optimization in a multirow environment.

5.1 Redesign of NASA Rotor 67. NASA rotor 67 is an un-
dampered low-aspect-ratio design and is the first stage rotor of a
two-stage fan. The rotor design pressure ratio is 1.63 at a mass
flow rate of 33.25 kg/s. The design rotational speed is 16,043 rpm,
which yields a tip speed of 429 m/s and an inlet tip relative Mach
number of 1.38. The rotor has 22 blades and an aspect ratio of
1.65 �based on average span/root axial chord�. The rotor solidity
varies from 3.11 at the hub to 1.29 at the tip. The inlet and exit tip
diameters are 51.4 cm and 48.5 cm, respectively, and the inlet and
exit hub/tip radius ratios are 0.375 and 0.478, respectively. The

rotor was experimentally investigated in NASA Lewis Research
Center to produce data for validating numerical results �19� and
has been a popular test case for design optimization �4,16,22,23�.

A single passage computational domain with a mesh density of
110�49�37 in the axial, pitchwise, and radial directions has
been used to model the blade. Figure 2 shows the meridional view
and blade to blade view of the mesh.

The calculated performance map of NASA rotor 67 is com-
pared with the experimental data in Fig. 3. The mass flow rate is
normalized by its choke mass flow rate as suggested in Ref. �24�.
Both the calculated pressure ratio and efficiency show a fair
agreement with their experimental values, except that pressure
ratio and efficiency are underpredicted for operating points close
to stall.

The design optimization is carried out at a near-choke operating
point1 with its performance listed in Table 1. 143 design variables
with 13 design variables for each of 11 spanwise sections are used
to parametrize the blade shape perturbations. The 11 spanwise
mesh sections divide the blade span into 10 approximately equal
intervals. 48 design cycles are completed over 63 h.2 The evolu-
tion of the objective function and two constraints with design
cycles is depicted in Fig. 4. The objective function is reduced by
19% in total. The overshoot in the objective function curve at the
21st design cycle corresponds to an increase in entropy generation
rate and a severe violation of the pressure ratio constraint and a
much better satisfaction of the mass flow rate constraint relative to
its preceding design cycle, as also revealed by the corresponding
spikes in the two constraint curves.

Table 1 compares the performance between the original and
optimized blades at the near-choke operating point. The optimized

1The normalized mass flow rate at this operating point is 0.995.
2All the single-operating point design optimizations were run on a single 2.2 GHz

Opteron processor.

Table 1 Performance comparison between the original and
optimized blades for the NASA rotor 67 redesign

Mass flow rate
�kg/s� Pressure ratio

Isentropic efficiency
�%�

Original 34.32 1.6536 90.50
Optimized 34.37 1.6523 92.27
Change +0.15% �0.08% +1.77

Fig. 2 Meridional view and blade to blade view of the NASA
rotor 67 mesh

Fig. 3 Performance map comparison of the numerical results
with experimental data „NASA rotor 67…

Fig. 4 Evolution of the objective function and two constraints
with design cycles „NASA rotor 67 redesign…
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blade increases the blade isentropic efficiency by 1.77% point
with 0.15% increase in the mass flow rate and 0.08% reduction in
the pressure ratio. This can be considered as a fairly good redesign
in terms of efficiency gain and the satisfaction of constraints.

Figure 5 depicts the spanwise distribution of the circumferen-
tially averaged isentropic efficiency, stagnation pressure ratio, and
stagnation temperature ratio at the rotor exit. The local efficiency
is increased over the whole span with greater increase in the tip
and hub regions. The local stagnation pressure ratio and stagna-
tion temperature ratio are raised in the hub region and lowered in
the tip region shifting blade load from the tip region toward the
hub region.

In the original flow field, as Fig. 6 reveals, there is a strong
passage shock normal to the casing. However, in the flow field of
the optimized blade, on the blade pressure surface, there are two
shocks that are much weaker than that in the original flow field.
On the blade suction surface �Fig. 7�, compared with the original
flow field, the optimized flow field has a shock that is slightly
weaker and is pushed upstream a little. The reduction in the shock
strength accounts for the main efficiency gain.

The blade geometry change against the original design is shown
in Fig. 8. In the hub region, the blade section has increased cam-
ber, which is in line with the increased blade load in hub region as
revealed in Fig. 5. There is also significant geometry change from

the midspan to tip regions where the tip sections have been
changed from an MCA type into a reverse-cambered type of pro-
file shape. Although the geometric change is small in the midspan
region, it is relatively larger in the hub and tip regions and it is
much larger than manufacturing tolerance. The geometric change
is normally difficult to be achieved using a conventional manual
design approach.

5.2 Redesign of DLR Transonic Stage. The DLR stage �20�
is a transonic axial flow compressor stage without inlet guide
vanes. The stage was designed for a rotational speed of 20,260
rpm with a stagnation pressure ratio of 1.51 at an equivalent mass
flow rate of 17.3 kg/s. The rotor inlet diameter is 39.8 cm with a
hub/tip ratio of 0.51. The rotor consists of 28 MCA-profiled
blades with a tip chord length of 6.0 cm. The blade solidities vary
between 2 and 1.34 from hub to tip. The stator has 31 controlled
diffusion blades with solidity varying from 1.68 at the hub to 1.05
at the tip.

The single passage H mesh consists of two rows with a mesh
density of 110�37�39 for the rotor and 90�35�39 for the
stator in the axial, circumferential, and radial directions, respec-
tively. The tip and hub clearances are treated by the simple
pinched-up approach and three cells are used to accommodate a
gap. The meridional view and blade to blade view of the mesh are

Fig. 5 Spanwise distributions of efficiency, stagnation tem-
perature ratio and stagnation pressure ratio at the blade exit
„NASA rotor 67 redesign…

Fig. 6 Pressure contours on the blade pressure surface
„NASA rotor 67 redesign…

Fig. 7 Pressure contours on the blade suction surface „NASA
rotor 67 redesign…

Fig. 8 Comparison of blade geometry between NASA rotor 67
and the optimized blade
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shown in Fig. 9.
Figure 10 compares the calculated and experimental perfor-

mance maps. As can be seen, the calculated flow range is smaller
than the experimental one. From the experimental pressure ratio
curve, one can see that the pressure ratio decreases with the re-
duction in mass flow rate, which indicates the occurrence of large
scale flow separation in the tested compressor. Convergence in
this flow range with a negative slope of pressure ratio character-
istics is usually difficult with the current flow solver using a single
passage computational domain due to a numerical surge. Except
for that, the calculated efficiency and pressure ratio versus mass
flow rate curves agree reasonably well with the experimental data.
The calculated choke mass flow rate is very close to the experi-

mental value.
The redesign is carried out at the stage peak-efficiency operat-

ing point of the original design with its performance listed in
Table 2. There are 154 design variables with 14 design variables
on each of 11 spanwise sections parametrizing perturbations to the
rotor blade shape and 121 design variables with 11 design vari-
ables on each of 11 spanwise sections to perturb the stator blade
shape.

Thirty-six design cycles are finished within 4 days. The evolu-
tion of the objective function as well as two constraints with de-
sign cycles is depicted in Fig. 11. 80% of the total drop in the
objective function is achieved within the first 10 design cycles; the
remaining 26 design cycles consume most of the elapsed time
with only 20% drop. This is probably due to the shortcoming of
the steepest descent method, which converges slowly when the
curvature of the design space is quite different in different direc-
tions. The constraints are violated significantly for the first few
design cycles and are better satisfied when the design process
converges.

The performance of the original blade and the optimized design
is compared in Table 2. The optimized design has an efficiency
that is 0.72% higher than its original counterpart, while it has the

Table 2 Performance comparison between original and opti-
mized blades for the DLR stage redesign

Mass flow rate
�kg/s� Pressure ratio

Isentropic efficiency
�%�

Original 17.07 1.5987 85.11
Optimized 17.07 1.5987 85.83
Change 0.0% 0.0% +0.72

Fig. 9 Blade-to-blade and meridional view of the DLR stage
mesh

Fig. 10 Performance map comparison of the numerical results
with experimental data for the DLR stage

Fig. 11 Evolution of the objective function and two constraints
with design cycles „DLR stage redesign…

Fig. 12 Spanwise distributions of circumferentially averaged
efficiency, stagnation temperature, and pressure ratios at the
compressor’s exit „DLR stage redesign…
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same mass flow rate and pressure ratio as the original values.
It is shown in Fig. 12 where for the optimized blades there is an

increase in isentropic efficiency over the whole span at the stage
exit. The pressure ratio and temperature ratio are decreased in

both the hub and tip regions and increased in the midspan region
suggesting spanwise shift of load toward the midspan region from
both endwall regions.

Examination of the pressure coefficient distributions on the
three span locations of the rotor �Figs. 13–15� suggests that there
is also a chordwise load shift from the leading edge toward the
trailing edge. As Figs. 13 and 14 suggest, near the hub and mid-
span regions, blade load is shifted mainly from the leading edge
region to the midchord region. While in the tip region, the load
shift is from the blade leading edge region to the trailing edge
region. The achievement of the efficiency increase in this case is
believed to be through the reduction in secondary flow near the
endwall regions �loading shift from both endwall regions to the
midspan region as revealed in the pressure ratio spanwise distri-
bution in Fig. 12�.

The geometry of the original rotor and stator is compared with
that of the optimized blades at three span locations: 25% span,
50% span, and 85% span �Figs. 16 and 17�. The major geometry
change is seen to occur in the rotor blade with most change taking
place near the rotor blade trailing edge. During the design process,
the round rotor leading edge shape �Fig. 16� is well preserved.

5.3 Redesign of the IGV-Rotor-Stator Configuration of an
Industrial Compressor. The Siemens three-stage transonic test
compressor is a high specific flow and high pressure ratio com-
pressor designed using 3D aerodynamic design methods to
achieve high performance �21�. The compressor has a design mass
flow of 26.3kg/s at a pressure ratio of 3:1. The compressor has

Fig. 13 Pressure coefficient distributions at 25% span of the
original and optimized DLR rotors

Fig. 14 Pressure coefficient distributions at 50% span of the
original and optimized DLR rotors

Fig. 15 Pressure coefficient distributions at 85% span of the
original and optimized DLR rotors

Fig. 16 Comparison of blade geometry between the DLR rotor
and the optimized rotor

Fig. 17 Comparison of blade geometry between the DLR sta-
tor and the optimized stator
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been extensively tested both aerodynamically and aeromechani-
cally in the rig to evaluate its aerodynamic performance and struc-
tural integrity.

For the work reported in this paper, the flow field inside the
machine at its design point is simulated. The calculated spanwise
distribution of stagnation pressure and temperature at the com-
pressor exit is in close agreement with the experimental data �Fig.
18�. The calculated casing static pressure distribution also has a
close agreement with the experimental data �Fig. 19�.

The first three rows, including the IGV, the first rotor and first
stator, are taken out of the seven-row Siemens compressor. The
computational domain after the first stator is extended to allow for
the application of a subsonic exit boundary condition. Figure 20
shows the blade to blade view and meridional view of the three-
row mesh. The mesh has 49 mesh points in the radial direction
and 37 mesh points in the circumferential direction for all the
three rows. The IGV, rotor 1, and stator 1 have 125, 124, and 117
mesh points in the axial direction. In the design-optimization pro-
cess, the IGV remains unchanged, 187 design variables are used
to parametrize perturbations to the rotor blade shape, and 154
design variables are used for the stator blade shape. These design
variables are distributed on 11 radial mesh sections; therefore,
each section has 17 and 14 design variables for the rotor and the
stator, respectively.

For practical applications, any optimized redesign will need to

produce a better performance at a chosen operating point without
sacrificing those at other operating point. This issue is highlighted
in this case.

In the first instance, the three-row configuration is redesigned at
the stage peak-efficiency point to further increase its isentropic
efficiency while maintaining its mass flow rate and pressure ratio.
As Figs. 21 and 22 show, although the optimized design delivers
an efficiency gain of about 1.0% point at the stage peak-efficiency
point, this design has noticeable lower choke mass flow rate. It is
expected to get a redesign, which can not only deliver higher
efficiency at the original stage peak-efficiency operating point but
also maintain the choke mass flow rate. It is then conjectured that
this kind of design might be obtained by performing the design
optimization at a near-choke operating point. The redesign at the
near-choke point deteriorates its performance dramatically with
decreasing mass flow rate from the near-choke value, although it
increases the efficiency and the choke mass flow rate �Figs. 21 and
22�.

The above observations lead to the consideration of introducing
a parallel multipoint implementation of the base-line optimization

Fig. 18 Spanwise distributions of stagnation pressure and
stagnation temperature at the Siemens three-stage compressor
exit

Fig. 19 Casing static pressure distributions inside the
Siemens three-stage compressor

Fig. 20 Blade to blade view „upper… and meridional view
„lower… of the IGV-R1-S1 configuration mesh

Fig. 21 Efficiency versus mass flow of different designs „IGV-
R1-S1 configuration redesign…
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procedure. In the first instance, it is of interest to examine the
impact of simultaneous design optimization of just the two points
at the peak-efficiency operating point and at the near-choke oper-
ating point.

For this two-operating-point design optimization, the total ob-
jective function is simply a linear combination of the objective
functions �1� at the two operating points of interest.

I = �peak · Ipeak + �choke · Ichoke �5�
The aim of this redesign is to increase the efficiency at the stage

peak-efficiency point of the original design while the choke mass
flow rate is maintained. This is to suggest that more priority
should be put at the peak-efficiency point; therefore, �peak is as-
signed a value of 0.8 and �choke=0.2. The gradient of the total
objective function to a design variable is expressed by

dI

d�
= �peak ·

dIpeak

d�
+ �choke ·

dIchoke

d�
�6�

dIpeak /d� can be calculated from the flow solution and the adjoint
solution at the peak-efficiency point only, and dIchoke /d� can be
determined from the flow solution and the adjoint solution at the
near-choke point only. This means the two gradients can be cal-
culated separately and then combined linearly to form the gradient
of the total objective function. This gives rise to the parallelization
of the code, which is easy to implement and can result in consid-
erable real time saving. Therefore, the original serial code for
single-operating point design optimization is parallelized using
the message passing interface �MPI� standard to enable multiple
operating points design optimization to be carried out �Fig. 23�.
Though only two operating points are considered in this demon-
stration case, the parallelized code can handle as many operating
points as one likes. In practice, two or three operating points
might be normally enough to be considered in a design optimiza-
tion guaranteeing a design of a better performance map.

From Figs. 21 and 22, by comparing the two-operating-point

design with the single-point design and the original one at the
stage peak-efficiency point, one can see clearly that the perfor-
mance curves of the two-point design are shifted toward higher
mass flow rate and the original design choke margin is maintained
as a result of the design constraint on the choke mass flow rate.
The peak-efficiency point of the two-point design has also been
shifted toward higher mass flow and it differs from the original
stage peak-efficiency point. The mass flow versus pressure ratio
characteristic of the two-point design is steeper than the original
design. The maximum efficiency gain seems to be achieved be-
tween the two chosen operating points. The peak efficiency has
been improved by 1.0% point. Overall, the two-point design op-
timization is a better design than any of the two single-point de-
signs.

5.4 Redesign of Siemens Three-Stage Compressor. In this
case, the computational domain consists of seven rows and its
blade to blade view of a midspan section and meridional view are
shown in Fig. 24. Each row has 45 mesh points in the circumfer-

Table 3 Number of axial mesh points and design variables for each row of the Siemens three-
stage compressor

IGV R1 S1 R2 S2 R3 S3

Number of axial mesh points 125 124 102 107 117 111 124
Number of design variables 0 187 154 165 187 165 165

Fig. 22 Pressure ratio versus mass flow of different designs
„IGV-R1-S1 configuration redesign…

Fig. 23 Flow chart of a parallel two-operating-point design
optimization

Fig. 24 Meridional view and blade to blade view of the Si-
emens three-stage compressor computational domain
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ential direction and 37 in the radial direction. The number of mesh
points in the axial direction varies for different rows and listed in
Table 3. Due to the large number mesh points, the computational
mesh is not shown here.

In the design optimization, the IGV remains unchanged as for
the three-row design optimization, while the other six rows are
allowed to be changed, with the number of design variables for

each row also listed in Table 3, resulting in 1023 design variables
in total. For each blade row, the design variables are distributed on
11 spanwise sections with the same number of design variables
for each section. A single-point design optimization is carried out
at the original design point of the compressor. Twenty-nine design
cycles are completed over 11 days. The history of the objective
function and the two constraints with design cycles is shown in
Fig. 25, where a 20% reduction in the objective function is ob-
tained. The behavior of the two constraints with design cycles is
qualitatively the same to the other case studies: there is more
violation at the beginning and the constraints are much better met
when the objective function converges.

The performance comparison between the original compressor
and the optimized one at the chosen operating point is presented
in Table 4. The optimized design has an efficiency that is 2.47%
point higher than the original one with 0.34% increase in the mass
flow rate and 0.08% decrease in the pressure ratio.

Figure 26 compares the spanwise distribution of circumferen-
tially averaged efficiency, stagnation temperature ratio, and stag-
nation pressure ratio at the compressor exit. The optimized design
has higher efficiency than the original design over the whole span.
The stagnation temperature ratio in the optimized design is lower

Table 4 Performance comparison between original and opti-
mized blades for the Siemens three-stage compressor redesign

Mass flow rate
�kg/s� Pressure ratio

Isentropic efficiency
�%�

Original 26.46 2.9885 86.81
Optimized 26.55 2.9860 89.28
Change +0.34% �0.08% +2.47

Fig. 25 Evolution of the objective function and two con-
straints with design cycles „Siemens three-stage compressor
redesign…

Fig. 26 Spanwise distributions of circumferentially averaged efficiency,
stagnation temperature ratio and stagnation pressure ratio at the compres-
sor exit „Siemens three-stage compressor redesign…

Fig. 27 Pressure coefficient distributions at 85% span of Ro-
tor 1 „Siemens three-stage compressor redesign…
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than the original design over the whole span. The stagnation pres-
sure ratio in the optimized design is increased in the tip region and
decreased in the hub region.

An examination on the pressure coefficient distributions on dif-
ferent spanwise locations of the first and second rotors shows that
the optimized design shifts blade load of the first two rotors up-
stream relative to their original designs �see Figs. 27 and 28�. The
strength of passage shocks inside the first and second rotors is
significantly reduced resulting in the efficiency increase in the
optimized design. With design constraints on the mass flow rate
and overall stagnation pressure ratio, the design optimization has
driven the redesign of the three transonic stages to different
matching conditions.

The change of blade geometry is revealed in Figs. 29–31. Fig-
ures 29 and 30 compare the original blade geometry to the opti-
mized blade geometry of the first rotor and stator. The first rotor
blade profile has been changed significantly in the leading edge
region, particularly near the hub. There is also a considerable
change in the tip region of the rotor blade geometry where the
original MCA type of profile has been replaced by a reverse-
cambered type of profile. The first stator is decambered with in-
creased turning in the front part of the airfoil and reduced turning
toward the trailing edge. During the design process, the round
leading edge shape is well preserved �Fig. 29�. Figure 31 shows

the contours of the circumferential geometry displacement on one
side of the blades. Due to the nature of the shape perturbation
parametrization in this research work, corresponding mesh points
on both sides of the blades have the same distance change �except
for the leading edge region� during the design-optimization pro-
cess; hence the geometry displacement on one side of the blades is
shown only. The first rotor, the first stator, and the second stator
have the major geometry change with the maximum change up to
1.1 mm �1.4 % of chord for rotor 1 and 2.6% chord for stator 1�.

6 Concluding Remarks
Four redesigns have been carried out, producing encouraging

improvements. The redesign of NASA rotor 67 delivers 1.77%
point increase in efficiency while maintaining the mass flow rate
and stagnation pressure ratio at values close to those specified for
the original design. The optimized DLR stage has an increase in
stage efficiency of 0.72% point at the same stagnation pressure
ratio and mass flow rate. The limitation of a single-point optimi-
zation is highlighted in the three-row configuration. Consequently,
a multipoint parallel procedure is introduced. It is shown that a
two-point parallel optimization behaves qualitatively differently
from a single-point one, and can produce a design with a higher
peak efficiency while satisfying performances at other operating
conditions. The Siemens seven-row compressor is optimized to
achieve 2.47% point efficiency increase while maintaining the
original design point stagnation pressure ratio and mass flow rate.
The multirow design cases, particularly the redesign of Siemens

Fig. 28 Pressure coefficient distributions at 85% span of Ro-
tor 2 „Siemens three-stage compressor redesign…

Fig. 29 Comparison of blade geometry for Rotor 1 „Siemens
three-stage compressor redesign…

Fig. 30 Comparison of blade geometry for Stator 1 „Siemens
three-stage compressor redesign…

Fig. 31 Geometry changes on blade surfaces of the Siemens
three-stage compressor
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seven-row compressor, have consistently demonstrated the valid-
ity and implementation of the proposed adjoint mixing-plane
treatment and the capability of the design system in aerodynamic
design optimization for multistage turbomachines.
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Nomenclature
I 	 objective function

� 	 weighting factor
s 	 entropy generation rate

ṁ 	 mass flow rate
� 	 stagnation pressure ratio

 	 isentropic efficiency
� 	 stagnation temperature ratio

�r� 	 perturbation to the r� coordinate of a mesh
point

�x 	 perturbation to the x coordinate of a mesh
point

p 	 static pressure
� 	 fluid density

dsx 	 differential area element projected in the x
direction

Cp 	 pressure coefficient
DLR 	 German Aerospace Centre
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Design and Optimization of the
Internal Cooling Channels of a
High Pressure Turbine
Blade—Part I: Methodology
This first paper describes the conjugate heat transfer (CHT) method and its application
to the performance and lifetime prediction of a high pressure turbine blade operating at
a very high inlet temperature. It is the analysis tool for the aerothermal optimization
described in a second paper. The CHT method uses three separate solvers: a Navier–
Stokes solver to predict the nonadiabatic external flow and heat flux, a finite element
analysis (FEA) to compute the heat conduction and stress within the solid, and a 1D
aerothermal model based on friction and heat transfer correlations for smooth and rib-
roughened cooling channels. Special attention is given to the boundary conditions linking
these solvers and to the stability of the complete CHT calculation procedure. The
Larson–Miller parameter model is used to determine the creep-to-rupture failure lifetime
of the blade. This model requires both the temperature and thermal stress inside the
blade, calculated by the CHT and FEA. The CHT method is validated on two test cases:
a gas turbine rotor blade without cooling and one with five cooling channels evenly
distributed along the camber line. The metal temperature and thermal stress distribution
in both blades are presented and the impact of the cooling channel geometry on lifetime
is discussed. �DOI: 10.1115/1.3104614�

1 Introduction

Gas turbines have become a major equipment for power gen-
eration by electric utilities and independent power producers. Im-
provements in the design concept, structural materials, and coat-
ing of the gas turbine hot section components enable an increase
in the turbine inlet temperature and have resulted in considerable
efficiency gains. However, higher temperatures accelerate the deg-
radation of the blades and inevitably lead to severe damage of the
superalloy substrate. Countermeasures currently applied to the hot
gas path components include film cooling, internal cooling, im-
pingement flow, thermal barrier coating, or a combination of all.

The interaction between the temperature and thermal stress and
its impact on the lifetime is difficult to estimate and emphasizes
the need for a computer aided technique to maximize the lifetime
of the blade.

A traditional gas turbine blade development starts with an aero-
dynamic design and a layout of the cooling geometry. This phase
is followed by a thermal and structural analysis to verify the maxi-
mum stresses and lifetime. If mechanical limitations are exceeded,
the designer will need to remodel the blade within a given design
space until it complies with the mechanical constraints. More ad-
vanced design systems incorporate multidisciplinary numerical
optimization techniques to reduce the design cost and time, and to
increase the overall efficiency and lifetime of the machine.

The present paper describes a CHT method that allows a de-
tailed prediction of the temperature and thermal stress distribution
inside the solid. These are the inputs for the gas turbine rotor
blade lifetime prediction model also described in this paper. Both

methods provide the input for the multidisciplinary optimization
of the cooling channel geometry, presented in the second paper
�1�.

Two test cases are analyzed: a gas turbine rotor blade without
cooling and one with straight cooling channels evenly distributed
along the camber line. The metal temperature and thermal stress
distribution for both blades are presented and the impact of the
cooling channel geometry on lifetime is discussed.

2 Conjugate Heat Transfer Method
A literature survey �2–12� reveals that two main strategies are

used for solving the CHT problem, depending on how the conti-
nuity of temperature and heat flux at the interface are imposed.

One approach integrates the entire set of equations in the fluid
and solid as one single system and implicitly guarantees the con-
tinuity of the temperature and heat flux. This approach, referred to
in the literature as the conjugate method, is computationally effi-
cient and requires only one solver. Interpolation at the interface
between the solid and fluid can be avoided if the grids are con-
tinuous. However, this results in a more difficult mesh generation
process and meshes that may not be optimal for both solvers. No
commercial codes are available to compute the thermal stresses
from the resulting temperature field inside the solid finite volume
mesh. Hence the results need to be interpolated to the mesh of a
FEA solver for further analysis. Consequently, the solid needs to
be meshed twice.

A second approach calculates separately the flow and the ther-
mal field of the solid. The solid and fluid flow solvers alternate
with an exchange of boundary conditions at their interface. The
solid domain is solved directly in steady state by the FEA solver,
which is an attractive feature in terms of computational cost.
However, the drawback of this approach, known as the coupled
method, is the need for sequential iterations between the two plat-
forms and an interpolation of the boundary conditions from one
grid to the other. The main advantage of the coupled approach is
that one can make use of standard grid generators and Navier–
Strokes �NS� and FEA solvers. Those codes have been extensively
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validated and their limitations and capabilities are well known. A
FEA calculation is anyway needed for stress and vibration analy-
sis.

Moreover, the CHT method predicts the temperature in each
node of the solid mesh, allowing a straightforward computation of
the thermal stresses. Temperature dependent material laws can be
used to compute the stress resulting from centrifugal and pressure
forces. The interpolation algorithm that transfers the temperature
and heat flux at the interface can also be used to transfer the
pressure forces from the NS analysis to the FEA stress prediction.
The thermal stresses and dilatation of the blade, the centrifugal
and pressure stresses, the deformations, and the natural blade fre-
quencies can be computed without additional complexity. This
makes the coupled method not only a competitive tool for the
conjugate heat transfer computations but also a framework for a
multidisciplinary analysis of turbomachinery components.

Another advantage of the coupled method is the simple cou-
pling of full 3D models with 2D axisymmetric ones at the inter-
faces between rotating and fixed components. The same interpo-
lation algorithm as for the 3D-3D interaction can be used, with an
additional circumferential averaging of the full 3D model.

2.1 Coupled Method. The advantages of a coupled method in
the framework of a multidisciplinary design tool has been the
main argument for using it in the present study. Three different
methods exist, based on the way the quantities are transferred at
the interface.

A first coupled method is the flux forward temperature back
�FFTB� �4� method in which the wall temperature distribution is
imposed on the fluid solver. The corresponding heat flux distribu-
tion, predicted by the fluid computation, is imposed as a boundary
condition for the solid conduction solver. The latter one predicts
an updated temperature distribution at the fluid solver solid
boundaries. This loop is repeated until convergence, i.e., until the
temperature and heat flux distribution do not change with further
iterations. It can be proven �13� that the FFTB method is stable
only for problems with a Biot number below 1.

Alternatively, one can impose the heat flux distribution as a
boundary condition for the fluid computation and the resulting
wall temperature to the solid conduction solver. The updated heat
flux is then returned as a boundary condition to the fluid solver.
This method is known as the temperature forward flux back
�TFFB� method, and has been successfully applied by Heidmann
�5�. It can be proven that the TFFB method is stable for problems
with a Biot number above 1 �13�.

The method used in the present paper uses the convective
boundary condition �Eq. �1�� to update the boundary conditions of
the solid conduction calculation �3,4,14�. It is therefore called the
convective boundary condition method, or abbreviated the
h-method.

qwall = h · �Twall − Tfluid� �1�

The method starts with an initial temperature distribution Twall
at the solid boundary of the flow solver. The results of the NS
computation are used to estimate the heat convection coefficient h
and fluid temperature Tfluid. Substituting these in Eq. �1� provides
an implicit relation between Twall and qwall that can be used as a
boundary condition for the solid conduction computation. The ad-
vantage of using Eq. �1� as boundary condition is an automatic
adjustment of qwall as a function of Twall in the FEA. The latter one
is then returned to the fluid solver and the loop is repeated until
convergence.

The remaining problem is the definition of h and Tfluid from the
NS solution. They also need to satisfy Eq. �1� in which Twall is the
imposed boundary condition and qwall is the solution of the fluid
solver. However, there is only one equation for two unknowns.
One possibility is to make an extra fluid flow calculation with a
different wall temperature �4� or even an adiabatic wall �qwall

=0� �3�. Substituting the two solutions of qwall in Eq. �1� and
assuming that h and Tfluid remain unchanged results in Eq. �2�
defining h.

h =
qwall

2 − qwall
1

Twall
2 − Twall

1 �2�

Tfluid can then be calculated by Eq. �1� as a function of the
imposed Twall and corresponding qwall.

A simpler and more stable approach is by imposing a constant
positive value of h. This is allowed because the value of h influ-
ences only the convergence rate and not the final result �11�. A
smaller value of h results in a larger change of the wall tempera-
ture between two successive iterations, for a given flux difference.
This accelerates the convergence but can lead to divergence of the
method. It can be shown �13� that a sufficient but not necessary
condition for this method to converge is an h value larger than
hmax /2 with hmax the highest convection coefficient at the inter-
face. This method has been validated by comparing the results
with those obtained by the two other methods �12�.

The initial guess of the wall temperature at the common bound-
ary can be a uniform temperature or the local fluid temperature of
an adiabatic NS computation. This initial solution is used as a first
guess for the first flow computation of the coupled method. Each
subsequent NS computation starts from the flow field of the pre-
vious computation.

2.2 Cooling Channel Model. The flow in each of the five
cylindrical cooling channel is predicted by a one-dimensional
�1D� flow model taking into account the heat transfer and friction
coefficients corrected for turbulators and Coriolis forces. The ge-
ometry of the ribbed cooling channel is simplified to a smooth one
and the convection and friction coefficients are set as the average
over one inter-rib passage. This approach is believed to be the
most cost effective because it is very fast and incorporates well
established experimental correlations to characterize the heat con-
vection. A Reynolds averaged Navier–Stokes �RANS� computa-
tion of the cooling channel flow at each conjugate heat transfer
iteration would substantially increase the computational effort,
without a significant increase of accuracy. The use of a large eddy
simulation �LES�, as recommended in Ref. �15�, for a more accu-
rate prediction of the heat transfer in turbulated cooling channels
is prohibitive within an optimization procedure.

The 1D flow model is coupled to the FEA by a fluid tempera-
ture and heat convection coefficient forward and heat flux back-
ward approach, as shown in Eqs. �3�, �4�, and �5�.

Tfluid
FEAi

= Tfluid
1Di

�3�

hwall
FEAi

= hwall
1Di

�4�

qwall
1Di+1

= qwall
FEAi

�5�
The 1D solver imposes conservation of mass, momentum, and

energy when marching from the blade root to the tip. Boundary
conditions are the cooling channel total pressure and temperature
at the inlet as well as the static pressure at the outlet. The heat flux
at the circular boundary is the result of the previous heat transfer
computation in the solid �Eq. �5��.

The Nusselt number and friction factor of the smooth cooling
channels are based on experimental correlations �Eq. �6� and �7��
�16–18�. Their values are a function of the cooling channel diam-
eter. The latter will be a free optimization parameter in the second
paper �1�.

Nu =
h · DH

�
= 0.023 ReD

0.8 Pr0.4 �6�

f = 0.184 ReD
−0.2 �7�
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Heat transfer and friction enhancement factors, based on ex-
perimental correlations �19–21�, account for the turbulators and
Coriolis forces acting on the flow inside the cooling channels
�Figs. 1 and 2�. Turbulators are used only if the diameter is large
enough to accept them ��3 mm�. The Coriolis force pushes the
flow toward the pressure side of the cooling channel and increases
the heat transfer at that location �upper dashed curve in Fig. 2�.
The heat transfer near the suction side of turbulated channels is
decreased �lower dashed curve in Fig. 2�.

The 1D model computations are repeated every time the exter-
nal flow field is updated. They provide the distribution of the fluid
temperature and heat convection coefficient required by the con-
vective boundary condition �Eq. �1�� of the FEA. The main stream
fluid temperature and cooling channel heat flux distribution are
passed back and forth until the solution has converged, i.e., until
the wall temperature and heat flux at the boundaries do not change
anymore between iterations. All calculations converge simulta-
neously.

3 Lifetime Prediction
Upon completion of the CHT analysis, the solid temperature is

known at each node of the FEA grid, which allows a straightfor-
ward calculation of the thermal stress. The stresses due to the
centrifugal forces and blade bending, resulting from the pressure
difference between pressure and suction side, can be computed on
the same grid with a temperature dependent material model. As-
suming linearity, the total stresses are the sum of thermal, cen-

trifugal, and pressure stresses. Knowing the temperature and stress
in each node of the FEA grid allows a computation of the blade
lifetime.

The lifetime of the blade is assumed to depend on the creep-to-
rupture failure. This assumption is made because no information
regarding low-cycle and high-cycle fatigues is known at this stage
of the design. Fracture-to-rupture failure requires a rotor-stator
interaction analysis over the entire operating range and is beyond
the scope of present work.

The creep-to-rupture lifetime is based on Hill’s anisotropic
equation �Eq. �8�� obtained from Ref. �22�. The equivalent stress �
ranges from 0 to 1. The material is considered to fail when �=1.

� = H��xx − �yy�2 + F��yy − �zz�2 + G��zz − �xx�2 + 2N��xy�2

+ 2L��yz�2 + 2M��zx�2 �8�

H, F, G, N, L, and M in Eq. �8� are the material properties that
depend on the Larson–Miller parameters �LMPs� in the longitudi-
nal and transverse directions. They are specified by Eq. �9�. The
parameters for the directionally solidified nickel superalloy mate-
rial GTD-111 are used for the present analysis �23�.

LMP = T · �log10�l� + 23� �9�
An iterative approach is used to determine the lifetime of the

blade. The algorithm starts with a first guess of l and computes the
Larson–Miller parameter �Eq. �9�� in each node of the solid grid.
These parameters are inputted for the calculation of the material
properties �H, F, G, N, L, and M�. The material failure is checked
in each node �Eq. �8��. Depending on the result, a new estimation
of l is made, i.e., l is lowered if the maximum value of � is larger
than 1, or vice versa. This computation is repeated until a value of
l is found for which the largest � equals 1, plus or minus a toler-
ance.

4 Geometry and Boundary Condition
The test case is the rotor blade shown in Fig. 3. The blade shape

is a VKI design with optimized external aerodynamic perfor-
mance. The operating conditions are given in Table 1. The geom-
etry specifications are listed in Table 2.

TRAF3D �24� is used as NS solver and the commercial code
SAMCEF �25� for the computation of the heat transfer in the solid

Table 1 Stage operating conditions

Inlet total pressure 7�105 Pa
Inlet total temperature 1350 K
Inlet Mach number 0.3
Outlet static pressure 3.5�105 Pa
Outlet Mach number 0.8
Mass flow rate 400 kg/s

Fig. 1 Cooling channel friction enhancement factor

Fig. 2 Cooling channel heat transfer enhancement factor

Fig. 3 Exposed view on rotor blade model
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and the stress required for the lifetime determination. The convec-
tion coefficient h, required for the NS-FEA coupling �Eq. �1��, is
fixed at 3000 W /m2 K. A distance-weighted interpolation, based
on Shepard’s method �26�, is used in both transfers of boundary
conditions �NS to FEA and FEA to NS�.

The computational FEA grid consists of 100,000 nodes and
70,000 quadratic tetrahedral elements for the blade without cool-
ing channels. 243,000 nodes and 160,000 quadratic elements are
used for the case with cooling channels.

The NS grid is structured and consists of 172�64�64 or
700,000 finite volumes. A 1D grid containing 250 cells in the
longitudinal direction is constructed for each cooling channel. The
Reynolds number based on the cooling channel diameter is be-
tween 30,000 and 60,000. Turbulators start 2.5 cm above the hub
surface and end 2.5 cm below the tip surface. The ribs are normal
to the coolant flow direction and have a pitch to height ratio of
approximately ten.

The tip clearance flow is not included in the NS calculations.
The solid boundary conditions �Eq. �1�� are applied at the blade
tip with a fluid temperature of 1200 K and a convection coeffi-
cient of 750 W /m2 K. The latter is based on experimental results
conducted at the von Karman Institute for Fluid Dynamics �27�.

The blade has five cylindrical cooling channels in order to con-
trol the temperature and maintain the mechanical integrity. The
cooling channel inlet boundary conditions are given in Table 3. A
uniform tip static pressure is prescribed in each of the five patches
specified in Fig. 4.

The computational model further assumes no leakage flow
through the hub surface. The heat transfer from one blade root to
the neighboring one is minimal since they are in contact on both
sides and the lateral root surfaces are considered adiabatic. A con-
vective boundary condition, based on rotor-stator aerothermody-

namic correlations �28�, is applied to the leading and trailing edge
root surfaces. The convective boundary conditions are given in
Table 4.

5 Results
The impact of the cooling channels is assessed by comparing

the results of a blade without cooling with the ones of a blade
where the cooling channels are evenly distributed along the cam-
ber line. The computation converges after 15 CHT iterations, with
100 NS time steps per CHT iteration. The temperature distribution
on the blade surface without cooling channels is shown in Fig. 5.
The only cooling is through the flow captured in the cavity be-
tween the rotor and stator. The maximum material temperature is
observed at the trailing edge tip and equals 1249 K. A large part of
the blade has a temperature above 1200 K. The part of the blade in
the main flow field acts as a cooling fin with radially increasing
temperature away from the cooling source.

Figure 6 shows the temperature distribution for the blade with
cooling channels. An important reduction in temperature is ob-
served. The major part of the blade cooling is now performed by
the cooling channels and the flow in the root cavities has only a
small impact on the cooling. The maximum material temperature,
again observed at the trailing edge tip, is reduced to 1222 K and
only a small part of the blade has a temperature above 1200 K.
14.075 g/s of coolant flow is needed for each blade, which, for 90
blades, results in a total coolant flow of 0.3% of the mass flow of
the first stage.

Thermal stresses for the blade without cooling channels are
shown in Fig. 7. As could be expected, the highest values are
observed at the junction between blade and hub, where the highest
temperature gradients occur. The maximum is located at the hub
trailing edge and equals 263 MPa.

The thermal stresses for the blade with cooling channels are
shown in Fig. 8. They have increased and the maximum value
�369 MPa� now appears at the hub leading edge. The variation in
the stresses, observed between the midspan and the blade tip, are
due to the large temperature gradients induced by the cooling
channels. The position of the latter can be recognized by the
chordwise variation in the thermal stresses.

The computation of the creep-to-rupture lifetime based only on
the thermal stresses results in a lifetime of 161 h for the case
without cooling channels and increases to only 220 h when cool-
ing channels are introduced. This small increase in lifetime is due
to an inappropriate location of the cooling holes and emphasizes
the need for an optimization of the cooling hole geometry and
location.

Figures 9 and 10 show the corresponding normal effective
stress at rupture. This is the � distribution �Eq. �8�� at the blade
lifetime l and shows the location where the blade will fail ��
=1�. The uncooled blade fails near the hub trailing edge. Note that
although the highest stress is found at the hub leading edge, the
cooled blade also fails at the trailing edge. The lower temperature
at which these higher stresses occur results in an increased life-
time.

Previous computations of the lifetime are based only on the
thermal stresses and are therefore too optimistic. A more realistic
prediction requires that also the centrifugal and pressure stresses
are considered. Table 5 summarizes the results for both geom-
etries. The pressure difference between suction and pressure side
results in rather low bending stresses because of the relatively
small blade height and can be neglected. The stresses resulting

Table 2 Blade geometry specifications

Blade height 0.200m
Number of blades 90
Hub axial length 0.130m
Hub pitch to chord ratio 0.667

Table 3 Cooling channel inlet boundary conditions

Cooling channels 1–2 3–5
Total pressure �Pa� 8�105 5�105

Total temperature �K� 600 600

Table 4 Root leading and trailing edge boundary conditions

Root leading edge Root trailing edge

h 1000 W /m2 1000 W /m2

Tfluid 700 K 600 K

Fig. 4 Blade tip pressure distribution
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from the centrifugal forces are of the same order of magnitude as
the thermal stresses. Figures 11 and 12 show the blade effective
stresses at failure when accounting for all three stresses. In both
cases, the centrifugal stresses result in an extended zone of mate-
rial damage near the hub trailing edge. The lifetime has reduced
to, respectively, 9.8 h and 17.7 h for the blade without and with
cooling channels. The extremely low lifetime of both blades is a
consequence of the very high inlet temperatures, the limited cool-
ing, and the absence of any thermal barrier coating. Additional
cooling holes or film cooling will be needed before such severe
conditions allow realistic lifetimes. The harsh operating environ-
ment is intentionally chosen by the authors to evaluate the pos-
sible improvements by means of the optimization system pre-
sented in Ref. �1�.

It is obvious that the centrifugal stresses have a negative impact
on the lifetime of the blade. However, they are most likely ori-
ented in the spanwise direction and only weakly depend on the

position of the cooling channels. Neglecting them during the op-
timization process will have a small impact on the optimum. The
optimization of the cooling channel position requires only the
change in stresses and the temperatures for the lifetime ranking of
the geometries. As shown in present test cases, an increase in
lifetime based only on the thermal stresses also leads to an in-
creased lifetime based on the total stresses. The model no longer
predicts the real lifetime to failure but is computationally less
expensive. A lifetime evaluation of the final optimized geometry
based on the total stresses is still required.

6 Conclusions
An automated coupled method for conjugate heat transfer cal-

culations and its application for the aerothermal analysis of an
internally cooled turbine blade is presented. A combination of an
accurate 3D Navier–Stokes solver, a finite element analysis

Fig. 5 Temperature distribution for the blade without cooling
channels

Fig. 6 Temperature distribution for the blade with cooling
channels

Fig. 7 von Mises stress distribution for the blade without cool-
ing channels

Fig. 8 von Mises stress distribution for the blade with cooling
channels
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method, and a 1D model based on experimental correlations for
the cooling channels is used as a trade-off between accuracy and
numerical cost. The detailed distribution of the thermal stresses
and temperatures are computed and used for lifetime predictions.

Two main analyses are presented. The results for an uncooled
blade are compared with the ones of a blade with internal cooling
channels. Although the cooling resulted in a substantial tempera-
ture decrease, only a relatively small increase in lifetime is ob-
tained. This limited improvement is due to an inappropriate posi-
tion of the cooling holes. The complex relation between
temperature and thermal stress on lifetime emphasizes the need
for an optimization of the cooling hole geometry and location,
described in the second paper.

The impact of centrifugal and pressure stresses on the lifetime
is discussed. Although the total stress is required for an accurate
prediction of the lifetime, it is shown that the lifetime based only
on the thermal stresses can be used for the optimization of cooling
configurations.

The multidisciplinary analysis tool for the prediction of the life-

Table 5 Results for different models. stresses shown are von
Mises stresses

Without cc With cc

Maximum temperature �K� 1249 1222
Maximum thermal stress �MPa� 263 369
Lifetime only therm. stress �h� 161 220
Maximum centrifugal stress �MPa� 355 323
Maximum pressure stress �MPa� 31.1 30.9
Maximum total stress �MPa� 445 474
Lifetime �h� 9.8 17.7

Fig. 9 Effective stress distribution at rupture „l=161 h… for the
blade without cooling channels

Fig. 10 Effective stress distribution at rupture „l=220 h… for
the blade with cooling channels

Fig. 11 Effective stress distribution at rupture „l=9.8 h…, com-
puted with total stress for the blade without cooling channels

Fig. 12 Effective stress distribution at rupture „l=17.7 h…,
computed with total stress for the blade with cooling channels
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time of the blade, presented in this first paper, is fully automated
and opens the road toward a multidisciplinary optimization, pre-
sented in the second paper �1�.
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Nomenclature
cc � cooling channel

DH � hydraulic diameter
f � friction factor
h � convection coefficient �W /m2 K�
l � lifetime �h�

Nu � Nusselt number
q � heat flux �W /m2�

ReD � Reynolds number based on diameter
T � temperature �K�
� � normalized equivalent stress
� � conductivity of the fluid �W/mK�
� � normal stress
� � shear stress
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Design and Optimization of the
Internal Cooling Channels of a
High Pressure Turbine
Blade—Part II: Optimization
This second paper presents the aerothermal optimization of the first stage rotor blade of
an axial high pressure (HP) turbine by means of the conjugate heat transfer (CHT)
method and lifetime model described in Paper I. The optimization system defines the
position and diameter of the cooling channels leading to the maximum lifetime of the
blade while limiting the amount of cooling flow. It is driven by the results of a CHT and
subsequent stress analysis of each newly designed geometry. Both temperature and stress
distributions are the input for the Larson–Miller material model to predict the lifetime of
the blade. The optimization procedure makes use of a genetic algorithm (GA) and re-
quires the aerothermal analysis of a large number of geometries. Because of the large
computational cost of each CHT analysis, this results in a prohibitive computational
effort. The latter has been remediated by using a more elaborate optimization system, in
which a large part of the CHT analyzes is replaced by approximated predictions by
means of a metamodel. Two metamodels, an artificial neural network and a radial basis
function network, have been tested and their merits have been discussed. It is shown how
this optimization procedure based on CHT calculations, a GA, and a metamodel can lead
to a considerable extension of the blade lifetime without an increase in the amount of
cooling flow or the complexity of the cooling geometry. �DOI: 10.1115/1.3104615�

1 Introduction
The optimization of the coolant scheme of a high pressure �HP�

gas turbine rotor blade aims to minimize the amount of coolant
flow needed to achieve the required lifetime. The conjugate heat
transfer �CHT� method used to perform the aerothermal analysis
and the required boundary conditions have been presented in Pa-
per I �1�. The calculation procedure and the results of the CHT
analysis of a gas turbine rotor blade, with and without cooling
channels, are also discussed in Ref. �1�.

The present paper reports on the use of this aerothermal analy-
sis method for the design of the cooling channel geometry by
means of a multidisciplinary optimization system. The latter is
based on a concurrent approach that searches for a global opti-
mum by considering simultaneously the lifetime and the cooling
mass flow constraints.

A multidisciplinary optimization technique offers numerous
benefits over traditional design techniques, such as an improved
performance, a shortening of the design time, and a reduction in
the human effort thanks to a fully automated scheme and the
concurrent performance analysis with different disciplines. More-
over, the designer can learn from the decisions proposed by the
optimizer and gain a better insight into the design problem. Opti-
mal solutions with unexpected new features may be found.

A literature survey on cooling system optimization, summarized
in Ref. �2�, describes only cooling systems in which the CHT
analysis is substituted by applying convective boundary condi-
tions to the blade exterior wall and the internal cooling channels.
Moreover, the optimization objective for all reported papers is a
reduction in the maximum temperature �3� or both temperature

and thermal stress �2,4,5�. This does not necessarily increase the
lifetime since the reduction in temperature can be at places of low
thermal stresses.

Aerothermal optimizations require a large number of perfor-
mance evaluations by means of CHT computations. However,
each CHT computation requires approximately 10 h of CPU time
on a modern PC, which results in prohibitive computational ef-
forts. The use of a multiprocessor cluster alleviates the problem
but the computational cost remains a true challenge as more than
1000 evaluations may be required by the optimization scheme
�2–5�. The following describes a powerful optimization scheme
that limits the number of CHT analyses to less than 100.

2 Optimization Strategy
The optimization method is an extension of the aerodynamic

optimization tool for axial and radial impellers and stators devel-
oped at the von Karman Institute �6–8�. The system �Fig. 1�
makes use of a genetic algorithm �GA�, a database, a CHT analy-
sis tool, and a metamodel for the CHT tool. The basic idea of this
system is a two level optimization. A first one uses a rapid but less
accurate analysis by the metamodel to evaluate the large number
of geometries generated by the GA. The optimum geometry, ac-
cording to the metamodel predictions, is then analyzed by a more
accurate but computationally much more expensive CHT calcula-
tion to verify the accuracy of the metamodel predictions. The
outcome of such an optimization cycle is added to the database,
which is used to train the metamodel. It is expected that, after a
new training of the metamodel on the extended database, it will be
more accurate because it is based on more information. This feed-
back of the more accurate CHT predictions into the metamodel
makes the system self-learning and is the key feature of the opti-
mization method. The learning cycle is repeated until the CHT
results confirm the accuracy of the metamodel predictions, i.e.,
until the GA optimization has been made with an accurate predic-
tion tool.
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The components of the optimization algorithm are discussed in
more detail in the following. The use of an artificial neural net-
work �ANN� and a radial basis function �RBF� network as a meta-
model is evaluated, and the results are compared in Sec. 3.

2.1 Parametrization of the Cooling Channels. The five
cooling channels are straight cylinders defined by the position of
their center at hub and shroud and by their diameter. The centers
are defined by the local curvilinear �� ,�� coordinates instead of
the Cartesian �x ,y� coordinates. The �� �0,1� coordinate repre-
sents the length along the camber line, while �� �−1,1� defines
the position perpendicular to the camber line, as shown in Fig. 2.
The maximum value of � ��1� corresponds to half the blade
thickness at each � location. This facilitates the definition of a
valid set of design parameters, i.e., for which the cooling channels
do not intersect the blade wall.

The local coordinates are the same at hub and shroud in order to
reduce the number of design parameters. Figure 3 shows the 3D
definition of the fourth cooling channel with �=0.

Five individual cooling channels, parametrized by three num-
bers ��, �, and D�, result in 15 design variables. Table 1 shows the
individual range for all parameters of each cooling channel.

Limits of � are smaller than 1. This is a first restriction of the
design space to avoid that cooling channels intersect with the
suction or pressure side wall. The allowed �-ranges of cooling
channels 3–5 are overlapping �see Table 1�, which could result in
intersecting cooling channels. Additional constraints during the

optimization reject those geometries for which the distance be-
tween two cooling channels or between the cooling channel and
the blade wall is smaller than 2 mm.

2.2 CHT Analysis. The CHT method and required boundary
conditions have been described in detail in Paper I �1�. Upon
determination of the 15 free parameters, each pair �� ,�� is trans-
formed back to its absolute coordinates, and an automated GAMBIT

�9� journal constructs the finite element analysis �FEA� and 1D
cooling channel computational grids. The wall boundary condi-
tions, applied to the cooling channels, depend on the diameter
because turbulators are introduced if the diameter is larger than 3
mm. The thermal stresses are computed after the convergence of
the CHT analysis, and a lifetime prediction is performed. This
entire process is fully automated and does not require any user
interaction.

2.3 Performance. The performance of the geometry is as-
sessed after each CHT and thermal stress analysis or after the
prediction by the metamodel. In order to achieve the target life-
time with minimum coolant mass flow, a penalty related to an
insufficient lifetime and increased coolant mass flow is given to
each design. The task of the optimization algorithm thereby con-
sists in finding the parameters that minimize the penalty. The total
penalty, also known as the objective function �OF�, is a weighted
sum of the penalties given by Eq. �1�.

OF�G� = wl · Pl�G� + wṁ · Pṁ�G� �1�

The penalty on the lifetime �Eq. �2�� is proportional to the dif-
ference between the calculated l�G� and the target lifetime ltar. The
latter is set to 20,000 h, which is very high considering the high
inlet temperature. This penalty is zero only if the target lifetime
�ltar� is achieved �Fig. 4�.

Pl�G� = max�ltar − l�G�,0� �2�

Fig. 1 Schematic overview of the optimization algorithm

Fig. 2 Parametrization of the location and diameter of the
cooling channel

Fig. 3 Definition of the fourth cooling channel with ε=0

Table 1 Parameter range

�min �max �min �max Dmin Dmax

cc1 0.050 0.225 �0.65 0.75 0.002 0.005
cc2 0.225 0.375 �0.60 0.75 0.002 0.006
cc3 0.375 0.600 �0.60 0.75 0.002 0.005
cc4 0.550 0.750 �0.60 0.70 0.002 0.005
cc5 0.700 0.950 �0.35 0.40 0.002 0.003

021014-2 / Vol. 132, APRIL 2010 Transactions of the ASME

Downloaded 28 May 2010 to 128.113.26.88. Redistribution subject to ASME license or copyright; see http://www.asme.org/terms/Terms_Use.cfm



An increase in coolant mass flow results in a lower overall
cycle efficiency and is penalized �Eq. �3��. The penalty increases
when the mass flow is higher than an offset value ṁoffset=3 g /s
�Fig. 4�.

Pṁ�G� = max� ṁ�G� − ṁoffset

ṁoffset

,0� �3�

Considering that the lifetime penalty is more important than the
mass flow penalty, the weight given to the mass flow penalty is
400. This results in a penalty of 133.33 for each g/s exceeding the
limit of 3 g/s. The weight given to the lifetime is 1/h.

Note that both objectives—lifetime and mass flow—are
grouped into one single objective �Eq. �1��. It is believed that
multi-objective optimizations, trying to minimize the individual
penalties, as described in, e.g., Refs. �10–12�, would be less effi-
cient for present application. Since both targets conflict with each
other, no optimal solution may exist for which both penalties are
zero. The optimization is likely to result in a Pareto front �Fig. 5�
containing the non-dominated geometries, i.e., the geometries G
for which one penalty cannot be decreased without increasing the
other one. The choice is then left to the designer to select at the
end of the optimization one geometry out of the non-dominated
ones.

However, in most engineering applications, the relative impor-
tance of each objective is known at the start of the design. This
allows defining weights for each penalty and the use of a single
OF such as Eq. �1�. Geometries lying on the dashed lines of Fig.
5 have the same OF and are considered as equal in performance.
Changing the relative weights changes the slope of those lines.
The smaller the OF, the closer the lines come to the Pareto front.
The optimal solution is the one indicated by the black dot in Fig.
5.

By transforming a multi-objective optimization into a single-
objective one, important decisions are not postponed until after
the optimization. The optimization is well targeted, and less com-

putations will be required to obtain the optimum. Moreover,
present optimization uses a metamodel for which the accuracy is
not guaranteed during the whole process. This would result in an
inaccurate Pareto front and a false optimum unless the predictions
are also verified by a CHT calculation. In a single-objective opti-
mization, only the geometries in the neighborhood of the opti-
mum, marked by the dark gray area in Fig. 5, need to be analyzed
in detail. This is more cost effective, given the large computa-
tional effort for every CHT computation, while the designer still
has the possibility to select the region of interest by changing the
weights in Eq. �1�.

2.4 Database. The convergence to the optimum geometry
strongly depends on the accuracy of the approximated predictions,
which in turn depends on the information contained in the data-
base. Database samples are needed at the start of the optimization
algorithm to train the metamodel. A series of geometries must
therefore be analyzed by the CHT method before the optimization
can start. The design of experiment �DOE� method is used to
define the samples of the initial database. This maximizes the
amount of information contained in the database for a given num-
ber of computations �13�.

The DOE technique considers that each design variable can
take two values, fixed at 25% and 75% of the design range. A full
factorial design would require a total of 215 experiments, which is
unfeasible. A so-called 2k−p fractional factorial design is used
where k is the total number of design parameters �15� while p
defines the number of lower order parameter combinations that
are not analyzed. The latter is fixed at 9, which results in a total of
26=64 samples in the initial database.

One additional geometry for which all parameters are at 50% of
their range is also added. It corresponds to the geometry with
evenly distributed cooling channels, for which results are pre-
sented in Paper I.

2.5 Genetic Algorithm. GAs �14� are widely used in optimi-
zation. They are global search algorithms based on the mechanism
of natural selection and simulate the survival of the fittest to ob-
tain the optimum. Each design parameter is represented by 8 bits,
allowing 256 possible values in between the parameter limits
listed in Table 1. With 15 design variables this results in a total of
120 bits per geometry, which can be considered as the DNA of the
individual.

The GA starts with an initial population of 50 individuals. The
fitness of each geometry is evaluated by the computationally
cheap metamodel. A tournament selection mechanism randomly
picks two individuals and retains the one with the best perfor-
mance. A second tournament selects a second individual, and both
winning individuals are used as parents for the offspring. Two
new individuals are generated based on a cross-over of the binary
code of the parents. This procedure is repeated until all 50 new
individuals of the next generation are defined. A cross-over with
75% probability and randomly selected cross-over position �out of
119 possibilities� is applied. Mutation probability is 0.8%. Elitism
is used, which means that, if the best individual of the previous
generation is not present in the new generation, it will replace a

Fig. 4 Lifetime and coolant mass flow versus penalty

Fig. 5 Pareto front for a two objective optimization versus
single-objective optimization
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randomly selected individual of the new generation. This guaran-
tees that the best individual of the new generation is at least as
good as the best from previous generation.

Each GA run consists of 1000 generations. Hence a total of
50,000 function evaluations is performed. This requires less than 1
s of CPU due to the small computational effort needed by the
metamodel.

2.6 Metamodels. Metamodels mimic the exact evaluation
tools �such as the CHT in the present application� and allow a
very fast prediction of the performance of a geometry as function
of its parameters. The prediction is based on the relation between
input and output of several already evaluated geometries stored in
the database. Two distinct steps are required for the use of a
metamodel.

The first one is the learning or training of the model. This
process defines the parameters of the metamodel that minimize
the discrepancy between the model predictions and the results
obtained by an accurate performance analysis of existing geom-
etries. Once the metamodel is trained, it can be used to predict the
performance of new geometries that are different from the training
geometries.

Two different metamodels, an ANN and RBF network, have
been used and their performance has been compared. Both have N
input values and M output values.

2.6.1 ANN. An ANN, schematically shown in Fig. 6, is com-
posed of several elementary processing units called neurons.
These neurons are arranged in layers and joined by connections of
different intensity, called connection weights. The network used
by the present optimization has three layers: The input layer con-
sists of the 15 design variables �N=15� and the hidden layer has
K=10 neurons. Six individual ANNs are used, each with one
single output neuron �M =1�. Five of them predict the mass flow
in the individual cooling channels and one predicts the lifetime.

The input to output relation for each hidden neuron i is given
by Eq. �4�, where Xj denotes the input, N is the number of input
connections to the neuron, � j is the weight given to the jth con-
nection, bi is a bias value, and outi is the output. A similar relation
is used to define the output as function of the hidden layer neu-
rons.

outi = F��
j=0

N

� j · Xj + bi� �4�

The non-linear activation function F is a sigmoid �Eq. �5��.

F�x� =
1

1 + exp�− x�
�5�

The standard back propagation technique is used to train the
ANN, i.e., to determine the values of the weights � j and the bias

bi for each neuron i.
The ANN used in the present study is the “SNNS” developed at

the Institute for Parallel and Distributed High Performance Sys-
tems of the University of Stuttgart �15,16�.

2.6.2 RBF. The RBF network is also a three layer network
with a non-linear mapping from the input layer to the hidden layer
and a linear mapping from the hidden layer to the output layer
�Fig. 7�. The present application makes use of a Gaussian RBF
network. The hidden neurons are associated with the so-called
RBF centers, which are points in the N-dimensional space. The
output of each hidden neuron is computed by a Gaussian function
�Eq. �6��.

hi = exp�−
�x − ri�2

2�i
2 � �6�

The vector x represents the input to the neuron, the vector ri is
the RBF center, and �i is the amplitude of neuron i. The � �
operator computes the Euclidean distance between the input vec-
tor x and the RBF center ri. The output of a RBF neuron is thus
directly related to the distance between the input and the RBF
center. The amplitude �i determines the activation range, i.e., the
distance for which the neurons become active and have a signifi-
cant output. The weight factor of a sample decreases with increas-
ing distance from the RBF center.

The weighted sum of all outputs of the hidden neurons is the
RBF output

Y j = �
i=1

K

�i · hi + bj �7�

Training of the RBF network consists of finding the RBF cen-
ters ri, the amplitude �i, and the weight �i for each neuron such
that the error on the prediction of the samples in the database is
minimal. The resilient back propagation �RPROP� �17� applied to
20 RBF centers is used to train the RBF in the present application.
Similar to the ANN, six individual RBFs are used to predict, re-
spectively, the mass flow in each cooling channel and the lifetime
of the blade. The RBF used in the present study is “RBF��” of
Ref. �17�.

3 Results
Two distinct optimizations are performed starting from the

same initial database. One uses the ANN while the other uses the
RBF to predict the same quantities. Both optimizations are run for
30 iterations, after which a synchronization of the databases is
made, i.e., all existing samples are put together in one unified
database. Additional 20 optimization iterations are performed re-
starting with this extended database. The purpose of this synchro-
nization is to exchange information between both optimizers and
see if they can profit from it.

Fig. 6 Artificial neural network topology Fig. 7 Radial basis function network topology
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Figure 8 shows the evolution per iteration of the mass flow,
lifetime, and OF of the ANN optimization. The metamodel pre-
dictions are compared with the results of the CHT and lifetime
calculation. The mass flow in the individual cooling channels is
immediately well predicted. This is not surprising since an almost
direct relation exists between the diameter and the cooling mass
flow. However, the lifetime is less accurately predicted. The ANN
is too optimistic and predicts in most cases a higher lifetime than
the CHT based computation. An even larger discrepancy is ob-
served after the synchronization of the databases at iteration 30.

The convergence of the RBF is shown in a similar way in Fig.
9. The cooling mass flow is reasonably well predicted, however,
less accurate than with the ANN. On the other hand, the lifetime is
much better predicted until iteration 30. The convergence toward
the optimum is rather monotonic except for two stepwise in-
creases in lifetime. They correspond to a new choice by the opti-
mization algorithm based on the newly acquired information. The
systematic reduction in the OF observed before iteration 30 has
disappeared after the synchronization. Only a small decrease in
the OF is obtained. Although the lifetime is no longer accurately

Fig. 8 ANN results

Fig. 9 RBF results
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predicted, the best RBF geometry is found at iteration 47 with a
total penalty of 14,227. It has a lifetime of 6758 h for 10.4 g/s
cooling flow.

As can be seen in Figs. 8 and 9, the prediction capabilities of
both methods decrease after the synchronization. This is probably
due to the increased number of training samples, requiring more
hidden neurons, respectively, RBF centers to remain accurate.

Figure 10 shows the mass flow penalty versus the lifetime pen-
alty for the initial database samples and both optimizations. It is
clear that all geometries created by the optimization system out-
perform the initial database ones. Whereas the maximum lifetime
of the samples contained in the initial database does not exceed
1685 h with an average lifetime of only 300 h, most optimized
geometries have a lifetime above 5000 h. This illustrates the ca-
pability of the optimization system to rapidly improve the perfor-
mance starting from only a limited amount of information.

The envelope of all CHT results constitutes a Pareto front. It is
a very incomplete one because the optimizer has been targeted
toward a particular combination of the two penalty functions �Eq.
�1��. A large part of the design space has not been investigated.
Results are in agreement with the expectations that increasing the
lifetime requires a higher coolant mass flow. None of these opti-
mized geometries achieves the target lifetime. The Pareto front
almost exclusively consists of ANN geometries. The RBF optimi-
zation has produced geometries with a comparable lifetime but
with a larger mass flow and hence a higher OF. After the synchro-
nization of the databases, the RBF based optimization starts
searching toward geometries with lower mass flow, indicating
some benefit from the ANN acquired information.

The line of minimum OF �OF=14,000� is drawn in Fig. 10. As
already discussed for Fig. 5, a number of geometries with almost
equal OF are found. The best geometry, according to the present
weight factors, is the 18th ANN iteration. This one is considered
as the final optimized geometry. It has a total penalty of 14,058
corresponding to a lifetime of 6872 h and a cooling mass flow of
10 g/s. The ANN iteration 50 has a longer lifetime �6900 h� but
needs a larger cooling mass flow.

The influence of the fifth cooling channel diameter on mass
flow and lifetime is shown in Fig. 11. As can be expected, the
mass flow increases almost linearly with diameter. The sudden
reduction in mass flow at D=3 mm is due to the higher friction
losses when the channel is turbulated. Both the ANN and RBF
optimizers indicate that, based on the lifetime, the optimal diam-
eter is situated around 2.85 mm.

Figure 12 shows the influence of a variation in the fifth cooling
channel �-coordinate between 0.70 and 0.95 on mass flow and
lifetime. Both optimizers indicate that it is of interest to put the
coolant channel as close as possible to the trailing edge.

Figure 13 shows the influence of the diameter of the fourth
channel on lifetime and mass flow. A sudden variation in the mass
flow is again observed at 3 mm due to the activation of the tur-
bulators. The longest lifetime is obtained with a turbulated cooling
channel of 4.5 mm diameter.

The influence of the �-coordinate of the third channel is shown
in Fig. 14. Geometries with a long lifetime are found over the
entire range of � positions, indicating that other parameters play a
more important role. However, there is a small bias toward geom-
etries with a high � values. Also interesting to note is that the
ANN geometries generated during iterations 1–30 cluster around

Fig. 10 Pareto front

Fig. 11 cc5 diameter versus lifetime and mass flow

Fig. 12 cc5 � versus lifetime and mass FLOW
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the maximum � value of 0.6, while the RBF geometries of the
same iterations cluster around 0.53. After the synchronization of
the database, the RBF confirms a higher lifetime for the same
diameter as predicted by the ANN. It is concluded that the gradual
geometry changes, resulting from the RBF optimization, have
converged to a local minimum and that this has been remediated
by extending the database with the results of the ANN optimiza-
tion.

The different behavior of the RBF and ANN optimizations re-
sults from the way the design space is explored. The outcome of a
RBF prediction is a constant value �bi� and some local corrections
�higher or lower performance� in the activation range around the

RBF centers �Eq. �7��. As a consequence, the highest and lowest
OFs can only be found in the neighborhood of the database
samples. Hence, the GA will never propose a new geometry that is
very different from the existing ones.

In an ANN prediction, each database sample influences the per-
formance over the entire design space. The best performing ge-
ometries are no longer bound to existing designs but can be found
everywhere. As a consequence, the predictions are less accurate,
and large oscillations in performance between two successive it-
erations may be observed. It results, however, in a faster conver-
gence to near optimal geometries.

It is likely that an optimization with mixed metamodels could
perform even better. A possible combination could be a first scan-
ning of the design space by an ANN metamodel followed by a
local search using the RBF once the approximate location of the
optimum is found. Another possibility could be to use both opti-
mizers in parallel with one single database. Both optimizers would
then benefit from each other’s newly gained experience. This
would most probably guide the RBF much quicker toward the
optimal solution, while the ANN can also benefit from the RBF’s
more accurate predicted geometries.

Figure 15 compares the optimal solutions found by both opti-
mizations. A tendency toward small non-turbulated cooling chan-
nels, near the pressure side of the blade, is observed. The trailing
edge cooling channel should be positioned as far downstream as
possible ��=0.95�.

The temperature distribution for geometry 18 of the ANN opti-
mization is shown in Fig. 16. A lower trailing edge temperature is
obtained with respect to the geometry with evenly distributed
cooling channels, presented in Part I. A higher temperature is now
spotted at the leading edge.

The highest temperature gradient is near the fourth cooling
channel and results in a local increase in thermal stresses. The
normal effective stress distribution is given in Fig. 17. The opti-
mized blade fails at the tip near cooling channel 4, whereas the
blade discussed in Paper I �1� failed at the hub trailing edge.
Compared with the blade with evenly distributed cooling chan-
nels, larger parts of the blade have a � close to 1. The lifetime and
strength is more uniformly distributed over the blade.

The results suggest that smaller temperature gradients and
hence lower stresses would increase the lifetime. This could be
possible by using a larger number of smaller cooling channels.

Fig. 13 cc4 diameter versus lifetime and mass flow

Fig. 14 cc3 � versus lifetime and mass flow

Fig. 15 Comparison of ANN and RBF optimized geometries at
hub and shroud
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However, the number of channels was fixed at 5, and the mini-
mum channel diameter is limited by the manufacturability and by
the risk that the cooling channels get contaminated and plugged.

Table 2 compares the results of ANN geometry 18 with those of
RBF geometry 47. The real lifetime, based on the total stress
�including centrifugal and pressure stresses�, reduces to 450 h and

373 h, respectively, for the ANN and RBF optimized blades. This
is unacceptably low but 25–30 times longer than for the nonopti-
mized blade �presented in Ref. �1��. The too low lifetime obtained
with these optimizations is a consequence of the very harsh oper-
ating conditions, the limited cooling mass flow that has been al-
lowed, and the absence of film cooling and a thermal barrier coat-
ing.

4 Conclusions
This paper reports on the use of a multidisciplinary optimiza-

tion algorithm that aims for maximum lifetime of a turbine blade
operating at very high inlet temperature while limiting the cooling
mass flow. The search is based on the accurate but computation-
ally very expensive information obtained from the flow, stress,
and CHT calculation methods described in Part I.

It is shown how the use of a metamodel allows a drastic reduc-
tion in the number of computational expensive CHT analyses to
only 65 initial database geometries and 30 optimized geometries.
Optimizing the geometry and position of the cooling channels
resulted in a considerable increase in lifetime. The optimization
system has shown to be cost effective and is suited for industrial
applications.

The two different metamodels that have been tested show a
rather different behavior but converge to a similar optimum. The
RBF based optimization shows a slower but systematic approach
toward the optimum. It behaves more like a gradient type method
and could be trapped in a local minimum. The ANN based opti-
mization makes a more random approach. Optimal solutions can
be found over the whole design space, and the system is less
sensitive to local minima.

The best geometry is found by the ANN based optimization. It
has a lifetime of 6872 h based only on thermal stresses. This is
significantly higher than the lifetime of the blade presented in
Paper I �220 h� as well as the best sample of the initial database
�1685 h�. It turns out that the location and size of the cooling holes
have a very large impact of the effectiveness in terms of lifetime.
The main reason for not reaching the target values are the unreal-
istic harsh conditions and the very small cooling mass flow.
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Nomenclatrue
D 	 cooling channel diameter
G 	 geometry vector
l 	 lifetime

ṁ 	 mass flow
P 	 penalty
w 	 penalty weight
� 	 nondimensional position perpendicular to the

camber line
� 	 nondimensional position along the camber line
� 	 metamodel connection weight
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Improvement of Stalling
Characteristics of an Axial-Flow
Fan by Radial-Vaned
Air-Separators
An improved construction of air-separator device, which has radial-vanes embedded
within its inlet circumferential opening with their leading-edges facing the moving tips of
the fan rotor-blades so as to scoop the tip flow, was investigated with respect to the
stall-prevention effect on a low-speed, single-stage, lightly loaded, axial-flow fan. Stall-
prevention effects by the separator layout, relative location of the separator to the rotor-
blades, and widths of the openings of the air-separator inlet and exit were parametrically
surveyed. As far as the particular fan is concerned, the device together with the best
relative location has proved to be able to eliminate effectively the stall zone having
existed in the original solid-wall characteristics, which has confirmed the promising
potential of the device. Guidelines were obtained from the data for optimizing relative
locations of the device to the rotor-blades, maximizing the stall-prevention effect of the
device, and minimizing the axial size of the device for a required stall-prevention effect,
at least for the particular fan and possibly for fans of similar light-load fans. The data
suggest the changing internal flow conditions affected by the device conditions.
�DOI: 10.1115/1.3104612�

Keywords: fluid machinery, fluid mechanics, axial-flow fan, fan stalling, antistall device,
air-separator

1 Introduction
Improved performance efficiency of turbomachines, such as gas

turbines, jet engines, compressors, fans, and so on, is being de-
sired in the fields of electric power generation, prime movers, and
industrial plants, from a view not only to the economy of opera-
tion but also to the problems of global climate changes and energy
security. The authors, aiming for raising both working efficiencies
and operational safety of axial-flow compressors and fans, have
strived for improvement of stall and surge characteristics of the
machines. Improved stall characteristics could widen the working
area, enabling us to take full advantage of the peak-efficiency area
close to the near-stall zone. It could achieve substantial saving in
the whole plant power requirement in addition to the plant opera-
tional safety �1,2�.

To improve stall characteristics of axial-flow fans and compres-
sor stages, a variety of devices have hitherto been attempted such
as casing treatment, suction bypass, blade separator, air-separator,
etc., by many researchers and institutes �1,2�. Among them, the
present authors have paid attention to the air-separator, which was
proposed first by Ivanov et al. �3�. 2 decades ago, Miyake et al.
�4,5� conducted a pioneering work on the effects of the air-
separators. McKenzie and co-workers �6–8� made researches for
application in axial compressors. Investigations on the effect of
geometrical dimensions of air-separator devices on the stall pre-
vention were reported by Ziabasharhagh et al. �7�. Yamaguchi et
al. �9,10� made developmental investigation on the practical ap-
plication of the air-separator device to industrial fans. A practical
application and the effect of a similar device on a low-pressure
axial fan were reported by Bard �11�.

The air-separator has a significant advantage in that its con-

struction is completely embedded in the fan casing and no parts of
the device are exposed to the incoming flow and the rotor-blades.
The advantage is similar to casing treatments. In contrast, blade
separators and suction rings having parts exposed to incoming
flows and the rotor-blades, tend to injure aerodynamic perfor-
mances and mechanical safety of the rotor-blades in addition to
induced increases in noise level.

The air-separator is hereafter abbreviated AS. The general con-
struction of the conventional AS introduced above has an open
circumferential cavity as the AS inlet facing the rotor-blade tips.
In the recirculation passage downstream of the inlet cavity, a cir-
cumferential row of vanes is provided for rectifying the swirling
flow to axial direction. Downstream of the axial-vanes, an open
circumferential cavity as the AS exit. So, the AS is named axial-
vaned AS here.

A schematic structure of the air-separator device, which the
present authors are concerned with here and has been proposed in
Ref. �9�, is shown in Figs. 4 and 5. A circumferential row of
curved radial-vanes shown as a shadowed part are mounted within
the circumferential slit of the AS inlet opened to the moving rotor-
blade tips in contrast to the conventional axial-vaned AS. The type
is named radial-vaned AS hereafter. The radial-vanes are expected
to scoop directly a portion of the flow swirling along the casing
wall around the blade tip. The vanes eliminate the swirl and turn
the flow into axial direction; after that the flow out of the AS exit
opening joins the main axial flow smoothly.

The principle of the stall-prevention effect of the radial-vaned
AS is expected to be the same as that of the conventional axial-
vaned ones. When the stage working condition comes close to
stalling, small zones of low-energy fluid tend to appear locally and
temporarily in the endwall region near the blade tip, initiating
embryos of stall, or disturbances such as local reversed flow, pre-
cursor of rotating-stall cells, and so on. The disturbances could
interfere with the main inflow and bring about strong distur-
bances, tending to force the stage into stalling. In the situation, the

Contributed by the Turbomachinery Division of ASME for publication in the
JOURNAL OF TURBOMACHINERY. Manuscript received September 5, 2008; final manu-
script received November 27, 2008; published online January 13, 2010. Review
conducted by Aspi Wadia.

Journal of Turbomachinery APRIL 2010, Vol. 132 / 021015-1Copyright © 2010 by ASME

Downloaded 28 May 2010 to 128.113.26.88. Redistribution subject to ASME license or copyright; see http://www.asme.org/terms/Terms_Use.cfm



AS device, if equipped, would absorb and rectify the embryos and
separate them from the main flow. In the tip flow environment
thus kept cleaner �1,2�, the blade tip-section could work to the
best of the performance. In addition to that, increased flow recir-
culation through the AS passage would tend to alter the flow
structure gradually to an axisymmetric annular one, like an annu-
lar vortex ring encasing the blade tips, as was shown for the case
of blade separators by Tanaka and Murata �12�. The circumstances
would make the meridional streamlines through the rotor bladings
more and more inclined radially outward as in mixed flow fans
and pumps, toward the lower flow rate. Thus the fan pressure rise
would continue to increase toward a lower flow rate. All such
situations are expected to make a great improvement in stall pre-
vention.

The embryos of stalls are supposed to tend to swirl more or less
accompanied by the rotor-blades; when stalling conditions come
closer, the swirl velocity would be larger; thus the centrifugal
forces would be stronger than the ambient flow. The embryos
would be centrifuged spontaneously into the AS inlet opening, if
present. Thus, the effect of the AS could be reasonably considered
to be of a nature of passive stall control. The presence of the
radial-vanes proposed here would be advantageous for capturing
definitely such embryos, scooping them into the AS passage and
rectifying them soon.

Yamaguchi et al. �9� showed that the device demonstrated a
very strong and stable stall-prevention effect. Nishioka et al. �13�
confirmed a similar stall-prevention effect using an AS device
having a similar construction. Furthermore, Yamaguchi et al. �10�
showed experimentally that an axial-flow fan equipped with both
variable-pitch inlet guide-vanes and a radial-vaned AS could
achieve favorable performances covering a very wide range of
flow rate, which could surpass that of suction-vane-controlled
turbo-type centrifugal fans.

In the above situation, the authors have made a more detailed
experimental study on the effects of radial-vaned AS devices with
a view to both optimization of the stall-prevention effect, related
to the AS geometry, and reduction in the device size by use of a
single-stage, low-pressure, axial-flow fan �14,19�. The results are
summarized below.

The general tendency surveyed from existing data on the stall-
prevention effects achieved by the axial-vaned AS and the radial-
vaned AS is summarized in Fig. 13 in the Appendix, with atten-
tion to the shifts of the stalling points from the solid-wall ones to
the improved ones by the ASs on a map of pressure coefficient
versus flow coefficient. On the map, the present fan for test is seen
to belong to very light-loaded ones, which appear at a first glance
to be easy to improve by use of AS devices. Even in the zone,
however, general rules or guidelines for the optimum AS devices
have not been available as yet. In the situation, the aim of the
present investigation is to prepare a part of the database and to
establish a line of thinking for stall improvement by means of
radial-vaned ASs.

This paper describes the experimental results on a radial-vaned
AS having a relatively spacious size that could have achieved an
excellent stall-prevention effect. With respect to the reduction in
the radial height of the AS device, including simplification of the
radial-vane configurations, readers should refer to the following
part of this report �15�.

2 Experimental Axial Fan
The experimental fan is a commercially available one of single-

stage, axial-inlet type consisted of a rotor and exit guide-vanes.
The fan casing near the rotor tip was modified for mounting an AS
device.

Table 1 gives main numerical figures about the fan. Figure 1
shows a photograph of the fan rotor equipped with a built-in AS
device in the fan casing. Table 2 gives blade geometrical data as
measured of the rotor at the tip and the root. Each rotor-blade was

made of a thin metal plate of thickness 2 mm formed to circular-
arc sectional shapes twisted along the height. The rotor-tip clear-
ance is 2 mm in radius.

Figure 2 shows the exit guide-vanes and the driving electric
motor when the fan rotor is removed. As seen in Fig. 2, the exit
guide-vanes do not constitute an ordinary regular cascade since
the lower part serves as a support of the motor. Although this is an
unfavorable situation in the hope of a uniform flow leaving the
rotor, the situation could not be changed. So, as a next best, static
pressures were measured at four points on the circumference im-
mediately downstream of the rotor-blades and averaged.

Figure 3 shows the fan test facility. Upstream of the fan is a
short suction duct of diameter 0.394 m. Fan static-pressure rises
�pS were evaluated from wall pressures at the upstream tap �Ps1�
and the tap �Ps2� on the fan casing downstream of the rotor and
immediately upstream of the exit guide-vanes. Downstream of the
fan is connected a delivery duct of length of 3.0 m, including a
flow-straightener and a Venturi tube for metering the fan flow rate
Q. The fan working condition is regulated by a throttling device of
cone-type at the duct exit. The fan power inputs P were measured
from the electric power inputs to the fan motor �after the inverter�,
which includes motor power losses also. The fan speed was set at
2600 rpm. The fan Reynolds number based on the blade-chord
length and the blade tip speed was around 4�105.

Table 1 Numerical data of the experimental fan

Casing diameter Dt 394 mm
Tip diameter 390 mm
Hub diameter Dh 194 mm
Tip clearance 2 mm
Fan speed 2600 rpm
Nominal motor power 1.5 kW
Nominal fan pressure rise 0.20 kPa
Nominal fan flow rate 100 m3 /min

Fig. 1 The rotor mounted together with the air-separator
device

Table 2 Conditions of the rotor-blades

Tip Root

No. of rotor-blades 6 6
Chord length l �mm� 115 130
Blade spacing t �mm� 190 117.5
Pitch-chord ratio t / l 1.65 0.90
Stagger angle � �deg� 71 43
Camber angle � �deg� 31.7 43.5
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Uncertainty in pressure measurements is about 1.5% mainly
because of the diaphragm-type pressure indicators of low
pressure-level used for the experiment. Uncertainty in the fan flow
rate is therefore evaluated 1.1%. The accuracy of the wattmeter
for the motor is 0.5%. The uncertainty in fan efficiency is there-
fore evaluated 1.9%.

3 Air-Separator Device
The structure and dimensions of the AS device employed in the

study, and the location of the AS device relative to the rotor-
blades are shown schematically in Fig. 4. The configuration of the
radial-vanes embedded in the AS device, which is named Type A,
is shown in Fig. 5. The vane is formed in a circular-arc sectional
form and the inner leading-edge is extended in flush with the fan
casing wall. The vanes are aimed for scooping directly the swirl-
ing flow close to the casing wall in the tip blade leading-edge
region. The flow is considered, in near-stalling or stalling condi-
tions, to be flowing predominantly in the direction of blade move-
ment accompanied by the blade rotation. In the situation, the
radial-vanes are expected to establish effectively a more axisym-
metric flow pattern within the AS inlet opening independently of
the rotor speed, than conventional axial-vanes, which have been
suggested by Yamaguchi et al. �9�.

The numerical figures given in Figs. 4 and 5 are prototypical
ones for the setup. In the course of the investigation, various di-
mensions will be changed and adjusted. For example, in Sec. 8,
the axial location of the AS device will be changed relative to the
rotor-blades by the use of spacer rings with different thicknesses,
which makes parametric study easy on the effect of the relative
axial locations.

4 Nondimensional Parameters
Performance results are normalized with respect to the blade tip

speed ut.

Flow coefficient: �t = Va/ut �1�

Fan rotor total-pressure coefficient: �t = �pt/
1
2�ut

2 �2�

Fan rotor static-pressure efficiency: �S = Q�pS/P �3�

Total pressure efficiency: �T = Q�pT/P �4�

Here, Q is the fan flow rate �m3 /s�, P is the motor power input
�W�, ut is the fan rotor-tip speed �m/s�, Va is the annulus-average
axial velocity �m/s�, � is the air density �kg /m3�, �pS is the fan
rotor static-pressure rise between the fan suction duct wall �loca-
tion Ps1 in Fig. 3� and the rotor exit wall just before the exit
guide-vanes �location Ps2 in Fig. 3� �Pa�, and �pT is the fan rotor
total-pressure rise �Pa�.

Va = Q� 	

4
�Dt

2 − Dh
2� �5�

�pT = �pS + 1
2�Va

2�1 − �1 − 
2�2� �6�

�pS = pS2 − pS1 �7�

Here, Dt and Dh are the diameters of the fan casing and hub,
respectively �m�, and v is the hub-to-tip radius ratio.


 = Dh/Dt �8�

5 Performance of the Solid-Wall Fan
The fan performance with the solid-wall casing is shown in Fig.

6 for a basis in comparing the stalling characteristics affected by
AS devices. The solid-wall conditions are abbreviated SW here-
after. For the SW condition, the stalling flow coefficient �tS is
0.32, below which pressure coefficient �t and efficiencies �T and
�S drop and do not recover. Stalling was judged to occur at the
zero-slope point of the fan rotor total-pressure coefficient �t.

For flow coefficient �t below 0.20 in the stalled SW condition,
reversal of strong swirling flow up to the suction duct inlet up-

Fig. 2 The exit guide-vanes and the driving electric motor

Fig. 3 Test facility of the fan

Fig. 4 Original dimensions of the studied fan and the air-
separator device

Journal of Turbomachinery APRIL 2010, Vol. 132 / 021015-3

Downloaded 28 May 2010 to 128.113.26.88. Redistribution subject to ASME license or copyright; see http://www.asme.org/terms/Terms_Use.cfm



stream of the rotor was observed by visualization of the flow by
use of a tuft grid prepared there. The swirling flow reversal was
considered to affect the suction wall static pressure; therefore the
fan pressure apparently decreases, resulting in the one given by X
marks in Fig. 5. When the atmospheric pressure was used as suc-
tion standard by altering the suction passage, different pressure-
rise characteristics resulted as a more correct performance given
by marks � for the same range of flow coefficient below 0.20,
although for flow coefficient above 0.20 quite the same pressure-
flow characteristics were obtained as shown by marks � in Fig. 6.
In this report, the referential SW characteristics for flow coeffi-
cient above 0.2 are employed.

Figure 6 shows some characteristic points of importance in ex-
amining the AS effects in the aerodynamic performances of the
fan, i.e., stalling-point flow coefficient �tS, stalling-point total-
pressure coefficient �tS, and peak total efficiency �TP.

6 Effects of Air-Separator Devices
Figure 7 shows one of the best AS performance obtained in this

investigation, in comparison with the SW performance. The AS
performance, about which details are described in Sec. 7, was
obtained for the layout shown in Fig. 4, at the best location of the
AS device Type A relative to the rotor-blade tip, g /Za=0.64. In
the figure, solid marks are for the SW performance and the white
marks are for the best AS one. The best AS performance shows no
stall over the originally stalled range from the SW stall point of
�tS of 0.32 down to the shut-off condition. The steep drop in the
SW efficiency around the SW stall point is seen to have disap-
peared in the AS condition. For the AS condition was never seen

the swirling reversed flow up to the fan duct inlet, which had been
observed for the SW condition. In addition to that, no deteriora-
tion in the fan efficiency is seen in the sound region. In Secs. 7
and 8, details leading to the results will be described.

7 Effects of Air-Separator Locations Relative to the
Rotor Tip

Figure 8 shows the symbols of variables that are inevitable in
describing the process of optimizing the AS geometry. H is the fan
annulus height, and Za is the axial chord of the rotor-tip blade-
section. With respect to the AS device, S and C are the widths of
the inlet opening and the exit opening of the AS device, respec-
tively, b is the width of the inner ring, W is the height of the
internal passage, and g and h are distances to the leading-edge of
the rotor-tip blade-section from the upstream edge and the down-
stream edge, respectively, of the AS inlet opening. All values ex-
cept H and Za could be variable in this investigation.

Fig. 5 Rectifying radial-vanes of air-separator Type A

Fig. 6 Fan performance characteristics in the solid-wall con-
dition and reference points

Fig. 7 Comparison of fan performances for conditions with
the best air-separator „Type A, S=37.5 mm, C=30 mm, W
=33 mm, and g=22.4 mm… and for the conditions with the
solid wall

Fig. 8 Variable dimensions of the studied air-separator
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The prototypical numerical values of the present device here
are given as follows.

�1� Blade data: H=100 mm and Za=35 mm.
�2� AS data: W=33 mm, C=43 mm, S=37.5 mm, and b

=25 mm.

The axial width of the radial-vanes of the AS device here is 50
mm throughout the investigation.

In Sec. 7, with numerical values of H, Za, W, b, S, and C kept
constant, respectively, as above, g �and accordingly h� were
changed to survey the effect of the location of the AS device
relative to the blade. In Sec. 8, the effects of the widths of the AS
openings were surveyed by changing S and C with other variables
kept constant. The effect of the AS passage height W will be
reported in the succeeding paper �15� related to this one.

7.1 Effect of the Relative Location on the Characteristic
Curves. Figure 9 compares the behaviors of the performance
characteristics for different locations of the AS device relative to
the leading-edge of the rotor-tip blades. For the purpose, axial
locations of the AS device g �and h� were altered by changing
annular spacer rings. In Fig. 9, four typical behaviors of fan per-
formance characteristics are shown: �1� the SW condition �tagged
as SW in the figure�, �2� the AS condition with g /S=0.60 �tagged
as AS_A�+60��, �3� the AS condition with g /S=1.27 �tagged as
AS_A�+127��, and �4� the AS condition with g /S=−0.60 �tagged
as AS_A�−60��. The efficiencies in Fig. 9 are the total ones.
AS_A�+60� is the same one as given in Fig. 7, showing no stall
zone, i.e., no positive-slope region over the entire flow down to
the shut-off condition and improved efficiency in the originally
stalled zone for the SW condition.

On the other hand, the other two AS conditions show quite
different behaviors. AS_A�−60� shows an improved stalling flow
coefficient, but general levels of the pressure coefficient and the
efficiency are seen to lower significantly. For AS_A�+127�, pres-
sure coefficient lowers below the SW one in the SW sound region,
shows a local pressure dent corresponding to stalling, and returns
again after the dent to a rising tendency, showing a positive-slope

region before the shut-off and reaching at relatively high shut-off
pressure coefficient. As a whole, it has nearly a negative-slope
tendency, except the local stalling zone and near shut-off region.
The efficiency level in the SW sound zone is lower than those for
the SW condition and AS_A�+60� condition. After the local pres-
sure dent, the efficiency is close to that of the AS_A�+60� con-
dition.

7.2 Stall-Improved Range for g ÕS . The feature and the
cause of the varying performance behaviors observed above will
be suggested in Fig. 10, which summarizes the results in terms of
stall flow coefficient �tS, stall pressure coefficient �tS, and peak-
efficiency �TP. The data were obtained by changing the locations
of the AS device relative to the rotor-blade by use of different
thicknesses of annular spacer rings. The abscissa of Fig. 10 is the
relative AS locations g /S and g /Za. Although the relative axial
location of the rotor-blade leading-edge g /S is mainly paid atten-
tion to, since it is considered of primary importance, other quan-
tities, such as g /Za, could also have some important influence in
a correlated manner. In Fig. 10, the SW data are given by hori-
zontal dotted lines as references.

As shown in Fig. 10, for the condition roughly 0�g /S�1, the
stalling flow coefficient �tS is zero, namely, it is stall-free over the
whole flow range down to the shut-off condition. The favorable
results are achieved with the leading-edges of the rotor-tip blade-
sections located within the axial width of the AS inlet opening, as
shown by the sketches at the bottom of the figure. For the condi-
tion 0�g /S�1, shut-off pressure coefficients �tSO agree with
stall pressure coefficients �tS, reaching at the maximum value at
g /S=0.74.

The peak total efficiency �TP in the sound region appears im-
proved somewhat in comparison with that of the SW condition for
the range 0.2�g /S�0.7, in which the maximum improvement is
seen to be roughly 1% for around g /S=0.5. The obtained best
performance is shown in Fig. 7. Although, generally speaking,
such gain in the efficiency could not be relied on in the situation
effected by such stall-improvement devices, repeated tests have

Fig. 9 Comparison of fan performances by air-separator Type
A for various relative locations g /Za „S=37.5 mm, C=30 mm,
W=33 mm, and b=25 mm… Fig. 10 Effects of relative locations of the air-separator Type A

„S=37.5 mm, C=30 mm, W=33 mm, and b=25 mm…
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confirmed that this particular fan has the tendency, which should
be regarded only as a measure showing an unimpaired flow con-
ditions of the fan there.

7.3 Deterioration of Stall-Improvement Effect Owing to
Retracted Blade Leading-Edge. The stall-prevention effect,
however, lowers in conditions both for roughly g /S�0 and
roughly for g /S1. In Fig. 10, around the value of g /S of unity,
the stall-prevention effect has been lost completely for a slight
increase in g /S where both coefficients of flow and pressure at the
stall get suddenly back to the SW ones or even to worse ones.

Around g /S of unity, local depression of fan pressure rise
around the stalling point begins to appear on the fan performance
curve; with increasing g /S, the depression deepens, and a
positive-slope zone appears finally as seen by the performance
curve AS_A�+127� in Fig. 9. The apparent drastic deterioration in
the stall-improvement effect seen at around g /S of unity in Fig. 10
has resulted from the course of the phenomena.

On the other hand, the shut-off pressure coefficient �tSO �shown
by mark “X” in Fig. 10� decreases gradually for increasing g /S
above around unity. The phenomenon means that, although the fan
stalls and the pressure drops once, after that it recovers to a
negative-slope tendency. Because of the process, pressure charac-
teristic curves for g /S1 have nearly a negative-slope tendency
as a whole, including a local pressure dent.

Geometrically, for condition g /S1, leading-edges of the
rotor-tip blade-section are located completely downstream of the
AS inlet opening, which is a situation similar to the SW condition.
In the situation, it is supposed that embryos of stall could hardly
be removed, and therefore stalling would occur in a similar man-
ner to the SW stalling condition. Further flow reduction would
make the stalled flow condition worse, causing the flow reversed.
At the stage of the flow, the AS passage would start to play a role;
the recirculation starts and the fan pressure rise begins to recover
and to unstall, as seen in AS_A�t�+127� in Fig. 9. The situation
may be expressed as a “deterioration of the stall-prevention effect
caused by retracted leading-edges.”

According to Lee �16�, having surveyed on stall-improving ef-
fects by suction or injection through treated casing walls near the
blade tips, the amount of the stall improvement depends greatly
on the flow rate of the suction or injection. The above deteriora-
tion of the stall-prevention effect could be explained also in terms
of possible reduction in the rate of recirculation flow through the
AS affected by the relative location of the blade tips and the AS
inlet.

7.4 Deterioration of Stall-Improvement Effect Owing to
Protruded Blade Leading-Edge. On the other hand, for g /S
�0, the deterioration takes place gradually and the stalling flow
coefficient �tS is improved somewhat in comparison with that for
the SW condition. The shut-off pressure coefficient �tSO is lower
than the stall pressure coefficient �tS.

In the situation, the leading-edges of the rotor-tip blade-sections
are located in front of the upstream edge of the AS inlet opening.
Since a significant part of the rotor-tip blade-chord is exposed to
the entire width of the AS inlet opening, a part of the flow given
work by the blade rows could tend to escape into the AS passage,
causing much loss in the pressurized flow. Therefore the fan effi-
ciency drops much, although there remains some stall-prevention
effect. The situation may be expressed as a “deterioration of the
stall-prevention effect caused by protruded leading-edges and ex-
posed blade tips.”

8 Effects of the Width of the Air-Separator Openings
It is concluded from Sec. 7 that the leading-edges of the rotor-

tip blade-section should be located within the axial width of the
AS inlet opening. With respect to this particular fan, the favorable
relative location of the leading-edges g /S lies roughly between 0.2
and 0.7 from the above data. With this ratio kept constant at 0.4

rather conservatively, both the inlet opening width S and the exit
opening width C of the AS device shown in Fig. 8 were varied for
survey on their effects on stall prevention.

The widths S of the inlet opening were set by extending the
widths b of the AS inner ring by sticking adhesive tapes of a
constant width on the radial-vane leading-edges; and the widths C
of the exit opening were set by changing the thicknesses of the
inserted annular spacer rings. The radial-vanes of the AS device
were the original ones having a constant axial width of 50 mm.
The width b of the inner ring was changed by the stuck tape,
according to the following relation:

b�mm� = 62.5 − S�mm� �9�
Figure 11 shows some typical behaviors of performance char-

acteristics when the width S of the AS inlet opening was changed
with the width C of the exit opening kept constant. In the symbol
notes �SxxCyy� in Fig. 11, “xx” and “yy” mean the values of S
and C in millimeters, respectively. It is seen that increases in S
value shift the stall point toward lower flow-coefficient and higher
pressure-coefficient.

As a measure of stall-prevention effect, the following index is
employed here for clarification of the general trend of the effect
and for ease of comparison with other data.

BS = �1 − �QS
�/QS�� � 100 �%� �10�

Here, flow rates at stall point are expressed as Qs and QS
� for

conditions of the SW and the AS, respectively. As seen in Fig. 13
in the Appendix of this report, stall-prevention effect by AS de-
vices is easily found in changes in the stall flow rate. For the case
of no stall down to the shut-off condition, BS=100, and in the case
of no effect, BS=0.

Figure 12 shows a contour map for iso-BS for AS device, Type
A. The map was drawn interpolated on the basis of data for pairs
of C and S values shown by mark “X” in the figure.

Figure 12 demonstrates the greater stall-prevention effects for
the wider widths of both of the openings at the inlet and the exit.

Fig. 11 Fan characteristics affected by inlet opening widths S
for a constant exit opening width C=18 mm for air-separator
Type A, g /S=0.4, Za=35 mm, and W=33 mm
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The condition at the right top position in the figures, i.e., for the
combination of the widest openings in the AS device, achieves
BS=100, i.e., stall-free operation over the whole flow range.

When examined further, contour lines are seen to be very char-
acteristic in Zone A for larger C values and Zone B for larger S
values, respectively. In Zone A, the lines are roughly parallel to
the ordinate axis, showing the stall-prevention effects dominated
mainly by the width of the AS inlet opening S, roughly indepen-
dently of the width of the exit opening C. On the other hand, in
Zone B, the lines are roughly parallel to the abscissa axis, show-
ing the stall-prevention effects dominated mainly by the width of
the AS exit opening C, rather independently of the width of the
inlet opening S. It suggests that the stall-prevention effects are
determined mainly by the flow swallowing capacity of the inlet
opening in Zone A and by the flow discharging capacity of the exit
opening in Zone B, respectively. There is a transition zone be-
tween both zones.

In order to minimize the whole axial length of the device, the
additive value �S+C� is paid attention to as a main constituent
determining the length. Here, the effect of the width b of the inner
ring is supposed to be small. The minimum �S+C� points on the
respective contour lines are connected as a line as optimum con-
dition in Fig. 12, which gives the condition for the smallest axial
length of the AS Type A device. A cross-point of the optimum line
and an iso-BS line will give the minimum axial length condition
for the BS value for AS Type A.

The optimum line suggests a relatively wider inlet opening for
the particular AS device, if compared with the line C=S shown as
a reference.

9 Comments on the Effectiveness and the Fan Peak-
Efficiency

9.1 Effectiveness of the Radial-Vaned Air-Separator. The
radial-vaned air-separator proposed here has eliminated stalling of
the experimental fan in the best conditions of the size and the
relative location. In a research on a high-speed, high-load fan
applied with a radial-vaned AS device similar to the present con-
cept conducted by Yamaguchi et al. �9,10�, the AS device exhib-
ited a very significant effect, although it could not have reached
the stage of complete elimination of stalling. These experiences
suggest the strong effectiveness of the AS device of the type. The
effect is, however, strongly influenced by several relative dimen-

sions described in the above sections and the AS passage height
W. For example, for a height W less than 33 mm, the stall-
prevention effect lowered correspondingly, the details of which
will be described in the succeeding paper �15� of the present
investigation.

Stall-prevention effects in terms of the index BS achieved so far
will be compared with those of the existing AS data and casing
treatments ones, the latter of which are the stall-improvement de-
vices of the same nature. With respect to the casing treatment,
Fujita and Takata �17� reported a maximum Bs of around 20, and
Yamaguchi et al. �18� reported a maximum BS of 38.

With respect to the conventional axial-vaned AS, Miyake and
Inaba �5� reported the highest BS of 100 for a lightly loaded fan,
70 for a high-load fan, and 82 for the high-load fan with modified
axial-vanes. In Fig. 13, all of these fans lie in the region of light-
load fans similar to the fan in the present investigation and show
a similar tendency. Azimian et al. �6� reported a maximum BS of
59 for a highly loaded fan.

From a comparison of the order of magnitude of the effects, the
stall-prevention effect of the conventional axial-vaned AS is rela-
tively large compared with those of the casing treatment. The
stall-prevention effect of the radial-vaned AS proposed here ap-
pears to be comparable with those of the axial-vaned AS for fans
of similar load level.

Yamaguchi et al. �9� reported that a radial-vaned AS achieved a
large and stable stall-prevention effect independently of the fan
speed, while an axial-vaned AS showed a great stall-prevention
effect for lower fan speeds but the effect lowered very much to-
ward higher fan speeds. The cause has not yet been identified.
However, the most probable possibility supposed by the authors is
that the inner face of the swirling body of flow within the inlet
cavity of the axial-vaned AS would never be a stabilized smooth
and axisymmetric one concentric with the fan main flow. To the
contrary, the face would be incessantly changing its circularity,
concentricity, configuration, smoothness of the face, etc. The ten-
dency would be stronger for the higher swirl speeds. Serious dis-
turbance due to the interference between the main flow and the
unsteady inner face of the swirling flow within the AS inlet cavity
could cause the above reduction in the high-speed effectiveness
for the axial-vaned AS. The authors consider that the above stable
effect in the radial-vaned AS could be due to the radial-vanes
playing a role of quick deswirling and stabilizing the swirling
inflow within the AS inlet opening. With respect to the particular
fan used in the present investigation, which is originally a very
low-speed one, confirmation of the above phenomena has not
been conducted �19�.

9.2 Stall Improvement and Flow Rate of Recirculation
Through the AS Passage. In Fig. 12, the wider openings of both
of the inlet and the exit have achieved the greater stall-
improvement effect. The tendency suggests an influence of the
magnitude of recirculation rates through the AS passage. As is
cited above, Lee �16� showed a great influence of the flow rate of
the suction or injection through treated casing wall on the amount
of stall improvement. The deterioration of the stall-prevention ef-
fect caused by retracted leading-edges cited above could also be
explained from the point of view.

The recirculation flow through the AS is determined in a self-
balanced way, depending on several quantities, such as flow cen-
trifuging forces, pressure losses in the AS passage, main flow
pressure difference between at the openings of AS inlet and exit,
and geometrical and aerodynamic layouts of the device relative to
the rotor-blades, etc. In addition to the stall-improvement effects,
the flow rate is an important factor in view of the fan power loss
related to fan efficiency. An AS device that is both effective in the
stall prevention and less in the fan power consumption is
necessary.

The recirculation flow rate has not been measured in the present
study. The authors are planning measurement of internal flow dis-
tributions, including the recirculation flow rate through the AS in

Fig. 12 Effects of opening widths of the inlet and exit of air-
separators on the improvement index BS with respect to stall-
ing flow for g /S=0.4, Za=35 mm, and W=33 mm
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the next stage of investigation.
The relative tip clearance is about 2% of both of the rotor-blade

height and the rotor-tip chord length, which is rather high com-
pared with conventional axial bladings. From the results obtained
here and Figs. 13�a� and 13�b� in the Appendix including results
from a variety of blading conditions, stall-prevention effects by
the AS devices appear to be rather insensitive to the blade tip
clearances.

9.3 Fan Efficiency. In this study, fan peak-efficiencies in the
sound region are seen to be improved slightly by application of
the AS device at its optimum relative location. The same tendency
has been confirmed by repeated measurements using the same
instrumentation. Generally speaking, however, in the presence of
stall-improvement devices, occurrences of some slight efficiency
drops have usually been experienced. Yamaguchi et al. �10� re-
ported a peak-efficiency drop of about 1% by use of a radial-
vaned AS device similar to that in the present investigation. Zia-
basharhagh et al. �7� reported peak-efficiency drops of 0–3% on
axial-vaned AS devices applied to a high-efficiency stage includ-
ing cases of no efficiency drop.

Empirically speaking, a low-efficiency fan could happen to be
seemingly improved in efficiency by such treatment, which might
be the case for the present fan. In addition, in consideration of the
rather large uncertainty in the present measurements of the fan
performances, it is better to consider that the gain obtained here in
the peak-efficiency could not be relied on in a general sense.

10 Conclusion
The radial-vaned air-separator proposed here was applied to a

single-stage, lightly loaded fan of axial-inlet type and the follow-
ing results were obtained.

�1� Performance characteristics and effect of stall prevention
with radial-vaned air-separator Type A were surveyed. The
data serve for the optimization of the related parameters.

�2� In the optimized condition, the radial-vaned air-separator
achieved a stall-free operation of the fan, proving to have a
great potential for stall prevention. The potential is compa-
rable with the axial-vaned air-separator applied to a lightly
loaded fan.

�3� For achievement of the optimum effect, it is recommended
to select the relative leading-edge location of the rotor-tip
blades within an experimentally determined beneficial
range of the air-separator inlet opening, i.e., g /S=0.2–0.7.
Under the circumstances, both the stall-prevention effect
and fan peak-efficiency are advantageous.

�4� The effects of the widths of the air-separator openings of
the inlet and the exit on the stall prevention were surveyed
with the ratio g /S kept constant at 0.4. On the basis of the
obtained contour map for achievable stall-improvement in-
dex BS, the axially shortest device for a given BS was
derived.

Furthermore, smaller passage height W is indispensable from a
viewpoint of the compactness of the air-separator. The reduced
height is seen to have a strong adverse effect on the stall preven-
tion, as is described in the succeeding investigation �15�.
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Nomenclature
b � axial length of the inner ring of the air-

separator �m�

BS � index of improvement of stalling flow �%�
C � axial width of the exit opening of the air-

separator �m�
Dh � hub diameter of fan �m�
Dt � casing wall diameter of fan �m�
g � distance between the leading-edge of the rotor

tip and the upstream edge of the inlet opening
of the air-separator �m�

h � distance between the leading-edge of the rotor
tip and the downstream edge of the inlet
opening of the air-separator �m�

H � annulus height of fan �m�
l � chord length of the rotor-blade �m�

P � power input to the driving motor �W�
Ps1 � wall static pressure at the fan suction duct

�Pa�
Ps2 � casing wall static pressure downstream of the

rotor-blades �Pa�
Q � fan flow rate �m3 /s�

QS � stalling flow rate of solid-wall fan flow rate
�m3 /s�

QS
� � stalling flow rate of fan with air-separator

�m3 /s�
S � axial width of inlet opening of the air-separator

�m�
t � spacing of neighboring blades of the rotor �m�

ut � peripheral speed of the rotor tip �m/s�
Va � axial velocity �m/s�
W � height of the internal passage of air-separator

�m�
Za � axial chord length of the rotor-tip blade-section

�m�
�pS � fan rotor static-pressure rise �Pa�
�pT � fan rotor total-pressure rise �Pa�

�S � fan rotor static efficiency
�T � fan rotor total efficiency

�TP � fan rotor peak total efficiency
� � air density �kg /m3�
� � camber angle of the rotor-blade �deg�

�t � fan flow coefficient
�tS � fan stall flow coefficient
�t � fan rotor total-pressure coefficient

�tS � fan rotor stall total-pressure coefficient
�tSO � fan rotor shut-off total-pressure coefficient
�tT-S � fan total-to-static pressure coefficient

�Appendix�
�tT-T � fan total-to-total pressure coefficient

�Appendix�
� � stagger angle of the rotor-blade �deg�

Subscripts and Superscripts
P � peak-efficiency point
t � normalized with reference to the rotor-tip

speed
T � total pressure
S � static pressure or stalling point

SO � shut-off condition
� � stalling point in the presence of air-separator

Appendix: General Trend of Stall-Prevention Effect by
Air-Separator

It has been well known recently that the AS devices have sig-
nificant effects of stall prevention. However, either summary on
the information and data relative to them or general rules appli-
cable to development of the air-separator devices are hardly avail-
able in comparison with those on the casing treatments. In the
circumstances, even a very simple survey of existing data would
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give a clue to clarification of the status of the study and/or detec-
tion of problems in the related fields of research and develop-
ments.

Here, we would like to pay attention to stall-prevention data
achieved by the conventional axial-vaned AS and the radial-vaned
AS, both of which have basically the same working principle of
stall prevention. The data having relatively favorable improve-
ment effects are picked up from literature and plotted in Figs.
13�a� and 13�b�. All data are normalized by use of the rotor-tip
speed ut, since the tip condition is supposed to be of primary
significance in the air-separator action. Two stalling points of re-
spective fans, of which one is for the SW condition and the other
is for the AS condition, are plotted in terms of total-to-static pres-
sure coefficient �tT-S and flow coefficient �t in Fig. 13�a�. Each
pair of the two points is connected by a short straight line, whose
right edge-point is for the SW stall point and the left edge-point is
for the AS one. The fans are of the axial-inlet type design, includ-
ing those of variable-pitch rotor-blades. The sources of the data
are noted below the figure, where sources with asterisk � �� are for
the radial-vaned AS and one without asterisk are for the axial-
vaned AS.

Figure 13�b� shows the data in terms of the total-to-total pres-
sure coefficient �tT-T and flow coefficient �t.

It is seen that the AS device has been attempted on fans cover-
ing a wide area of �tT-T versus �t. The fans included in Fig. 13 are
of a variety of blading designs and geometrical dimensions, and
the applied AS devices are also various in their constructions,
geometrical proportions, dimensions, etc. It is interesting that, in
spite of the diversity, they demonstrate some common tendency in
the direction of the AS effects. The magnitudes of the effective-
ness are, however, seen to be various in the data. From Fig. 13, the
following tendency is observed.

�1� The stall-prevention effects by the AS devices are ex-
pressed by negative-slope line-segments of total-to-static
pressure coefficients �tT-S in Fig. 13�a�. The tendency is
considered to be related to no rotating-stall condition. As a
whole, the currently highest improved total-to-static pres-
sure coefficients �tT-S lie around 0.5 but with some excep-
tions exceeding the value.

�2� When total-to-total pressure coefficient �tT-T is paid atten-
tion to in Fig. 13�b�, fans of low-flow-coefficient and low-
pressure-coefficient have negative slopes of improvement
tendency; on the other hand, fans of high-flow coefficient
and high-pressure-coefficient have positive slopes. Fans
having a total-to-total stall pressure coefficient around 0.5
for the SW condition appear to be improved roughly hori-
zontally.

�3� Roughly as a whole, improved stall points tend toward
�tT-T of around 0.5 at shut-off condition ��t=0�, irrespec-
tive of the SW ones.

�4� As a rough summary, the current state of the maximum
pressure-level of AS stall improvement seems to tend to

�tT-S = 0.5 �A1�

�tT-T = 0.5 + �t
2 �A2�

Of course, there remains some exceptional data exceeding
the above.

�5� When the improvement is considered in terms of the index
BS, meaning the relative improvement in the stall flow de-
fined by Eq. �10�, fans of low-flow and low-pressure are
advantageous. However, some fans of high-flow and high-
pressure do show a very wide improvement in the absolute
range in the flow coefficient.

Including the above tentative observations, it can be said that
there remains much to study in the clarification of the mechanism
and the optimization of the AS devices.

From Fig. 13, the direction of the future study could be listed as
follows: �1� clarification of the cause of the significant effective-
ness, or the relation between the effects and the internal flow
patterns; �2� establishment of conditions for achieving the limiting
effect of the AS stall prevention; and �3� further improvement in
the limiting effect for high-flow, high-pressure fans or compressor
stages. There exist data points, though very few in number, having
a value of �tT-S exceeding 0.5 and approaching 0.6, which could
be encouraging data suggesting a possibility of achievement of
greater effectiveness.

The best result obtained in the present investigation is given by
mark � and a dotted line �symbol note: MS� in Fig. 13 in the
zone for fans of low flow-coefficient and low pressure-coefficient.
Although the data appear to show a very promising tendency,
there have been remained many points unplotted because of insuf-
ficient effect. Organizing and summarizing the data obtained in
the course of the optimization would contribute much to clarifica-
tion of the improvement mechanism, optimization of the AS de-
vice, application of the device to new fans and existing fans,
and/or compressor stages.
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Aerothermal Investigation of Tip
Leakage Flow in a Film Cooled
Industrial Turbine Rotor
A numerical investigation of the flow and heat transfer characteristics of tip leakage in a
typical film cooled industrial gas turbine rotor is presented in this paper. The computa-
tions were performed on a rotating domain of a single blade with a clearance gap of
1.28% chord in an engine environment. This standard blade featured two coolant and two
dust holes, in a cavity-type tip with a central rib. The computations were performed using
CFX 5.6, which was validated for similar flow situations by Krishnababu et al. (2007,
“Aero-Thermal Investigation of Tip Leakage Flow in Axial Flow Turbines: Part I—Effect
of Tip Geometry,” ASME Paper No. 2007-GT-27954). These predictions were further
verified by comparing the flow and heat transfer characteristics computed in the absence
of coolant ejection with computations previously performed in the company (SIEMENS)
using standard in-house codes. Turbulence was modeled using the shear-stress transport
(SST) k-� turbulence model. The comparison of calculations performed with and without
coolant ejection has shown that the coolant flow partially blocks the tip gap, resulting in
a reduction in the amount of mainstream leakage flow. The calculations identified that the
main detrimental heat transfer issues were caused by impingement of the hot leakage flow
onto the tip. Hence three different modifications (referred as Cases 1–3) were made to the
standard blade tip in an attempt to reduce the tip gap exit mass flow and the associated
impingement heat transfer. The improvements and limitations of the modified geometries,
in terms of tip gap exit mass flow, total area of the tip affected by the hot flow and the
total heat flux to the tip, are discussed. The main feature of the Case 1 geometry is the
removal of the rib, and this modification was found to effectively reduce both the total
area affected by the hot leakage flow and total heat flux to the tip, while maintaining the
same leakage mass flow as the standard blade. Case 2 featured a rearrangement of the
dust holes in the tip, which, in terms of aerothermal dynamics, proved to be marginally
inferior to Case 1. Case 3, which essentially created a suction-side squealer geometry,
was found to be inferior even to the standard cavity-tip blade. It was also found that the
hot spots, which occur in the leading edge region of the standard tip, and all modifica-
tions contributed significantly to the area affected by the hot tip leakage flow and the total
heat flux.
�DOI: 10.1115/1.3144164�

1 Introduction
In unshrouded axial turbines, clearance gaps between the rotor

blades and the stationary shroud are necessary to prevent the
physical rubbing between them. The pressure difference between
the pressure and the suction sides �SSs� of the blade causes an
undesirable leakage of fluid through the clearance gap, which ad-
versely affects the stage performance. Typically a clearance of
1%of blade span causes 1–2% of the primary flow to leak over the
tip with a corresponding loss of 1–3% on stage efficiency �1�.

There are two distinct aspects of tip leakage flows �2�: first, as
the flow passes through the tip gap without being properly turned,
there is a reduction in work done; and second, due to mixing,
there is generation of entropy within the gap, in the blade passage
and downstream of the blade row. Furthermore, the rapid accel-
eration of hot mainstream flow into the tip gap, followed by the
separation and reattachment, results in regions of high heat trans-
fer to the metal. This heat flux, together with that to the suction
and pressure sides of the blade, must be removed by internal

cooling. The compressor supplies this cooling flow, which im-
poses a further penalty on the engine performance. Hence consid-
erable research has been conducted to understand and quantify the
losses and the heat transfer associated with the tip leakage flows.

A review of research quantifying the losses and heat transfer
associated with tip clearance flow is provided by Bunker �3�.
Much of the early work used idealized models, e.g., Refs. �4,5�,
and this technique was further pursued more recently by Krishna-
babu et al. �6�. Much work has been conducted using linear cas-
cades: Bunker et al. �7� measured heat transfer for sharp and
radiused-edged blades for different clearance gaps; Kwak and Han
�8,9� used the transient liquid crystal technique; and Jin and Gold-
stein �10� used the naphthalene technique to determine the effects
of clearance gap, turbulence intensity, and Reynolds number on
the mass/heat transfer from the tip and near-tip surfaces.

In recent years, three-dimensional numerical simulations of
flow and heat transfer of tip leakage flow past blades with flat and
squealer tip geometries have been reported. Ameri et al. �11� per-
formed a numerical simulation with the k-� turbulence model of
the flow and heat transfer over a turbine blade with a cavity tip.
The cavity was found to reduce the mass flow rate through the tip
gap by as much as 14% when compared with a flat tip but with
only a minor improvement in efficiency. Ameri and Bunker �12�
performed a numerical simulation to investigate the distribution of
heat transfer coefficient on the tip of flat and radiused-edge
blades, with the latter calculation being in better agreement with
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their experimental data �7�. This improved agreement was attrib-
uted to the absence of flow separation on the tip of the radiused-
edge blade.

Yang et al. �13,14� conducted a numerical study of tip leakage
flow and heat transfer using a turbine blade with three different
cavity-tip gaps, comparing the performance with that of the flat
tip. Acharya et al. �15� and Saha et al. �16� investigated the flow
and heat transfer characteristics of tip leakage using different tip
gap geometries; the lowest leakage flow rates and tip heat transfer
coefficients were obtained using a suction-side squealer geometry
followed by a cavity geometry.

Mumic et al. �17� studied the aerothermal performance of flat
and cavity geometries at three different tip gaps; for both the flat
and cavity tip, the overall heat transfer and the leakage mass flow
rate increased with increasing tip gap height, with the overall heat
transfer to the cavity-tip lower.

Krishnababu et al. �18� investigated the effect of tip geometry
on the tip leakage flow and heat transfer characteristics in un-
shrouded axial flow turbines. A baseline flat tip geometry was
compared, in terms of the leakage mass flow and heat transfer to
the tip, with a double squealer �i.e., cavity� and suction-side
squealer geometries. It was observed that the cavity tip was ad-
vantageous both from the aerodynamic and heat transfer perspec-
tives by providing a decrease in the amount of leakage �and hence
losses� and in a reduction in the average heat transfer to the tip.

Recent studies �e.g., Refs. �9,19,20�� have investigated the ef-
fect of coolant injection on the characteristics of tip leakage flow;
all of these studies have been conducted in a cascade, rather than
the engine, environment. Very few studies have investigated the
effect of relative casing motion on the tip leakage flow. Morphis
and Bindon �21� and Yaras and Sjolander �22� showed that the tip
leakage mass flow will reduce significantly as a result of such
relative motion. Srinivasan and Goldstein �23� revealed a small
but definite reduction in heat transfer to the tip due to relative
casing motion at small tip gaps; at larger tip gaps this effect was
found to be negligible. Rhee and Cho �24,25� also reported a
decrease in leakage flow and heat transfer to the tip due to casing
motion.

Krishnababu et al. �26� reported the effect of relative casing
motion on the performances of flat and squealer geometries �cav-
ity and suction-side squealer� in terms of the leakage mass flow
and heat transfer using a tip clearance gap of 1.6% chord. The
relative casing motion was found to decrease both the tip leakage
mass flow and the average heat transfer to the tip; these effects
were due to the decrease in leakage flow velocity caused by the
reduction in driving pressure difference. Compared with compu-
tations with a stationary casing �18�, the average heat transfer to
the suction surface of the blade was found to increase for the case
of the computations with relative casing motion; this effect was
due to the large increase in heat transfer along the footprint of the
tip leakage vortex on the SS. Although the relative wall motion
considerably increases the realism of such simulations, the flow is
still idealized in many aspects. Moreover, the casing motion does
not simulate other real engine effects that can lead to radial flows
in the blade passage.

The present paper presents a numerical study investigating the
flow and heat transfer characteristics of tip leakage flow in a typi-
cal, film cooled industrial gas turbine rotor with a clearance gap of
1.28% chord in the engine environment �i.e., in a rotating domain
with coolant injection�. Three different modifications �referred as
Cases 1–3� to a standard blade tip are investigated in an attempt to
reduce the tip gap exit mass flow and heat transfer to the blade tip.
The improvements and limitations of the modified geometries, in
terms of tip gap exit mass flow, total area of the tip affected by the
hot flow, and the total heat flux to the tip, are discussed.

2 Computational Details
The simulations reported in this investigation were performed

using CFX 5.6, which were validated for similar flow situations by

Krishnababu et al. �18�, in their investigation using a linear cas-
cade blade. The Navier–Stokes equations were solved using a
finite-volume method to discretize the equations. A structured
mesh was generated using the commercial mesh generation pro-
gram ICEM-HEXA. The computations were performed using a
single blade �Fig. 1� with periodic boundary conditions imposed
along the boundaries in the pitchwise direction.

The imposed boundary conditions were those obtained from
previous axisymmetric through-flow calculations performed at SI-
EMENS using their standard through-flow design code �27�. The
inlet boundary condition comprised of the spanwise distribution of
the swirl angle, the total pressure, and the total temperature. The
outlet boundary condition was defined by specifying a radial
variation in static pressure at the exit boundary. These flow con-
ditions correspond to a pressure ratio of 1.95. The domain was set
to rotate at 14,100 rpm. The casing was stationary in the absolute
frame of reference, simulating the engine environment. No-slip
isothermal wall conditions were imposed on the blade and the
casing. The temperature of all blade surfaces was specified by
averaging the temperatures on the blade surface, measured previ-
ously at SIEMENS �Tw=78% Toin�.

As seen in Fig. 1, the blade under investigation has a cavity-
type tip geometry. The cavity tip, which is separated into two
regions by a rib, is cooled by flow from a set of coolant and dust
holes.

The grid sensitivity study was performed by using two different
meshes, namely, G1 and G2. A typical mesh is shown in Fig. 2.
The grids were clustered in the tip gap region and toward the

Fig. 1 Computational domain

Fig. 2 Typical mesh used in the computations
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pressure and suction surfaces of the blade. The average Y+ values
on the tip and the total number of cells across the tip gap for the
two meshes considered are given in Table 1.

The computations were performed using the SST k-� turbu-
lence model with automatic wall functions, which shift gradually
between a low Reynolds number formulation and wall functions
based on the grid density. The computations were initially per-
formed without coolant injection by blocking the coolant and the
dust holes. The contours of heat transfer coefficient on the tip
obtained by using the meshes G1 and G2 are shown in Fig. 3�a�.
The differences between the solutions obtained by the two meshes
are seen to be minor. Indeed, the area-averaged heat transfer co-
efficients on tip in the case of the meshes G1 and G2 are
6290 W /m2 K and 6222 W /m2 K, respectively. Hence the solu-
tion obtained using the smaller mesh G1 was considered to be
insensitive to the grid. All further computations were performed
using grid G1.

The distribution of computed heat transfer coefficient along the
midspan of the blade obtained using mesh G1 is shown in Fig.
3�b�. The distribution obtained previously by SIEMENS using
TEXSTAN �28� is also included for comparison. TEXSTAN is a 2D
boundary layer code based on standard k-� turbulence model �29�.
It is seen from Fig. 3�b� that the distribution obtained in the
present computations is in qualitative agreement with that ob-
tained using TEXSTAN. However, differences in the level of heat
transfer coefficient are dramatic in the leading edge stagnation

region due to the different turbulence models used. In this region
the standard k-� model is expected to overpredict the levels of
heat transfer �18�.

3 Investigation of Tip Leakage Flow (Uncooled)
The contours of heat transfer coefficient on the tip along with

the streamlines crossing the tip are shown in Fig. 4. The tip leak-
age vortex, formed by the interaction of the leakage flow with the
mainstream flow, is marked in the figure. The flow pattern reveals
a vortical structure formed inside the cavity. The flow in this vor-
tical structure moves from the leading edge region toward the
trailing edge, from where it exits the tip gap. Blocked by the rib,
part of this vortical structure turns and leaves the tip gap in the
vicinity of the region marked A and becomes a part of the tip
leakage vortex. The remainder of the vortical structure rises and
impinges on the top of the rib �marked E� and then onto the cavity
floor �marked F�. As observed in the case of the low speed blade
by Krishnababu et al. �18�, high heat transfer coefficients exist in
the regions of flow impingement �B–G�. It is interesting to note
that the high heat transfer regions E and F would not exist if the
rib were not present.

4 Tip Leakage Flow With Coolant Flow
In this section the flow and heat transfer characteristics of the

tip leakage flow in the presence of coolant injection are investi-
gated. The coolant and the dust holes were unblocked, and the
mass flows and stagnation temperatures were specified at the inlet
to these holes �Fig. 5�. The flow conditions at the entrance to the
coolant and the dust holes were determined from a previously
performed CFX simulation of flow through the internal coolant
passage alone. In Fig. 5 the mass flows and the relative total
temperatures at the inlet to the holes are expressed as a percentage
of inlet mass flow and the mass averaged inlet relative total tem-
perature, respectively.

In Fig. 6�a�, the streamlines across the tip are superimposed on
the contours of wall heat flux, normalized by maximum magni-

Table 1 Details of the meshes G1 and G2

Mesh

Y+ on tip No. of cells
across the

tip

Total No. of
cells

�million�Average Range

G1 34.3 5–300 25 2.9
G2 22.2 2–146 36 3.3

Fig. 3 „a… Contours of heat transfer coefficient on the tip and
„b… Variation in heat transfer coefficient at midspan

Fig. 4 „a… Contours of h on tip with streamlines superimposed
and „b… contours of h on tip

Fig. 5 Flow conditions at inlet to dust and coolant holes
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tude of the negative wall heat flux, on the tip. For convenience
this ratio is henceforth referred to as heat flux ratio �HFR� and is
given by qwall / �maximum negative qwall�. According to the stan-
dard conventions followed �Fig. 6�b��, negative values of wall
heat flux implies that the heat is transferred from the hot flow to
the blade, and the positive values of wall heat flux implies that the
heat is transferred to the flow �essentially the coolant flow� from
the blade, which means blade cooling. Hence negative values of
HFR refer to the hot regions of the blade, and the positive values
of HFR refer to the cold regions of the blade.

In Fig. 6�a�, the hot mainstream leakage flow and the cold flow
emerging from coolant and dust holes are represented by different
colors for clarity. This figure reveals that the vortical flow, which
was observed in the case of the computation without coolant in-
jection �Fig. 4�, is not formed when coolant ejection is present.
The hot mainstream leakage, which separates from the pressure-
side edge, is blocked by the cold flow emerging from the coolant
and dust holes along most of the tip. However, the hot mainstream
flow is observed to impinge on the cavity floor �marked HB in
Fig. 6�a�� and along the top surface of the suction-side squealer
�marked HC, HD, and HE in Fig. 6�a��.

In Fig. 6�b�, hot spots are found in the vicinity of the leading
edge �marked HA�, on the cavity floor �marked HB�, on the top of
the suction-side squealer �marked HC, HD, and HE�, in the vicin-
ity of the trailing edge �marked HF�, and along the pressure-side
squealer near the leading edge �marked HG�. The hot spots
marked HB–HE and HG are caused by the impingement of hot
leakage flow �see also Fig. 6�a��. The hot spot HF is caused by the
attached flow of hot leakage fluid near the trailing edge. In Fig.
6�b� cold spots are marked as LA–LG. These cold spots are

caused either by the impingement of coolant or by attached flow
ejecting from the coolant and dust holes. It is interesting to ob-
serve that most of the cold flow emerging from the first coolant
hole �Coolant hole 1� leaves the tip gap with poor effectiveness,
and only part of it remains inside the cavity. The significance of
this important observation is discussed in Sec. 5.

The contours of HFR on the aerofoil surfaces of the blade and
tip are shown in Figs. 7�a� and 7�b�. Hot spots �marked A–D in
Fig. 7�a�� are seen on the internal face of the suction-side
squealer. Streamlines of hot leakage flow �see SA in Fig. 6�a��
enter the cavity and flow chordwise toward the trailing edge, ex-
iting the tip near the position marked SA1. The blockage created
by these streamlines diverts the hot leakage flow �marked SB in
Fig. 6�a�� into the cavity, resulting in impingement on the inner
surface of the suction-side squealer. This impingement creates hot
spot D in Fig. 7�a�. Hot spots A, B, and C are also caused by local
direct impingement of the hot leakage flow. The footprint of the
tip leakage vortex is observed on the suction surface of the blade
�Fig. 7�b�� as a region of higher HFR.

Table 2 provides a quantitative summary of the tip leakage
characteristics of the standard blade. These include the leakage
mass flow �including the coolant mass flow� as a percentage of
inlet mass flow; the total area affected by the hot leakage flow,
i.e., the area with negative HFR as a percentage of the total area of
the tip, and the total negative wall heat flux, which is the sum of
the heat flux from the hot fluid to the tip. The results obtained in
the case of the simulation without the coolant flow is also in-

Fig. 6 „a… Contours of HFR on tip with streamlines superim-
posed and „b… contours of HFR on tip

Fig. 7 „a… Contours of HFR on blade with streamlines super-
imposed and „b… contours of HFR on blade showing foot print
of the tip leakage vortex
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cluded in Table 2 for comparison. From this table it is seen that,
compared with the uncooled case, there is nearly 15% increase in
tip exit mass flow. The tip gap inlet mass flow, however, was
found to reduce by about 57%. This indicates that the increase in
tip exit mass flow is solely caused by the injection of fluid through
the coolant and dust holes and the amount of mainstream flow that
escapes through the tip gap without doing any useful work on the
blade have actually reduced as the coolant flow in effect partially
blocks the tip gap, reducing the area available for the flow to pass
through from pressure side to the suction side of the blade. Table
2 also shows that there is a 47.5% decrease in the area affected by
the hot leakage flow, and the total negative heat flux is about four
times less than the uncooled case.

In summary, the observations above identify the impingement
of the hot leakage flow as the main cause of hot spots on the blade
tip. Hence improved blade tip designs should avoid or limit such
impingement. In the following sections attempts are made to re-
duce heat transfer by modifying the tip geometry and the advan-
tages and limitations of such modifications are presented. The tip
geometry investigated in this section, which is currently in use by
the company, is henceforth referred to as the “standard blade”
with which the characteristics of the modifications attempted in
Secs. 5.1–5.3 are compared. The three different modifications at-
tempted are referred to as Case 1, Case 2, and Case 3.

5 Modified Geometries

5.1 Case 1. In the case of the standard blade it was observed
�Fig. 6�a�� that most of the cold flow ejecting from the first cool-
ant hole �Coolant hole 1� left the tip gap with only a part of it
staying inside the cavity and acting effectively. This could be
caused by the blockage created by the presence of the rib. The
removal of this rib might allow more of the cold fluid to flow
downstream toward the trailing edge and hence enhance the cool-
ing performance. Thus the rib was removed and a computation
was performed with the same boundary conditions as with the
case of the standard blade.

The contours of HFR on the blade tip and the streamlines
across the tip are shown in Figs. 8�a� and 8�b�. The hot spots
�HA–HG� and cold spots �LA–LG� on the blade are marked in
Fig. 8�a�. As observed in the case of the standard blade, these cold
spots are caused by the impingement or by the attached flow �see
Fig. 8�b�� of the cold fluid emerging from the coolant or dust
holes, and the hot spots are caused by the impingement or reat-
tachment of the hot leakage fluid. From Fig. 8�b� it is seen that,
compared with the case of standard blade �Fig. 6�a��, there is no
noticeable increase in the amount of cold fluid �from Coolant hole
1� flowing downstream of the coolant hole. However, the stream-
lines of hot leakage flow �marked SA in Fig. 6�a��, which entered
the cavity in the case of the standard blade are now diverted by
the emerging coolant, thus preventing the entrainment of the kind
marked SB in Fig. 6�a�. As a consequence, hot spot D �which
occurred in the case of standard blade, see Fig. 7�a�� has been
eliminated. Also there is an increase in the amount of cold fluid
from Dust hole 2 �red streamlines� being dragged toward the pres-
sure side by the fluid emerging from Coolant hole 1; this increases
the extent of the cold region marked LG and may be visualized by
the increase in the number of red streamlines being influenced by
the blue streamlines �ejecting from Coolant hole 1�. Comparing
Figs. 6�b�, 6�f�, 6�i�, 6�g�, and 8�a�, it is seen that the distribution

of HFR on the tip essentially remains the same, except for an
increase in the extent of both cold spots LD and LG and a de-
crease in the extent of hot spot HE.

The tip gap exit mass flow, the area affected as a percentage of
the total area of the tip, and the total negative wall heat flux on tip
for Case 1 are shown in Table 3. A direct comparison can be made
with the standard blade, which is summarized in Table 2: The tip
gap exit mass flow remains the same, and there is only a marginal
�3%� decrease in the heat flux to the tip; however, there is a
considerable �20%� decrease in the area affected by the hot flow.
This decrease in area is due to the decrease in extent of hot spot
HE and an increase in the extent of the cold spots LD and LG. In
conclusion, the removal of the rib proves to be advantageous from
a heat transfer perspective.

5.2 Case 2. For both the standard blade and for the Case 1
blade �Figs. 6�b� and 8�a��, the leading edge region was an area
adversely affected by the hot flow. This region accounts for a
major contribution of the total heat flux to the tip due to the hot
attached flow �see HA in Fig. 6�a�� and impingement �see HB in
Fig. 6�a��. Directing the coolant emerging from Dust hole 1 to-
ward the leading edge might improve this undesirable circum-

Table 2 Tip leakage characteristics of the standard blade

Quantity Cooled Uncooled

Tip exit mass flow �% inlet mass flow� 2.85 2.48
Area affected �% of total tip area� 52.5 100
Total negative wall heat flux ��109 W /m2� 6.9 27.1

Fig. 8 „a… Contours of HFR on tip and „b… contours of HFR on
tip with streamlines superimposed: Case 1

Table 3 Tip leakage characteristics of the Case 1 blade

Tip gap exit mass flow �% of inlet mass flow� 2.85
Area affected �% of total tip area� 42.1 ��20%�a

Total negative wall heat flux ��109 W /m2� 6.6 ��3%�a

aChange in comparison to the standard blade.
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stance. Within the limits and constraints governed by the internal
coolant passage, Dust hole 1 was moved to a position closer to the
leading edge �see Fig. 9�. This hole is henceforth referred to as
Dust hole 1A. An additional dust hole, referred to as Dust hole
1B, was also created. Dust hole 2 was also blocked and replaced
by two dust holes, namely, Dust holes 2A and 2B. It is expected
that the Dust holes 2A and 2B would eliminate the hot spots HD
and HE that were present in Case 1 �see Figs. 8�a� and 8�b��.
Furthermore, these dust holes were inclined in an attempt to direct
the cold flow ejecting from them toward the hotspots. Dust hole
1A was inclined toward the leading edge, and Dust hole 1B was
inclined toward the hot spot HG. The inclination of the holes was
accomplished without significantly disturbing the internal coolant
passage and within the manufacturing constraints specified by SI-
EMENS. These constraints allowed an inclination angle of 45 deg
from the radial axis toward the leading edge in case of Dust hole
1A and an inclination angle of 60 deg toward the hot spot HG for
Dust hole 1B. Corresponding modifications were hence made to
the internal coolant passage. A CFX computation of flow through
the internal coolant passage with these four dust holes were per-
formed to obtain the boundary conditions to be used. The total
coolant mass flow is same is that of the previous cases. The results
of the computation subsequently performed are presented here.

The contours of HFR on the blade tip and the streamlines
across the tip are shown in Figs. 10�a� and 10�b�. The hot spots
�HA–HG� and cold spots �LA–LJ� are marked in Fig. 10�a�. As
observed in the previous cases, these cold or hot spots are caused
either by the impingement or by attached flow of the cold fluid
ejecting from the coolant or dust holes or correspondingly from
the hot leakage fluid. The computed distribution can be compared
with that for the standard blade �Fig. 6�b��. The noticeable differ-
ences are a considerable increase in the extent of hot spot HG
�resulting in a merger with HA�, a decrease in the extent of the hot
spot HD, and elimination of hot spot HE. The increase in the size
of hot spot HG is due to the impingement �marked I1 and I2 in
Fig. 10�b�� of hot leakage flow in this region. In addition to the
cold spots observed for the standard blade, cold spots marked
LA1, LH, LI, and LJ are now present. LI and LJ are caused by the
impingement of cold fluid from the dust hole in these regions.
Figure 10�b� shows that a considerable amount of the cold fluid
ejected from the Dust hole 1B surprisingly exits the tip gap on the
pressure side and is washed away by the mainstream flow without
providing any useful protection to the tip.

The contours of HFR on the blade tip, viewed from the pressure
and suction side, respectively, are shown in Figs. 11�a� and 11�b�.
Figure 11�a� can be compared with Fig. 7�a� �Standard blade�.
The extent of hot spot A has increased and hot spot B, observed
previously, has now disappeared. The increased extent of A is due
to the impingement of hot leakage flow in this region. Figure
11�b� reveals two cold spots �marked IA and IB� near the
pressure-side leading edge. These cold spots replaced an area of
high heat transfer in Case 1 �the equivalent view of Fig. 11�b� for
Case 1 is not shown�.

Tip gap exit mass flow, the area affected by the hot flow as a

percentage of the total area of the tip, and the total negative wall
heat flux to the tip for Case 2 are shown in Table 4. A direct
comparison can be made with the standard blade, which is sum-
marized in Table 2: There is only a marginal change in the tip gap
exit mass flow �about 1%� and the total heat flux to the tip; how-
ever, there is a considerable �36%� decrease in the area affected by
the hot flow. This marginal change in tip gap exit mass flow is
caused by a small change �1.5%� in tip gap inlet mass flow, com-
pared with that of Case 1. The decrease in area affected by the hot
flow is due to the reduction in hot spot HD, the elimination of the
hot spots HE, B, and D �the latter two on the face of the suction-
side squealer on the standard blade�, and the creation of cold spots
IA and IB on the face of the pressure-side squealer. It should be
noted that the increase in the intensity of hot spot HG contributes
only to an increase in the magnitude of heat flux to the tip and not
to the area of the affected by hot flow.

Compared with the Case 1 there is an increase in the total heat
flux to the tip by about 8% due mainly to the increase in the
intensity of hot region HG, making the Case 2 modification mar-
ginally inferior. However, if the cold fluid emerging from Dust
hole 1B could be prevented from exiting the tip gap �on the pres-
sure side� and instead be made to impinge onto the squealer, this
hot spot, which makes the major contribution to the increase in the
total heat flux to the tip, might be eliminated. This might be
achieved by changing the angle of inclination, though this modi-
fication was not attempted due to time limitations.

5.3 Case 3. The modification for this case was essentially the
creation of a suction-side squealer. This geometry used the cavity

Fig. 9 Schematic of Case 2 tip „derived from Case 1 tip…

Fig. 10 „a… Contours of HFR on tip and „b… contours of HFR on
tip with streamlines superimposed: Case 2
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geometry �Case 2� and removed a major part of the pressure-side
squealer �see Fig. 12�. The dust holes were realigned to the nor-
mal. The objective here was to compare the aerothermal perfor-
mance of the suction-side squealer tip with the cavity tip in the
engine environment.

The streamlines across the tip are shown in Fig. 13�a�. A vor-
tical flow is formed from the leading edge of the squealer, which
turns and impinges on the top of the squealer �marked IA� and
then leaves the tip gap. The flow exiting the tip gap shears with
the mainstream flow and forms the tip leakage vortex. Near the
leading edge, the hot leakage flow, which separates from pressure-
side edge, is blocked by the presence of the cold flow ejecting
from Dust holes 1A and 1B. Part of this flow impinges onto the tip

in the vicinity of the dust holes �marked IB� and onto the squealer
�marked IC� before exiting the tip gap. The hot leakage flow,
which enters the tip gap near Coolant hole 1 is blocked by the
emerging cold fluid and hence is diverted toward the trailing edge,
staying close to the pressure-side edge. A part of this flow im-
pinges at ID and then exits the tip gap on the pressure side,
washed away by the hot mainstream flow. Another part of this
flow turns and impinges onto the squealer �marked IE� before
leaving the tip gap. In general, the cold fluid ejecting from the
coolant and the dust holes impinge onto the squealer and leave the
tip gap. The coolant from Dust hole 2B, however, is carried away
by the hot leakage flow toward the pressure side �see A in Fig.
13�a��.

The contours of HFR on the blade tip are shown in Fig. 13�b�
with the hot regions �HA–HH� and cold regions �LA–LG�
marked. As in the previous cases these cold or hot regions are
caused either by the impingement or by the attached flow of cold
fluid ejected from the coolant or the dust holes or hot.

The tip gap exit mass flow, the area affected by the hot flow as

Fig. 11 Contours of HFR on blade „a… view from PS and „b…
view from SS: Case 2

Table 4 Tip leakage characteristics of the Case 2 blade

Tip gap exit mass flow �% of inlet mass flow� 2.88
Area affected �% of total tip area� 33.2 ��36%�a

Total negative wall heat flux ��109 W /m2� 7.2 �+4%�a

aChange in comparison to the standard blade.

Fig. 12 Suction-side squealer tip „Case 3…

Fig. 13 „a… Contours of HFR on tip with streamlines superim-
posed and „b… contours of HFR on tip: Case 3
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a percentage of the total area of the tip, and total negative wall
heat flux for Case 3 are shown in Table 5. Compared with the
standard blade �Table 2�, the tip gap exit mass flow has increased
by 12%. A similarly poor performance of a suction-side squealer
was observed in a previous investigation using a low speed cas-
cade blade �18�. The area affected by the hot flow has increased
by 21%, and there is an 87% increase in the total heat flux to the
tip. It is interesting to note that the suction-side squealer tip was
observed to provide nearly a 40% decrease in tip heat transfer in
the previous investigation �18�. The difference between these
cases �and others such as Refs. �15,16�� is due to the differences in
the flow patterns caused by the cold flow ejected from the coolant
and the dust holes.

6 Comparison of the Geometries
The aerothermal performance �in terms of the tip gap exit mass

flow, area affected by the hot flow, and total heat flux to the tip� of
all modified geometries are compared with those of standard blade
in Table 6. There is only a slight change in tip gap exit mass flow
for Case 1 and Case 2. However, in the case of the suction-side
squealer tip �Case 3�, the leakage mass flow increases by 12%
thus making it inferior to the other geometries considered.

From the heat transfer perspective, Case 2 is seen to be better in
terms of the area affected by the hot flow. However, Case 1 is
superior in terms of the total heat flux to the wall, which is the
more important criterion. The heat flux for Case 1 is 3% less than
for the standard blade and 8% less than for the Case 2 geometry.
This reduction in net heat flux is achieved while maintaining the
same leakage mass flow across the tip. However, as noted earlier,
the Case 2 geometry would be more effective if the cold fluid
ejected from Dust hole 1B were to be redirected. The total heat
flux for the suction-side squealer tip �Case 3� has increased sig-
nificantly, indicating a poor design modifications.

7 Conclusions
The flow and heat transfer characteristics of an industrial tur-

bine rotor tip have been investigated. The simulations were per-
formed using CFX 5.6 with the SST k-� turbulence model. Initial
predictions were validated using computations previously per-
formed at SIEMENS using standard codes in the absence of cool-
ant ejection.

The comparison of calculations performed with and without
coolant ejection has shown that the coolant flow in effect partially
blocks the tip gap reducing the area available for the flow to leak
from pressure side to the suction side of the blade, resulting in the
reduction in amount of mainstream flow leaking through the tip

gap. The tip gap exit mass flow, however, increased by 15%. The
coolant flow was identified as the sole contributor to the increase
in tip gap exit mass flow.

Three different modifications �referred to as Cases 1–3� were
made to a standard blade tip in an attempt to reduce the tip leak-
age mass flow and heat transfer. The improvements in aerothermal
performance and limitations of the modified geometries have been
presented. The main feature of the Case 1 geometry was the re-
moval of a rib, and this modification was found to effectively
reduce both the total area affected by the hot leakage flow and the
total heat flux to the tip while maintaining the same leakage mass
flow as the standard blade. Case 2 featured a rearrangement of the
dust holes in the tip, which, in terms of aerothermal dynamics,
proved to be marginally inferior to Case 1. Case 3, which essen-
tially created a suction-side squealer geometry, was found to be
inferior even to the standard cavity-tip blade. It was also revealed
that the hot spots, which occur in the leading edge region of the
standard tip, and all modifications contributed significantly to the
area affected by the hot tip leakage flow and the total heat flux to
the tip.
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Nomenclature
G1, G2 � mesh used for computations

h � heat transfer coefficient=qw / �Toin−Tw�
HFR � qwall / �maximum negative qwall�

k � turbulent kinetic energy
Poin � total pressure at inlet
pexit � exit static pressure

qw � heat flux from air to wall
Toin � inlet total temperature
Tw � wall temperature
� � turbulence frequency
� � rate of dissipation of k
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Numerical Investigation on the
Self-Induced Unsteadiness in Tip
Leakage Flow for a Transonic Fan
Rotor
A numerical investigation on the self-induced unsteadiness in tip leakage flow is pre-
sented for a transonic fan rotor. NASA Rotor 67 is chosen as the computational model. It
is found that under certain conditions the self-induced unsteadiness can be originated
from the interaction of two important driving “forces:” the incoming main flow and the
tip leakage flow. Among all the simulated cases, the self-induced unsteadiness exists when
the size of the tip clearance is equal to or larger than the design tip clearance. The
originating mechanism of the unsteadiness is clarified through time-dependent internal
flow patterns in the rotor tip region. It is demonstrated that when strong enough, the tip
leakage flow impinges the pressure side of neighboring blade and alters the blade loading
significantly. The blade loading in turn changes the strength of the tip leakage flow and
results in a flow oscillation with a typical signature frequency. This periodic process is
further illustrated by the time-space relation between the driving forces. A correlation
based on the momentum ratio of tip leakage flow over the incoming main flow at the tip
region is used as an indicator for the onset of the self-induced unsteadiness in tip leakage
flow. It is discussed that the interaction between shock wave and tip leakage vortex does
not initiate the self-induced unsteadiness, but might be the cause of other types of un-
steadiness, such as broad-banded turbulence unsteadiness. �DOI: 10.1115/1.3145103�

1 Introduction
Unsteady flows in the tip region are one of the sources of noise,

blade vibration, and flow losses in compressors �1�. In some cases,
unsteady tip leakage flow was demonstrated to potentially link to
stall inception �2,3�. Although the tip leakage flow has been under
extensive studies for many years, its unsteadiness is a recent focus
in axial compressor research community �2–11�. Three types of
unsteadiness have been reported, which are given as follows.

• Induced vortex. In 1999, Mailach �4� reported a phenom-
enon with oscillatory tip leakage vortex rotating from blade
to blade while the compressor still operated in a near stall
but stable operating point. This phenomenon is referred to as
“rotating instability.” A series of papers were then published
by Mailach thereafter in regards to rotating instability. In
2001, Marz et al. �5� performed a detailed unsteady casing
pressure measurement and a time-accurate numerical simu-
lation for the full annulus of a low-speed axial compressor.
The mechanism of rotating instability was attributed to an
induced vortex when it travels from suction side to pressure
side at roughly half of the rotor speed. Bergner et al. �6� and
Hah et al. �7� experimentally and numerically investigated a
high-speed transonic compressor stage, respectively. The os-
cillation in tip leakage flow was also found. This oscillation
was attributed to an induced vortex and the shock-vortex
interaction.

• Vortex breakdown. Furakawa et al. recognized the role of tip
leakage vortex breakdown in compressor aerodynamics �8�
and further indicated that the breakdown could be one of the
sources of unsteadiness in tip leakage flow �9�. The work

was extended to a transonic compressor by Yamada et al.
�10�.

• Self-induced unsteadiness. Zhang et al. �11� found a new
type of unsteadiness. The tip leakage flow could become
unsteady at high loading operating conditions without in-
volving multiblades in a low-speed compressor rotor. Be-
cause this type of the unsteadiness is a result of interaction
of incoming main flow and tip leakage flow, we call it self-
induced unsteadiness. Tong et al. �3� experimentally demon-
strated its existence. They also found that spike was initiated
at the circumferential location with the strongest
unsteadiness.

This paper will extend the study of self-induced unsteadiness to
a high-speed compressor. The research questions are the follow-
ing.

�1� Does the self-induced unsteadiness exist in high-speed ro-
tors? If yes, what are the phenomena?

�2� What is the originating mechanism of the self-induced un-
steadiness in high-speed rotors?

This paper is organized as follows. After a brief introduction of
NASA Rotor 67 and the computational fluid dynamics �CFD�
scheme, the results of CFD are validated with the available ex-
perimental results. Having evidenced the location and frequency
of the unsteadiness of tip leakage flow, we carefully examine the
instantaneous flow fields and clarify the mechanism of the self-
induced unsteady tip leakage flow for this rotor. The proposed
mechanism is also supported by studying the influence of tip
clearance sizes while keeping the incoming main flow unchanged.
The results show that the self-induced unsteadiness in tip leakage
flow in this high-speed rotor is due to the dynamic interaction of
the same two driving “forces” as those in low-speed compressor
�11,12�. A correlation based on the momentum ratio of these two
driving forces, the tip leakage flow over the incoming main flow
at the tip region, is worked out and used as an indicator for the
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onset of the self-induced unsteadiness. Before concluding the pa-
per, the role of shock wave in regards to the unsteadiness of tip
leakage flow and the link of this flow unsteadiness to stall incep-
tion are discussed.

2 Rotor 67 and the Numerical Scheme

2.1 Basic Parameters of the Transonic Fan Rotor. NASA
Rotor 67, the first stage rotor of a two-stage fan, is a low-aspect-
ratio design, which is designed for axial inflow without an inlet
guide vane. It had been selected as a computed target to investi-
gate the strong interaction between the tip leakage vortex and the
in-passage shock wave by Adamczyk �13�. In this paper, Rotor 67
is used for unsteady investigation of tip leakage flow. The speci-
fications and measurement data of Rotor 67 can be found in Ref.
�14�.

2.2 Numerical Tool and Computation Scheme. Unsteady
flow simulations were performed by solving unsteady three-
dimensional, Reynolds-averaged Navier–Stokes equations. A
commercial solver package, FLUENT, was utilized for the present
work. The solver is a three-dimensional, time-accurate code with
implicit second-order scheme. The standard �-� turbulence model
and standard wall function were used to account for the turbulence
flow. Standard and realizable �-� turbulence model were com-
pared with improving precision of computation. The comparison
between numerical and experimental results demonstrated that the
prediction by applying standard �-� turbulence model is better.
Several numerical researches using this unsteady flow solver have
been conducted for low-speed and high-speed compressor rotors
�11,12,15�, and the computation results matched with experiments
well.

It has been shown that in low-speed compressors, the self-
induced unsteady tip leakage flow can be simulated using single
blade passage computation model �12�. In other words, this kind
of unsteadiness can be triggered without invoking cross-blade pas-
sage flows, such as leading spillage of tip leakage vortex, reversed
flow, and so on. In order to verify this observation in high-speed
rotors, self-induced unsteadiness in multipassage environment
�five blade passages or 5/22 of the Rotor 67 annulus� is also in-
vestigated. The results at the design tip clearance are shown in the
Appendix, which clearly demonstrates that the characteristics for
all the blade passages are identical while the self-induced un-
steadiness is captured. Hence, the computation model in this paper
is chosen as a single blade passage model. The computation do-
main with inlet and outlet axial coordinates is shown in Fig. 1.
Total pressure, total temperature, and flow angles were given uni-
formly at the inlet boundary. Static pressure was specified with
simple radial equilibrium law at outlet. Nonslip and adiabatic con-
ditions were imposed on all solid walls.

Figure 2 presents the rotor geometry and grid distribution. The
grid resolution for a single blade passage is a structured H-mesh
with 160 nodes �80 nodes on the blade� streamwise, 54 nodes

pitchwise, and 70 nodes in the spanwise direction. 8, 10, and 16
nodes are applied in the tip clearances of 0.25%, 1.1%, and 2.2%
blade tip chords, respectively.

2.3 Validation of Simulation. In order to validate numerical
simulation in the present work, the results of simulation are com-
pared with experimental results. The comparison of adiabatic ef-
ficiency is depicted in Fig. 3, while that of the total pressure ratio
characteristic is presented in Fig. 5. Points I and II are the oper-
ating conditions near peak efficiency and near stall, respectively.
The numerical results follow the same trend as the experiments,
although the discrepancy slightly increases at small normalized
mass flow rates. Our discrepancy is of the same order as the
discrepancy in other studies. Figure 4 showed the blade-to-blade
plots of relative Mach number contours at 90% span from hub for
two operating conditions. The Mach number contours, in which
the location of the shock waves is clearly displayed, match rea-
sonably well with each other.

Grid independence had also been tested. Although we obtained
0.9% improvement in total pressure ratio prediction, there was no
qualitative difference by doubling current numbers of grid cells.
Since we will focus on the qualitative unsteady features in the rest
of this paper, we decide to use current numbers of grid cells
�160�54�70� for unsteady simulation for the benefit of shorter
simulation time.

3 Results

3.1 The Locations and Frequency of Unsteady TLF. Nu-
merical simulations were carried out for three different tip clear-
ance sizes. Figure 5 depicts the characteristics for each tip clear-
ance. The simulations for this isolated rotor were run at the design
rotational speed with various back pressures. All mass flow rates
were normalized by the value at choke. Several points are labeled

Fig. 1 Measurement location and computation region

Fig. 2 Computational geometry and grid distribution for Rotor
67

Fig. 3 Computed and measured adiabatic efficiency charac-
teristic for design tip clearance. „a… Operating condition near
peak efficiency „Point I…. „b… Operating condition near stall
„Point II….
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in Fig. 5 for later convenience, among which letters S, U, N, and
T are used to represent steady, unsteady, next-to-near-stall, and
near-stall operating points, respectively. Subscripts 1, 2, and 3 are
for 0.25%, 1.1%, and 2.2% tip chord of tip clearances, respec-
tively. Note that near-stall points are those with highest back pres-
sure before the iterative process diverges. For the design value of
1.1% tip chord, the only unsteady tip leakage flow case happens at
the near-stall point. For 0.25% tip chord, unsteady computational
results demonstrate that there is no unsteadiness of tip leakage
flow. For 2.2% tip chord, unsteadiness is found long before the
near-stall point. The first such point is then labeled as U3 in Fig. 5.

Figure 6 depicts the static pressure root-mean-square �rms� dis-

tribution for Rotor 67 at operating point T2. LE, TE, PS, and SS
are abbreviations for leading edge, trailing edge, pressure surface,
and suction surface, respectively. The high static pressure rms
regions are concentrated on the tip region, and the rms of static
pressure at the pressure side is of an order higher than that at the
suction side. This result demonstrates that the unsteadiness under
investigation is a tip-sensitive phenomenon.

A total of 24 monitoring points are located along the blade
surface at 99% span, half of which are set on the pressure side,
and half on the suction side. The fast Fourier transform results
for the pressure at the points on the pressure side are given
in Fig. 7. The magnitude of oscillation on the suction side of blade

Fig. 4 Comparison of computed and measured relative Mach number at
90% span from hub for design tip clearance

Fig. 5 Computed total pressure ratio characteristic for three
tip clearance sizes Fig. 6 Static pressure rms distribution for Rotor 67 at T2
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is too weak to display. The oscillation frequency is 0.5856 blade
passing frequency �BPF� for all points, which is fairly close to
the results of a low-speed rotor in Ref. �12� and a transonic rotor
�Rotor 37� in Ref. �15�. The pressure at 7% tip chord from leading

edge fluctuates stronger than any other point.

3.2 The Instantaneous Flow Fields and the Flow
Mechanism. The instantaneous flow fields in the rotor tip region
are closely examined in order to clarify the originating mechanism
of the self-induced unsteadiness. Three types of graphs and curves
are used, each of which contains its own information. The con-
tours of static pressure coefficient �Cp� are a classic way used by
many researchers to depict the tip leakage vortex trajectory and
the shock wave in the flow field. The contour plots of relative total
pressure coefficient �Crtp� reveal the influences of low-energy
flows because the difference in Crtp along the axial direction is
related to the shaft work added onto the flow. The curves of static
pressure coefficient distribution along the pressure side are given
to clearly display the propagation of low-pressure spot.

Figure 8 lists all three types of graphs and curves side by side
for six time instants within one period of fluctuation for the design
tip clearance of 1.1% tip chord at near-stall operating condition
�Point T2 in Fig. 5�. All of them are taken from the cross section
at 99% span �right at the tip of the blade�. Note that we have
mentioned that the frequency of this unsteadiness is 0.5856 BPF,
which corresponds to a period of 1.7 T. Therefore, the last instant,
t= �50 /30�T=1.67 T, is quite close to the first instant.

Before further describing the flow structure in Fig. 8, it is nec-
essary to introduce the interface between the incoming main flow
and the tip leakage flow. This interface can be easily identified
from the relative total pressure plots �Fig. 8�b��. Before the inter-

Fig. 7 Frequency and amplitude characteristics in the rotor tip
region at 99% span

Fig. 8 Instant plots taken from 99% span at T2 operating condition. „a… Static pressure coefficient. „b… Relative
total pressure coefficient. „c… Pressure coefficient distribution on blade pressure surface.
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face, it belongs to the incoming flow; after the interface, it is
dominated by the tip leakage flow �there may exist some main
flows leaking through the boundary layer of the suction side, but
they are too weak compared with the tip leakage flow in this
region�. Since the tip leakage flow does not take any shaft work as
energy input �that is why they are called “leakage flow”�, their
relative total pressure values are low. Therefore, the region influ-
enced by the tip leakage flow can be easily identified in the rela-
tive total pressure plot �bounded by the interface lines in Fig.
8�b��. Streamlines from incoming main flow are added onto the
plots in Fig. 8�b�, so that one can simultaneously see how incom-
ing flow and the tip leakage flow behave.

The identified interface is then added on the static pressure
contours in Fig. 8�a� with its one end truncated so that the pres-
sure field near the pressure surface can be seen clearly without
interference. The interface is not the trajectory of the vortex, but it
follows the tip leakage vortex and extends toward the pressure
side of the neighboring blade. If this interface cannot stretch all
the way across the blade passage, the incoming main flow can still
go through the blade passage and establish a complete circulation
around the tip region of the blade. The pressure difference across
both sides of the blade is not disturbed, which in turn maintains a
steady tip leakage flow. The whole flow field is thus steady.

Once the interface is able to go across the blade passage and
reach the pressure side, one of the two possible scenarios may
occur. One is that the tip leakage flow is too weak to create a large
region of influence. The other is just the opposite: The tip leakage
flow behind the interface is strong enough to influence the pres-
sure distribution on the pressure side significantly. For the first
scenario, the tip leakage flow is still steady because the incoming
main flow dominates. The examples of this scenario can be seen
in Figs. 12�a�, 12�b�, and 13�a� later in this paper. For the second
scenario, however, the dynamic interaction between the incoming
main flow and the tip leakage flow changes significantly. Figure 8
depicts the second scenario.

Unless otherwise noted, the region of influence by the tip leak-
age flow can be identified as a low relative total pressure region in
Fig. 8�b�. Due to the facts that the interface goes across the blade
passage and that the tip leakage flow behind it is strong, the in-
coming main flow is blocked by the interface and is directed to-
ward the pressure side of the blade �as seen in Fig. 8�b��. The
main flow then creates a stagnating high-pressure spot near the
leading edge on the pressure side before the interface, followed by
the low-pressure spot behind the interface. The low-pressure spot
is actually a part of the region of influence by the tip leakage flow,
labeled as circle A1 in Fig. 8�c�. The high-pressure spot pushes the
adjacent low-pressure spot downstream �marked by the arrow
line� and initiates the unsteadiness. For convenience, the time-
dependent process of the low-energy tip leakage flow along the
blade pressure surface �B1� and across the blade passage �B2�,
and the corresponding pressure variation process on the pressure
surface �A1�, as shown in Fig. 8, is summarized schematically in
Fig. 9.

There are two time axes in Fig. 9. The one along the blade
chord represents the time instants at which the low-energy spot
�B1� and low-pressure spot �A1� propagate along the blade pres-
sure side. The process of the low-energy tip leakage flow �B2�
traveling across the blade passage is timed accordingly at the ver-
tical axis. It can be seen that within the same time period, there
are two streams of low-energy spots �B1 and B2� and one stream
of low-pressure spots �A1�. Each low-energy spot on the pressure
side �B1� matches with the low-pressure spot �A1� nicely at the
same chord location at the same time instant, inferring both are
under the influence from the tip leakage flow. Through observing
Fig. 9, there are two mechanisms in forming the time-dependent
process of the tip leakage flow that need further elaboration. �1�
As mentioned above, due to the effect of incoming main flow, the
high-pressure spot stretches and pushes the low-pressure spot
downstream along the pressure surface. So how will this alter the

blade loading and thus create a reaction on the tip leakage flow?
�2� How are the two streams of low-energy spots linked with each
other and how will the periodicity of tip leakage flow unsteadiness
take its place? Figures 10 and 11 in the next two paragraphs will
illustrate these two mechanisms.

Figure 10 is a contour plot of time-accurate velocity perturba-
tion of tip leakage flow, which is the difference between the tip
leakage flow velocity at each instant during the entire oscillating
period and the averaged tip leakage flow velocity over the same
period. The philosophy behind this plot is that the low-pressure
spot �A1� at the pressure surface can only create pressure pertur-
bation on top of the background pressure, and thus its influence
can be clearly seen in velocity perturbation in tip leakage flow.
The six dotted lines on the plot indicate the six time instants of
Fig. 8. In order to demonstrate the influence of the pressure per-
turbation �A1�, as well as the low-energy spot �B1� on the tip
leakage flow, the locations of A1 at the time instants are read from
Fig. 8�c� and added onto Fig. 10 using black circles. The local
minima of velocity perturbation of the tip leakage flow are marked

Fig. 9 Schematic of the unsteady process of self-induced tip
leakage flow

Fig. 10 Contour plot of velocity perturbation of tip leakage
flow
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as triangles. One can see that as the A1 �and B1� propagates
downstream along the pressure surface, it reduces the velocity of
tip leakage flow accordingly �but with a time lag as illustrated by
the short dotted arrow lines�, demonstrating the reaction of blade
loading to the tip leakage flow.

The tip leakage flow impinges with the incoming main flow,
and thus creates a stream of low-energy spots �B2� that travel
across the blade passage. This process can be seen in Fig. 8�b� and
further illustrated in Fig. 11. Figure 11 takes the snapshot of Fig.
8�a� at the time instant of 20/30 T, together with instantaneous
velocity vectors of tip leakage flow �marked by the arrows along
the blade chord�. It can be seen that once the low-pressure spot
moves away from the leading edge, the high blade loading due to
the high pressure in the first 20% of the chord �copied from Fig.
8�a� and marked here as H in the ovals� creates strong tip leakage
flow. As illustrated, the low-energy spot �B2� is a result of this
strong tip leakage flow interacting with the incoming main flow.
The similar interaction repeats at other time instants. Therefore, as
shown in Fig. 8 and illustrated in Fig. 9, while the low-pressure
spot A1 moves downstream, B2 moves across the blade passage
and creates the second stream of the low-energy spots. Once the
second stream of low-energy spots �B2� arrives at the pressure
surface, the first stream A1 smears with the high-pressure back-

ground. The B2 turns itself to B1 seamlessly and a new period of
oscillation thus starts. This process is qualitatively the same as
what happened in the low-speed compressor in Ref. �12�.

From the above description of the unsteady process, one can
see that the onset of self-induced unsteadiness depends on
whether the low-energy tip leakage flow is strong enough to alter
the pressure distribution on the neighboring pressure surface sig-
nificantly. However, this is closely related to the incoming main
flow. If the incoming flow is reduced, the blade loading at the tip
region increases, which in turn creates stronger tip leakage flow
and thus the unsteadiness is more likely to happen. In other words,
the incoming main flow generates the blade loading, which drives
the tip leakage flow that then counteracts on the blade loading if
its influence is stronger enough. In short, the dynamic interaction
between the tip leakage flow and the incoming flow plays a deci-
sive role in the onset of self-induced unsteadiness.

3.3 The Influence of Tip Clearance Sizes. In order to further
verify the proposed mechanism that the initiation of the self-
induced unsteady tip leakage flow is indeed attributed to the dy-
namic interaction between two driving forces, the incoming main
flow and the tip leakage flow, we test it by varying one of the
“forces” while keeping the other unchanged. This is done by com-
paring the results from different tip clearance sizes at the same
incoming flow rate. The relative total pressure coefficient distri-
bution with the same mass flow rate �0.99mchoke� for tip clear-
ances of 0.25%, 1.1%, and 2.2% tip blade chords, corresponding
with S1, S2, and U3 �unsteady� points in Fig. 5, is shown in Fig.
12. Since larger tip clearance size produces stronger tip leakage
flow, with 2.2% tip chord the region of influence by the tip leak-
age flow not only reaches the pressure side of the neighboring
blade, but also penetrates further down along the span of the
blade. It is therefore not surprised that only the case with 2.2% tip
chord exhibits the unsteadiness at this mass flow rate, while the
other two cases are steady.

3.4 Correlation of Onset Conditions. As indicated in Fig. 5,
there is a threshold value of mass flow rate for the onset of tip
leakage flow unsteadiness for tip clearances of 1.1% and 2.2% of
tip chord. Figure 13 provides relative total pressure coefficient
distributions at the blade tip right before and after the threshold
values for tip clearances of 2.2% tip chord. It can be seen that
from steady to unsteady, both the location of the interface between
the incoming flow and TLF and the region of influence by TLF
vary gradually. This actually is good news from flow control point
of view, because it means no hysteresis associated with this
change in flow dynamics.

We now propose a means to correlate the onset conditions for
the self-induced unsteady tip leakage flow. Since the interface
between incoming main flow and tip leakage flow is a conse-
quence of the impact of these two flows in the tip clearance re-

Fig. 11 Schematic of formation of B2 at 20/30 T with an addi-
tion of instantaneous velocity of tip leakage flow

Fig. 12 Relative total pressure coefficient distribution for operating conditions S1, S2, and U3. „a… 3D, steady
„S1…; „b… 3D, steady „S2…; and „c… 3D, unsteady „U3….
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gion, we will use the ratio of two momenta as one of the param-
eters for our correlation. The ratio of MTp to MIs is

R =
MTp

MIs
=

MTt cos � − MTa sin �

MIa cos � + MIt sin �

where subscripts I, T, s, p, t, a, and r are used to represent incom-
ing flow, tip leakage flow, streamwise direction, perpendicular to
streamwise direction, tangential direction, axial direction, and ra-
dial direction. The other parameter is the dimensionless tip clear-
ance, which is the ratio of tip clearance to the blade height. The
available CFD data of two different rotors, NASA Rotor 67 and
NASA Rotor 37, are considered. The data for Rotor 37 are taken
from Ref. �15�. Figure 14 shows the correlation between the di-
mensionless tip clearance size and the momentum ratio for onset
conditions of unsteady tip leakage flow. The limit curve in this
figure can qualitatively predict the occurrence of unsteady TLF.
The operating points located at the upper side of the curve are
unsteady cases, and those in the lower side of the curve are steady.
This figure also indicates that as the tip clearance size increases,
the critical momentum ratio decreases. In other words, self-
induced unsteadiness with a larger tip clearance size appears ear-
lier as the mass flow rate is throttled.

4 Discussions

4.1 The Role of Shock Wave. Carefully examining Fig. 8�a�,
one can notice that the location of the shock on the suction surface
hardly oscillates during the entire period of unsteadiness. Figure
15 depicts the distribution of pressure coefficient on the suction
surface for all six time instants used in Fig. 8�a�. Both the location
and the strength of this shock only slightly vary with time. This
brings an interesting question on the role of shock wave in the

self-induced unsteadiness of tip leakage flow.
To further investigate the role of shock wave, the rms distribu-

tion across the blade passage is examined. In Fig. 16, the highest
unsteadiness is located at A and B, which are the initial position of
the tip leakage vortex and the trajectory of the tip leakage vortex,
respectively. C is the region for fluctuation of the detached shock
wave in front of the leading edge. D is the unsteady region where
the tip leakage vortex interacts with the detached shock wave.
Obviously, the shock wave oscillates less than the tip leakage
vortex.

There are two mechanisms proposed in literatures that concern
the role of shock wave in unsteadiness. Yamada et al. �10� found
that it is the breakdown of the tip clearance vortex occurring in the
Rotor 37 that resulted in self-sustained flow oscillation in the tip
leakage flow field. Bergner et al. �6� and Hah et al. �7� argued that
the occurrence of unsteady fluctuation is due to the interaction of
tip leakage vortex with the shock wave. Both mechanisms are
checked carefully against what we found in Rotor 67.

First of all, we realized that Yamada et al. �10� utilized
Reynolds-averaged Navier-Stokes �RANS� solver for their study,
so do we in the present paper. Hence, when comparing our results
with theirs, if there is any qualitative difference in simulation
results, it is most likely related to physics of flow, not the compu-
tation scheme. Figure 17 depicts the 3D normalized absolute vor-
ticity magnitude ��n� distribution from our simulation and shows

Fig. 13 Relative total pressure coefficient distribution at
98.4% span for tip clearance of 2.2% tip chord. „a… Steady „S3…

and „b… unsteady „U3….

Fig. 14 Correlation for unsteadiness of tip leakage flow

Fig. 15 Pressure coefficient distribution on blade suction sur-
face at six time instants

Fig. 16 Static pressure rms distribution for 99% span at T2
operating condition for 1.1% tip blade chord
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that the vortex does not break down because the magnitude of
absolute vorticity does not drop drastically when its trajectory
crosses the shock wave. This is fundamentally different from the
results in Ref. �10�. Carefully examining Fig. 12 of Ref. �10�, we
notice that the vortex breakdown caused by the shock behaved
randomly; that is, it did not possess any periodic pattern. Yet, it
was reported in Ref. �10� that the frequency of unsteadiness was
about 60% BPF, amazingly close to what we find in the present
paper for Rotor 67. These apparently contradicting phenomena
make us believe that the vortex breakdown in Rotor 37 might be
responsible for turbulence unsteadiness, which should be random
and broadband. The unsteadiness associated with 60% BPF might
be due to another mechanism, which could be the same self-
induced unsteadiness as what we find in Rotor 67. Both the tur-
bulence unsteadiness and the self-induced unsteadiness might be
present in the results of Rotor 37.

In the present study, the region where the vortex and the shock
interact �region D in Fig. 16� depicts less rms level than the tip
leakage vortex itself. Hah et al. �7� reported that while their
RANS solver obtained qualitatively similar result as Fig. 16 for
their rotor �see their Fig. 6 in Ref. �6��, the large-eddy-simulation
�LES� solver produced rms distribution that matched with experi-
mental results �6� better. But, Hah et al. �7� also reported that “the
pressure oscillation from the single passage analysis shown in Fig.
8 is rather random at this operating condition and any distinct
frequency could not be clearly identified.” This contradicted with
the experimental results in Ref. �6�, which showed that the vortex
trajectory alternated blade by blade, inferring that there was a
characteristic frequency at roughly 50% BPF. All these seem
pointing to the same direction: Both turbulence unsteadiness and
self-induced unsteadiness might coexist in the rotor studied in
Refs. �6,7� as well. There is a good chance that such coexistence
may also be true for Rotor 67. However, without experiments and
LES simulation, we cannot verify it in this paper. Realizing that
vortex breakdown is an extreme case of shock/vortex interaction,
we tend to believe that shock/vortex interaction produces turbu-
lence unsteadiness and that the coexistence of turbulence un-
steadiness and self-induced unsteadiness may be very common in
compressors with shocks. Further research is needed.

4.2 Link to Stall Inception. According to Refs. �2,16�, the
spike disturbance is a result of dynamic interaction of three driv-
ing forces: the incoming main flow, the tip leakage flow, and the
reversed backflow. The self-induced unsteady tip leakage flow
partially shares the same dynamics with the spike disturbance,
because as we proposed in Sec. 3, such unsteadiness results from
the interaction of incoming flow and the tip leakage flow, two out
of the three driving forces for the spike disturbance. This also

explains why numerical and experimental data of previous re-
searches �3,15� demonstrated that the suppression of the unsteadi-
ness of tip leakage flow could extend the stability margin of both
low-speed and high-speed compressors.

The proposed mechanism offers a new view angle for compres-
sor design such as sweep and dihedral and stability enhancement
such as casing treatment. By carefully designing the geometry, the
designers should be able to make the dynamic interaction behave
in a favorite manner at will, so that the compressor becomes more
robust. This is the planned future work for the authors of the
present paper.

5 Conclusions
In this paper, unsteady numerical simulation of Rotor 67, a

transonic fan rotor, is performed. The goal is to investigate the
originating mechanism of the self-induced unsteadiness in tip
leakage flows in a transonic environment. The findings can be
summarized as follows.

1. The self-induced unsteadiness of the tip leakage flow in this
high-speed fan rotor is a result of dynamic interaction of two
driving forces: the incoming main flow and the tip leakage
flow. These two flows impinge with each other at the tip
region and form an interface that separates the two flows. On
one hand, behind the interface, if the tip leakage flow is
stronger enough to cast a low-energy spot on the pressure
side of the neighboring blade, the unsteadiness would be
initiated as the low-energy spots move downstream, which
in turn cause the time variation of blade loading. On the
other hand, the changing blade loading makes the tip leak-
age flow velocity oscillating, which interacts with the in-
coming main flow to create the second low-energy spots
across the blade passage. When the second stream of low-
energy spots arrives at the pressure surface, the first stream
smears with the high-pressure background and a new period
of oscillation thus starts.

2. The proposed originating mechanism of the self-induced un-
steady tip leakage flow is tested by varying the tip clearance
sizes while keeping the incoming main flow the same.

3. A correlation based on momentum ratio between the main
flow and the tip leakage flow is proposed. It indicates that
the momentum ratio can be one of the factors that dominate
the self-induced unsteadiness of the tip region.
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Nomenclature
P � static pressure �Pa�
P̄ � time-averaged static pressure �Pa�

Prt � relative total pressure �Pa�
Pref � reference pressure �Pa�
Cp � static pressure coefficient,

Cp= �P− Pref� / �0.5�Um
2 �

Crtp � relative total pressure coefficient, Crtp= �Prt

− Pref� / �0.5�Um
2 �

Prms � static pressure root-mean-square,

Prms=�1 /N �
i=0

N−1

�P�t�− P̄�2 /0.5�Um
2

�Cp � static pressure coefficient difference
Um � blade speed at the mean rotor diameter �m/s�

T � rotor blade passing period �s�
M � momentum �N/s�

Fig. 17 3D normalized absolute vorticity magnitude distribu-
tion at T2 operating condition
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mchoke � mass flow rate at choke point �kg/s�

Greek Symbols
� � angle between streamwise and axial directions
� � absolute vorticity magnitude �rad/s�
	 � rotor angular velocity �rad/s�
�n � normalized absolute vorticity magnitude, �n

= ��� /2	
� � r density �kg /m3�

 � ratio of tip clearance size to tip blade chord

Abbreviations
TLF � tip leakage flow

Appendix
One case of self-induced unsteady tip leakage flow in multi-

blade passages is investigated to demonstrate that it is sufficient to
use single blade passage model in this research. One quarter of the
annulus of Rotor 67 is chosen. The operating condition and the tip
clearance are the same as those in Fig. 8. The unsteady flow fields
for the entire oscillating period are captured, and two of them at
two different time instants are depicted in Fig. 18. By comparison
among the blade passages, one can see that the flow field in each
blade passage is identical at every time instants. This indicates

that the self-induced unsteadiness does not involve cross-passage
dynamics. Single blade passage model is sufficient when investi-
gating the characteristics of self-induced unsteady tip leakage
flow.
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Experiments and Computations
on Large Tip Clearance Effects in
a Linear Cascade
Large tip clearances typically in the region of 6% exist in the high pressure (HP) stages
of compressors of industrial gas turbines. Due to the relatively short annulus height and
significant blockage, the tip clearance flow accounts for the largest proportion of loss in
the HP. Therefore increasing the understanding of such flows will allow for improvements
in design of such compressors, increasing efficiency, stability, and the operating range.
Experimental and computational techniques have been used to increase the physical
understanding of the tip clearance flows through varying clearances in a linear cascade
of controlled-diffusion blades. This paper shows two unexpected results. First the loss
does not increase with clearances greater than 4% and second there is an increase in
blade loading toward the tip above 2% clearance. It appears that the loss production
mechanisms of the pressure driven tip clearance jet do not increase as the clearance is
increased to large values. The increase in blade force is attributed to the effect of the
strong tip clearance vortex, which does not move across the blade passage to the pressure
surface, as is often observed for high stagger blading. These results may be significant
for the design of HP compressors for industrial gas turbines. �DOI: 10.1115/1.3104611�

1 Introduction
Industrial axial compressors usually have blade rows at low

pressure �LP�, intermediate pressure �IP�, and high pressure �HP�
stages. Within the stages there are numerous sources of loss, tra-
ditionally “profile loss,” “end-wall loss,” and “leakage loss.” The
percentage that each source contributes toward the total loss var-
ies from stage to stage. One such loss source �leakage loss� is the
pressure driven tip clearance �TC� flow, which passes from pres-
sure to suction surface over the end of the blades in nonshrouded
rows. Within LP stages the TC is usually within 1% of the annulus
height and there is a limited effect on the overall loss of the stage
at the normal operating condition. However, within the LP stages,
the TC flow is widely understood to act as a trip toward stage
stall. Due to this and the applicability within aeroengines most TC
work has been undertaken for small TC values where the loss is
approximately proportional to the TC gap.

In the later stages the TC flow has a larger influence on the
overall stage loss, mostly because of the increased relative TC
value �typically about 6% span� due to the reduced length of
blades. Note that the absolute TC value is not necessarily larger
but relative to span it is. The rotor and stator TC flow can create a
blockage up to approximately 20% span from the casing and hub,
respectively, creating a significant blockage. This blockage affects
the mass flow rate that can travel through the HP thus significantly
affecting the operating and stability range of the compressor.

As argued by Denton �1� loss sources in turbomachinery are
difficult to quantify; therefore, it is important to have a physical
understanding of the flow and origins of loss. The motivation for
this work is further to understand and model the flow physics with
large tip clearance flows; this progresses the work previously un-
dertaken by Williams et al. �2� and Walker et al. �3�. Previously
most literature suggests that increasing the TC value has a dimin-
ishing effect on stage efficiency above an optimum. However, this
paper shows that an increasing tip clearance can have a beneficial

effect on the stage loading. This will allow for improved designs
aimed at reducing losses and increasing the operating range of the
HP compressor, therefore increasing efficiency and the surge/stall
limits.

1.1 Tip Clearance Flow Physics. As is widely known, the tip
clearance flow consists of a pressure driven jet, which moves from
the pressure surface to the suction surface across the tip of the
blade. As discussed by Peacock �4� the strength of the TC jet
depends on the blade pressure field close to the tip of the blade.
This tip clearance flow rolls up into a tip clearance vortex along
the suction surface of the blade, which then moves across the
passage toward the pressure surface of the adjacent blade. Storer
and Cumpsty �5� found that the point at which this happens is
usually at the maximum loading of the blade. They also concluded
that the axial position of the highest blade force varies with the
TC value; a higher TC value moves the position of the highest
loading further downstream thus delaying the roll up of the TC
vortex. In HP blades, the vortex remains closer to the suction
surface �SS� and so is different to that in LP blades. Although the
TC gap size affects the strength of the TC vortex Hunter and
Cumpsty �6� found that the trajectory is unaffected.

Gbadebo �7� considered the interaction between tip clearance
flows and 3D flows close to the end wall. He found that the tip
clearance flow largely removes the 3D secondary flows. This was
attributed to the suppression of the leading edge �LE� horseshoe
vortex and the interaction of the tip clearance rolling up into a TC
vortex. Clearly then an optimum tip clearance will increase the
operating range of the stage. The flow within the tip clearance
depends on the thickness of the blade. In the case of a compressor
with thin blades the flow separates from the tip forming a vena
contracta. This separates the flow from the blade tip reducing the
effective tip clearance. The work undertaken by Tang and Simp-
son �8� measured the flow through the tip clearance within a cas-
cade for two different tip gaps. They found a tip separation vortex
formed on the tip due to the sudden turning undertaken by the
flow entering the TC. Sjolander �9� dedicated a section on large
tip clearance flows up to 15% chord and he presented measure-
ments by Saathoff and Stark �10� for a turbine. He suggested that
for larger clearances the blade loading is not entirely responsible
for the tip clearance flow because of the huge underturning under-
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taken in the end-wall region.
The trajectory of the TC vortex is clearly dependent on the

interaction with the mainstream flow. De Cecco et al. �11� inves-
tigated the trajectory of the TC vortex with varying inlet angle.
They found that as the inlet angle/loading is increased the TC
trajectory moves further across the passage thus creating a larger
blockage. At stall the TC vortex moves across the LE of the ad-
jacent blade. Therefore for higher loading the TC flows can have
a negative axial velocity.

The TC vortex counteracts the secondary/passage vortex and
for the larger TC values completely suppresses it. However, it has
been found by Van Zante et al. �12� and Williams et al. �2� that for
some tip clearance values a counter-rotating vortex is found,
which lies on the casing/hub and prevents the movement of the
TC vortex across the passage. This applies for smaller TC values
while the for larger TC values the counter-rotating vortex is com-
pletely suppressed by the tangential TC flow.

One of the main differences between the LP and HP geometries
is that HP geometries typically have lower blade loading, i.e.,
lower stager angle and turning. Therefore the TC flow in the later
stages is almost tangential as opposed to the earlier stages where it
often has an upstream component due to the high stager angle.
The relative Mach numbers �typically 0.4–0.6� are much lower
than the LP �typically larger than 1�.

Clearly the stage geometry significantly affects the TC vortex;
therefore, control of the trajectory and loss should be possible.

This work investigates the TC flow within a linear cascade.
There are significant well known differences between cascade
testing and rotating machines. Namely, rotating machines have a
skewed inlet, twisted blades, radial effects, and moving end walls;
and for the real machine are in a multirow/stage environment.
Therefore the real case is far more complicated than the idealized
linear cascade but the results are still valid and useful. Peacock �4�
discussed the differences between cascades and rotating machines
and found that the casing motion has a significant effect on the tip
clearance flow due to the viscosity of the fluid. The wall’s relative
motion pulls the fluid through the TC gap. Previously Williams et
al. �2� undertook a study, which investigated the difference be-
tween moving end walls and the stationery cascade. They con-
cluded that with the same inlet conditions the moving end wall
skews the flow within the TC region, which increases the loading
on the tip of the blade. Also in the relative frame of the blade the
end wall drags the TC flow through the clearance region increas-
ing the flow. This makes the TC vortex stronger and pushes the
TC vortex core away from the SS of the blade further across the
passage while keeping it closer to the casing thus reducing block-
age. In the relative frame the end wall effectively does work on
the flow adding energy to the fluid and therefore the overall loss
with a moving end wall is reduced.

Real machines are multistage and in the HP the low Mach num-
ber means the TC flow has an effect on the adjacent rows. This is
mostly the case for the downstream row where the casing/hub
section of the stator/rotor will see overturned flow, thus increasing
the loading and almost certainly producing a corner stall.

This work shows that large TC values have a beneficial effect
on the blade loading of the cascade. This paper strives to further
the understanding of large tip clearance flows and so explain the
reason behind the beneficial effects with loading. To do this ex-
perimental data from a linear cascade are presented and conse-
quently used to assess the capability of a computational code to
predict the large TC flows. The computational fluid dynamics
�CFD� code is then used to advance the understanding of the TC
physics.

2 Experimental Work
This section of the paper shows some of the linear cascade

experimental work, which will later be used to assess the CFD
code. However, first there is a brief explanation of the wind tun-
nel, cascade, and measuring equipment.

2.1 Experimental Apparatus. The linear cascade compressor
test facility based at the Durham University uses an open flow
wind tunnel arrangement, as described by Yang �13�. This consists
of a fan, a diffuser, a settling chamber, a gauze screen, a 7.5:1
contraction, a honey comb, and a test section. The flow exits the
tunnel through a 0.25�0.8 m2 section into the cascade.

The cascade located at the wind tunnel exit exhausts to atmo-
sphere one axial chord after the trailing edge. As shown in Fig. 1,
seven aerofoils including profiled upper and lower walls give
eight passages in total; allowing for reasonably periodic flow.
Hinges at the top of the cascade enable the geometric inlet angle
to be altered. A bottom splitter plate allows for the vertical change
in inlet due to the change in angle; below the splitter plate a
bypass exhausts to atmosphere. The bypass is controlled using a
movable plate to control the diffusion. A side-wall boundary layer
bleed is located one axial chord length upstream of the leading
edge. The bleed plate is 3 mm thick ensuring a high quality bleed.

The controlled-diffusion aerofoil used is that as designed by
Sanger �14� and intensely tested in open literature including
Sanger and Shreeve �15� and Williams et al. �2�. Blade properties
are shown in Table 1 and the profile is shown in Fig. 2. Two of the
blades are instrumented, these being the central one and one other,
which can be moved in to any blade location. There are tappings
at various locations along the blade on both surfaces. Passing the
blades radially through the hub enables the TC value to be altered.

Fig. 1 Cascade details

Table 1 Cascade properties

No. of aerofoil 7
Pitch 0.09 m
Blade span 0.19 m
Stager angle 14.2 deg
Inlet flow angle �nominal� 37.5 deg
Isentropic exit velocity 19.5 m/s
Reynolds number based on chord 195,000
Side-wall bleed location One axial chord upstream
Pitot-probe location 1Cx upstream
Aerofoil type Controlled-diffusion blade
Chord length, C 0.15 m
Aspect ratio, h /C 1.27
Maximum thickness 0.07 C
Leading edge radius 0.00132 m
Trailing edge radius 0.00186 m
Solidity, C /S 1.67
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The blades are supported using a 3 mm threaded bar at the tip and
supported by the hole in hub at the other end. This tip suspension
bar has some effect on the blade loading close to the tip but due to
its relatively small size this is a limited effect.

2.2 Instrumentation. Both five-hole probe and blade static
pressure measurement instrumentation are available. Two five-
hole probe measurement plains were used 0.5Cx �50% axial
chord� upstream and 0.2Cx downstream of the blade row. The
probe is moved and held using a traverse gear located downstream
of the cascade. The upstream plane is traversed using a kinked
probe projected through the blade. A straight probe was used for
the downstream traverse. Both probes used had a diameter of 4.5
mm limiting the measurements close to the wall to approximately
3% span.

The probe pressures are measured relative to the upstream total
pressure via a Pitot-probe positioned 1.0Cx upstream of the cas-
cade. The upstream total to atmospheric pressure is measured as
the isentropic dynamic pressure. The traverse gear is operated and
the pressures recorded using software developed at Durham Uni-
versity. Calibration of the pressure transducers and probes is ac-
counted for within the software. Probe calibration is undertaken
using a calibration rig at Durham University; this process is de-
scribed by Ingram and Gregory-Smith �16�. The software postpro-
cesses the data including pitch mass averaging thus allowing for a
traverse grid of varying density.

The same software system was used to measure the blade static
pressures. By controlling a Scanivalve connected to the blade
pressure tapings only one transducer was required. The upstream
total to downstream static �atmospheric� dynamic pressure was
also recorded to enable the values to be made nondimensional.

2.3 Inlet Conditions. The inlet flow to the cascade was con-
ditioned to ensure uniform periodicity and an inlet flow angle of
37.5 deg. The downstream results �Fig. 4� suggest that acceptable
periodicity has been obtained. The inlet flow angle, however, was
still approximately 5 deg different to the geometrical angle. Good
practice was found to include the angle of the bottom plate, the
bottom diffuser, and the diffusion of the side-wall bleeding being
accurately set. The inlet pitch mass averaged yaw and total pres-
sure can be seen in Fig. 3. It can be seen that there is a significant

boundary layer with low total pressure and high skew on the
walls, which can be attributed to the side-wall bleed pushing the
flow down. Considering the multirow case with highly skewed
flow at the wall these inlet conditions were deemed acceptable.

Also of note is the increase in total pressure and decrease in
yaw toward the hub. However, because only the outer 50% span is
of interest this is acceptable.

2.4 Downstream Flow Results. Initially to ensure good peri-
odicity and a base to compare result 0% TC was analyzed across
the central two passages for the full span of the cascade. The
stagnation pressure loss coefficient is shown in Fig. 4 for the 0%
TC case across the full passage.

Four tip clearance values were then evaluated �0%, 1%, 2%,
and 6% spans� for both central passages of the cascade but only
covering the outer 50% span. Cpo loss contour plots are shown in
Figs. 4–7. Pitch mass averaged results of yaw and Cpo loss can be
seen in Figs. 8 and 9. These are referenced to midspan thus high-
lighting the effects due to the end-wall region secondary flows. Of
note are the increase in size of the tip clearance vortex and block-
age. The counter-rotating vortex is clearly present and indicated in
Fig. 6. For the 6% case it can be seen that higher momentum flow
is pulled onto the wall decreasing the Cpo loss close to the wall.

2.5 Blade Static Pressure Results. The blade pressure coef-
ficient profiles are shown in Figs. 10–12 for 50%, 90%, and 98%
spanwise locations, respectively. Of note is the change in blade
loading toward the tip of the blade with increasing tip clearance
values. In general with increasing TC value there is a reduction in
loading at the leading edge and an increase in loading toward the
trailing edge. At 98% span and 6% TC the experimental data show
what appears to be a high pressure region on the suction surface at
approximately 0.6Cx; this is almost certainly an effect of the blade

Fig. 2 Blade profile

Fig. 3 Cascade inlet conditions

Fig. 4 0% TC, 1.2Cx, experimental loss „Cpo…

Fig. 5 1% TC, 1.2Cx, experimental loss „Cpo…
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support rod. Integrating the pressure coefficient plots creates a
blade force; this can be seen in Fig. 13 where blade force is
plotted against distance in blade span from the tip of the blade.
Figure 14 shows the overall blade force for each measured TC,
and this is shown relative to the zero clearance case. Importantly
as will be discussed later this shows an increase in tangential
blade loading toward the tip of the blade for the 6% tip clearance.

3 Computation Fluid Dynamics

3.1 CFD Code. This paper uses a code developed by He �17�
at Durham University; the same code was used by Williams et al.
�2� and Walker et al. �3�, and a good description of the code’s
features can be found in Ref. �17�. The code iteratively solves the
Reynolds averaged 3D unsteady compressible Navier–Stokes
equations and turbulence closure is achieved by using the Spalart–
Allmaras model. The governing equations are discretized in space
using the cell centered finite volume scheme, which is integrated

in time using the explicit four stage Runge–Kutta method. To
accelerate convergence the multigrid technique and local time
stepping are used.

The code was run to 5000 time steps; this ensured good con-
vergence with a maximum axial velocity change between time
steps �0.001 and the difference between inlet and outlet mass

Fig. 6 2% TC, 1.2Cx, experimental loss „Cpo…

Fig. 7 6% TC, 1.2Cx, experimental loss „Cpo…

Fig. 8 Pitch mass averaged yaw 1.2Cx

Fig. 9 Pitch mass averaged Cpo 1.2Cx

Fig. 10 Blade pressure coefficient „Cp… at 50% span

Fig. 11 Blade pressure coefficient „Cp… at 95% span
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flow �0.05%. Boundary layer trips were located on the blade SS
and the casing to ensure a turbulent boundary layer and conver-
gence.

3.2 Grid. A structured H mesh was used for this study and the
tip clearance is modeled using the pinch tip method. Several
methods for modeling the tip clearance have been proposed
throughout literature and these have varying levels of complexity

and success. This work used a simple pinch tip model as used by
Williams et al. �2� and also reported in various open literatures,
e.g., Refs. �12,18�. Although this method is not as accurate as
what can be achieved, it has been shown to give a reasonable
result without adding complexity and increasing computational
time. To ensure the pinch tip does not create numerical instabili-
ties, good practice is to ensure that the tip angle is no larger than
60 deg from the radial direction �as shown in Fig. 15�. The tip
clearance is defined as the distance between the tip of the pinch
and the casing.

Understanding the grid dependency of the solution is crucial to
obtain a good quality result. For this reason a mesh dependency
study was undertaken to develop a mesh capable of picking up all
the physical flows while ensuring convergence and a good quality
result using the experimental data as a reference. In general it was
found that the grid dependency diminishes with increased tip
clearance, i.e., the interaction between the flow on the tip and the
casing diminishes. The pitchwise grid was found to have a little
effect at the midspan as long as the blade boundary layer mesh
size was reasonable. However, to prevent diffusion of the tip
clearance vortex, the mesh needs to be as fine as possible close to
the casing, and therefore a balance needs to be obtained. Within
the tip clearance it was found that if the pitchwise grid is too fine
then convergence is poor due to instabilities. Therefore the pitch
mesh was made uniform at the casing and then linearly distributed
until the start of the pinch, as seen in Fig. 15. The grid depen-
dency study found that there was a 15% change in Cpo loss at
1.2Cx between the grids investigated.

The radial spacing of the mesh has a large effect on the quali-
tative result. Thus while ensuring that the y+ values were reason-
able on the casing the best result was used from that obtained
from the grid dependency study. The mesh in general is fine and
uniform within the outer 12% span and then expands until the
cells are approximately 2.5% span at the hub.

As shown in Fig. 16 in the k-plane �constant radius� the inlet
mesh follows the inlet flow angle 0.5Cx upstream and down-
stream the mesh extends 2.0Cx after the trailing edge approxi-
mately at the flow angle, so this allows for any potential boundary
effects to be minimized.

The hub was defined as an inviscid wall thus ensuring that only
the outer part of the cascade has an effect on the result. To ap-
proximate a linear cascade the hub radius is set to 100 m. There-
fore there are 6981 blades to ensure the correct pitch of 90 mm
although only three passages are solved.

3.3 Boundary Conditions. At the inlet the yaw angle and
total pressure are set to be the same as for the experimental inlet
conditions for the outer 50%. Closer to the hub the inlet condi-
tions are set the same as at midspan.

At the outlet the static pressure is set at the hub and the span-
wise variation is determined by radial equilibrium. The back pres-
sure is set to ensure the velocity is approximately three times

Fig. 12 Blade pressure coefficient „Cp… at 98% span

Fig. 13 Blade force coefficient

Fig. 14 Total blade force versus TC, CFD, and experimental
data

Fig. 15 Example of mesh for 6% TC at 0.9Cx
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higher than for the experimental rig to ensure convergence. How-
ever, the Reynolds number is set to be the same as for the experi-
mental cascade �Re=1.91�105�.

4 CFD Study, Experimental Versus Computational
Seven different TC values have been computationally assessed:

0%, 1%, 2%, 4%, 6%, 8%, and 10%. Often it is more useful to
consider the TC in terms of a blade chord so for this case with an
aspect ratio of 1.27 the clearances assessed are 0%, 1.27%, 2.53%,
5.07%, 7.6%, 10.13%, and 12.67% of chord.

First it is important to assess CFD against experimentation.
Figures 8 and 9 show the pitch mass averaged yaw and Cpo for
the 0%, 1%, 2%, and 6% tip clearances; 20% axial chord down-
stream of the trailing edge. Yaw angle is defined relative to the
axial direction. Quantitatively the results are reasonable and show
a good comparison, especially with the yaw angle although the
loss is slightly overpredicted. The 0% and 6% cases show the best
comparison with the smaller tip clearances �1% and 2%� showing
poorer comparisons. Figures 17–20 show the loss �Cpo� contours
of the CFD on the 1.2Cx plain. These can be compared with the
previously presented experimental data �Figs. 4–7�. The agree-
ment is reasonable but in general the CFD is more dissipative so
that the extent of the loss cores of the tip clearance and profile loss
is larger although the peak values are lower for the CFD; this
explains the loss overprediction in the CFD solution.

The blade loading as shown in Figs. 10–12 at midspan shows a
good agreement with the experimental data. Closer to the tip the
computational result varies slightly from the experimental; this is
most noticeable for the 6% TC case where two bumps can clearly
be seen on the suction surface �Fig. 12�. However, as stated above,
this is almost certainly attributable to the experimental rig’s blade
support bar.

The blade force shown in Fig. 13 shows a good agreement with
the 0% and 6% TC cases. Noticeably for both the computational
and experimental data there is an increase in blade loading for the
larger tip clearance of 6%.

5 Computational Study
Having examined the difference between experimental and

computational results it is clear that there is an overprediction in
loss, but the yaw is reasonable and qualitatively the results are
similar. Therefore Sec. 6 shows the results with varying tip clear-
ance from 0% to 10% span.

Pitch averaged plots of yaw and loss are presented for the vari-
ous tip clearance values at 0.12Cx �Figs. 21 and 22�. As shown by
Williams et al. �2� the yaw angle for the 0% case shows the classic
underturning and overturning, and the loss is increased toward the
casing due to the secondary flow and corner stall; in fact, the loss
on the casing for the 0% case shows the highest loss peak. The 1%
case has less overturning on the casing because the TC flow sup-
presses the corner stall. For the large tip clearances, 2–10%, the
flow undergoes a significant overturning and then underturning
caused by the tip clearance vortex. The loss peak at the TC vortex

Fig. 16 Example mesh for k-plane

Fig. 17 0% TC, 1.2Cx, CFD loss „Cpo…

Fig. 18 1% TC, 1.2Cx, CFD loss „Cpo…

Fig. 19 2% TC, 1.2Cx, CFD loss „Cpo…

Fig. 20 6% TC, 1.2Cx, CFD loss „Cpo…
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core decreases in magnitude with increased TC but the area of loss
moves away from the casing, and so it is important to examine the
overall loss at 1.2Cx. Figure 23 shows the increase in loss from
inlet to exit for the outer 50% span, and it can be seen that the
overall loss increases until 4% TC and then it falls slightly. A
decline in mass flow occurs through the cascade with increased
TC and so to eliminate this discrepancy the overall loss between
tip clearance values is shown for two different definitions. These
use different reference values of dynamic pressure; upstream dy-
namic pressure and the dynamic pressure across the cascade, i.e.,
the exit isentropic dynamic pressure. This is important because the
mass flow rate is reduced with increased TC �Fig. 24�.

Removing the profile loss from the overall loss for the outer
50% span gives the loss attributed to the end-wall secondary flows
including the tip clearance; this is shown in Fig. 23. The tip region
loss accounts for approximately 45% of the total loss for the
smaller TC values �including 0%� and increases to approximately
62% of the total loss for the 10% TC case. The tip clearance flow
has mostly mixed out by 1.2Cx, although not shown if a plot is
made of the loss at 3.0Cx then the same pattern is observed as in
Fig. 23.

The experimental mass weighted averaged Cpo loss is shown in
Fig. 23 and follows the same pattern as the CFD results. Experi-
mentally the overall loss is slightly higher than the CFD loss even
though the pitch averaged results would not suggest this; this is
because the values are mass weighted averaged; therefore, the
velocity profile has an effect on the values.

These results are very similar to Williams et al. �2�, even
though in this case has a skewed inlet boundary layer, suggesting
that the inlet angle within the TC region has a limited effect on the
loss and exit angle.

The blade loading integrated becomes the tangential blade force
�Fig. 25� and then the blade force integrated along the blade gives
the overall tangential blade force �Fig. 14�; these are all refer-
enced to midspan. The overall blade force is referenced to the 0%
TC case.

It can be seen that the blade loading increases for the larger tip
clearances toward the tip of the blade. This is an unexpected result
as it shows that the blade force in the outer half of the cascade
increases with TC value above 1% TC. This increase in blade
loading carries on until 8% TC where the total blade force levels
off and appears to start to diminish. Also shown in Fig. 14 are the
experimental data; although the loading increase is lower it does
show an increase with 6% TC; thus, it can be assumed that this is
a valid result. Unfortunately no experimental data were taken
above 6% TC so the decline in blade force above 6% TC is not
experimentally investigated. The differences between the CFD
and experimental blade force can be seen by examining the Cp
loading plots �Figs. 10–12�; in general, on the suction surface,

Fig. 21 CFD study, 1.2Cx CFD yaw angle with varying TC

Fig. 22 CFD study, 1.2Cx CFD total pressure loss with varying
TC

Fig. 23 CFD study, increase in loss through cascade

Fig. 24 Mass flow rate per passage
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CFD results are overloaded especially at the leading edge; there-
fore, the calculated blade force is higher than the experimental
force.

Figure 24 shows the mass flow rate per passage versus tip clear-
ance. A linear relationship exists between blockage and tip clear-
ance values above 2% TC. There is a 4.8% reduction in mass flow
from 0% to 10%. Therefore for the computational results the mass
flow reduction is approximately 0.5% per 1% increase in tip clear-
ance.

In order to investigate the cause of the increase in loading it is
useful to look at one TC value in detail, and 6% is examined. Loss
contours and velocity vectors through the cascade are shown in
Fig. 26, and the blade surface pressure profiles are shown in Fig.
27. The flow features are described through the cascade:

0.0Cx. At the inlet to the blade row the inlet boundary layer is
skewed and there is already some loss due to the friction on the
casing.

0.20Cx. Now the blade loading develops and the TC flow ac-
celerates through the clearance. A small separation bubble is
present on the tip. Although this is almost certainly due to the
pinch tip, a vena contractor over a square blade end would also
create such a feature. The blade loading close to the tip has de-
creased due to the TC flow increasing the pressure on the suction
surface and lowering it on the pressure surface.

0.4Cx. The blade loading now approaches its maximum and the
TC flow has significantly accelerated approximately in the tangen-
tial direction. The start of a tip clearance vortex can be seen al-
though it is small and positioned close to the suction surface.

0.6Cx. The TC flow has further increased and the vortex starts
to move away from the suction surface. Unlike smaller TC values
no counter-rotating vortex is seen, although a lower momentum
region does exist at the midpassage. The incoming flow is now
pushed against the pressure surface and down into the cascade due
to the significant blockage created by the TC flows.

0.8Cx. The TC vortex continues to move away from the suction
surface of the blade. The TC vortex induces lower pressure fluid
up the blade toward the tip thus lowering the SS pressure creating
a higher blade force. Lower loss fluid is also pulled through the tip
clearance reducing the loss on the casing.

1.0Cx. The TC vortex has moved away from the SS and now
fills the majority of the passage in the outer 20% span. A counter-
rotating vortex is just apparent. This is due to the incoming flow
interacting with the low momentum fluid in the boundary layer.
As found by Williams et al. �2� a relatively rotating casing would
suppress the counter-rotating vortex.

6 Discussion
This work shows that there is an unexpected increase in blade

loading toward the tip of the blade for the higher values of tip
clearance, and that although the loss of the cascade increases with
increased tip clearance up to approximately 4% TC, above this the
loss levels off and there is no further increase in loss. This section
aims to relate these phenomena to the flow physics to further the
understanding of large tip clearance flows.

A simple pinch tip model for the tip clearance has been used,
which has allowed an investigation of several tip clearances with-
out the use of extensive computer or manpower resources. Experi-
mental measurements have been used to assess the computational
work’s reliability. It has been found that at 0% and 6% tip clear-
ances, the computation gave good agreement with experiment,
particularly for yaw angle �Fig. 8�. The 1% and 2% results are not
so good, and this is to be expected with the pinch tip model.
However, as the thrust of this work is to the larger clearances, the
choice of the pinch tip appears justified. As the tip clearance in-
creases the solution becomes less grid dependent; this is because
the end wall has a smaller effect on the tip clearance flow. The
detailed blade tip modeling and meshing also becomes less influ-
ential at a large tip gap. For this reason it can be assumed that the
8% and 10% solutions are valid. The observation from the nu-
merical work so far suggests that if an improved solution to the
smaller tip clearance value is required then the use of another tip
clearance modeling method would be essential.

The detailed study for 6% TC shows that from the static pres-
sure values on the blade �Fig. 27�, at the entry to the blade row the
blade loading is significantly reduced for the first 35% chord
within 20% span of the casing. This is because the high pressure
flow moves from the PS to the SS across the tip, increasing the

Fig. 25 CFD study, blade force coefficient 6% tip clearance

Fig. 26 CFD study, 6% TC Cpo loss contour plots

Fig. 27 CFD, 6% TC, blade pressure profile
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pressure on the SS and reducing the pressure on the PS pressure.
At midchord the TC vortex starts to roll up close to the SS of the
blade. This flow feature creates a blockage reducing the row mass
flow rate and forcing the incoming flow toward midspan. The TC
vortex induces low pressure fluid up the SS of the blade for 20%
span reducing the SS pressure and so increasing the blade force.
At approximately 60% chord the TC vortex leaves the suction
surface of the blade and moves across the passage, and this coin-
cides with the blade’s peak force for the outer 5% blade span. The
TC vortex continues to induce fluid along the blade SS into the tip
clearance region. Low loss fluid is also pulled through the TC gap
from the PS and this serves to reduce the loss on the casing.

An important feature here is that the TC vortex stays relatively
close to the suction surface, moving to about midpassage by blade
exit. This means that with the high tip clearance, the very strong
vortex not so far from the suction side is able to induce the high
velocities on the suction surface as noted above. Also the pressure
on the pressure surface is raised by the jet stagnating near the tip
of the blade.

This lack of movement is in contrast to the movement right
across the passage to near the pressure surface usually observed in
most of the studies in literature. It does not appear that the high tip
clearance is the reason for the lack of movement of the TC vortex,
as the lower TC values studied here �Figs. 18 and 19� show that
the vortex is also at about midpassage at the exit. The significant
feature of this blading is probably the low stagger so that the tip
jet is nearly perpendicular to the axial direction.

After 6% TC there is no significant change in blade loading and
this suggests that the casing has a decreasing effect on the blade
loading and that as the TC value is increased further, the flow
around the blade starts to behave independently of the casing. This
may help to explain the leveling off of loss with tip clearance,
since as the flow crosses the tip as a pressure driven jet there is
little further increase in the loss producing mechanisms on the end
wall or tip. In effect the flow becomes more like that of a wing tip
trailing vortex.

It should be noted that the blade force values shown here �Fig.
14� are dimensionless values based on the span of the actual
blade. As the TC increases, of course the blade gets shorter. If the
“annulus height” of this linear cascade were used, then an inspec-
tion of Fig. 14 shows that the actual force reduces. For instance, at
6% TC, the dimensionless blade force is increased by about 2.7%
so that the actual force will reduce by approximately 3.3%, and
this is reflected in the large amount of underturning seen in Fig. 21
at higher TC values. Thus the work done by the blade �if it were
a rotor� is reduced, but not by as much as might be expected. This
coupled with the overall loss becoming independent of the TC
value means that the penalties associated with TC values around
4% and above are not as great as might be expected with typical
LP blading of high stagger. Unfortunately there is still an increase
in blockage so that the mass flow reduces by 0.5% per 1% in-
crease in tip clearance.

With the significant blockage effect, the axial velocity will not
be constant at blade inlet, even though the upstream boundary is
the same for the different tip clearances. To try and separate the
tip clearance flow effects from the blockage effect, the results for
angle, loss, and blade force distributions along the span have been
referenced to the midspan value. This is perhaps debatable, but it
was felt to be most helpful for this study.

It is important to remember that this study is for a linear cas-
cade and that in a rotating machine there will be a number of
differences. For instance, in a multirow environment, the inlet
boundary layer is skewed and there is relative motion of the end
wall. However, the results of Williams et al. �2� showed that the
moving end wall did not have much effect for large tip clearances.
Thus these cascade results have relevance for HP industrial com-
pressor design.

The aerodynamic designer may find these results interesting; if
a design with similar HP blades requires a large tip clearance then

the designer who has always strived to reduce the tip clearance
value may find that, in fact, the aerodynamic penalty is not as
large as previously thought. Therefore cost savings may be made
in the mechanical design of the HP stages. The overall blade load-
ing also increases for the larger clearances allowing for slightly
higher stage loading.

7 Conclusion
The physics of tip clearance flow for a low stagger cascade of

compressor blades has been studied experimentally and computa-
tionally. Tip clearances of up to 10% span �12.67% chord� have
been studied with application to the HP compressor of an indus-
trial gas turbine. A pinch tip clearance model for the computation
was used, and this was found to give satisfactory results for the
larger tip clearances. The following conclusions may be drawn.

• Increasing the tip clearance above 4% incurs no further in-
crease in loss and at the same time there is an unexpected
increase in blade force toward the tip due to the tip clear-
ance flows.

• The increase in blade force is due to the effect of the strong
tip clearance vortex, which does not move across the blade
passage to the pressure surface, as is often observed for high
stagger blading.

• The leveling off of loss may be attributed to the lack of
increasing loss production mechanisms of the pressure
driven tip clearance jet as the clearance is increased to large
values.

• In general it was found that the CFD overpredicted the loss
in the casing region although at midspan there was a very
good agreement. The flow angle prediction is very good for
the higher tip clearance values although it was not accurate
for the smaller clearances.

• These results are significant for the design of HP compres-
sors for industrial gas turbines.

Nomenclature
C � chord, m

Cx � axial chord, m

Cp=
Ps−Ps1

Po1−Ps2
� static pressure coefficient

Cpo=
Po1−Po

Po1−Ps2
� total pressure loss coefficient

CL=�0
C�Cppressure
−Cpsuction�dx � blade loading coefficient

Po � total pressure, Pa
Po1 � inlet total pressure, Pa
Ps � static pressure, Pa

Ps2 � exit static pressure, Pa
PS � pressure surface

Re=VC /� � Reynolds number
TC � tip clearance, % duct height

X � axial
� � yaw angle �relative to axial�
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Heat Transfer in Radially Rotating
Pin-Fin Channel at High Rotation
Numbers
Endwall heat transfer measurements for a radially rotating rectangular pin-fin channel
with the width-to-height ratio (aspect ratio) of 8 are performed at the parametric condi-
tions of 5000�Re�20,000, 0�Ro�1.4, and 0.1��� /��0.21. Centerline heat trans-
fer levels along the leading and trailing endwalls of the rotating pin-fin channel are,
respectively, raised to 1.77–3.72 and 3.06–5.2 times of the Dittus–Boelter values. No
previous attempt has examined the heat transfer performances for the pin-fin channel at
such high rotation numbers. A selection of experimental data illustrates the individual
and interactive Re, Ro, and buoyancy number �Bu� effects on heat transfer. Spanwise
heat transfer variations between two adjoining pin rows are detected with the averaged
Nusselt numbers (Nu) determined. A set of empirical equations that calculates Nu values
over leading and trailing endwalls in the developed flow region is derived to correlate all
the heat transfer data generated by this study and permits the evaluation of interactive
and individual effects of Re, Ro, and Bu on Nu. With the aid of the Nu correlations
derived, the operating conditions with the worst heat transfer scenarios for this rotating
pin-fin channel are identified. �DOI: 10.1115/1.3147103�

Keywords: rotor blade cooling, pin-fin rotating channel, high rotating number

1 Introduction
The ever-increased turbine entry temperatures propose serious

thermal threats on turbine vanes and blades. The trade-off between
aerodynamic efficiencies of a turbine airfoil against cooling re-
quirements results in the thin trailing edge with small wall thick-
ness through which a narrow internal airway is passed. Such
structure has made the trailing edge of a turbine blade to be most
vulnerable to thermal attacks. The thin trailing edge limits the size
and shape of the internal coolant passage, suppresses the thermal
inertia of blade wall, and elevates the external heat transfer coef-
ficients. For structural integrity and heat transfer enhancements
�HTEs� over the internal coolant passage, the pin-fin array inside
a gas turbine blade is prevalent for trailing edge cooling.

A large number of experimental and numerical studies investi-
gated the heat transfer performances over the pin-fins and end-
walls in the static pin-fin channels �1–14�. With the presence of
pin-fin array in a channel, the fluid mixing and unsteadiness from
the wakes tripped by pins are enhanced. The protrusion-endwall
junctions and the pin-rows trigger a number of complex vortex
structures that affect the endwall heat transfer performances. Of
the primary importance for endwall cooling performances is the
horseshoe vortices that form upstream of each pin at the pin-
endwall junction. Regional HTE effects are generated by the sec-
ondary advection of horseshoe vortices �1�. Two legs of each
horseshoe vortex roll around the adjoining pin and advect down-
stream to form the pin-fin wakes �2�. Behind each pin, these
wakes recirculate the heated coolant and generate low heat trans-
fer regions. After the recirculation zone, flow reattachments of the
separated shear layers elevate local heat transfer again. Endwall
heat transfer variations along a pin-fin channel are also influenced
by the trade-offs between these streamwise enhanced HTE mecha-

nisms against the thickened boundary layers. Such trade-offs el-
evate heat transfer rates progressively over the first 3–4 pin-rows.
The different flow conditions over the surfaces around pin-fins
and on the endwalls generate the higher HTE effects on pin sur-
faces by 35% �3� or 10–20% �4� over those on endwalls. These
flow features generalize the heat transfer performances in a static
pin-fin channel, but the detailed HTE effects vary with the height-
to-diameter ratios of pins �5–7�, shapes of pin-fin �9�, pin-fin ar-
rangements �10–12�, and the orientation of pin-array in the cross
flow �8,13�. These geometric factors �5–13� are interrelated to
affect the endwall cooling performances. Among the various pin-
fin geometries, the staggered diamond pin-fin array with pitch
ratios of 1.5–2.5 pin-diameters offers the considerable HTE ef-
fects, while the elliptical pins offer the higher thermal perfor-
mance factors �14�.

Although the rotating pin-fin channel has a long term history of
cooling application to turbine rotor blade, the heat transfer study
with rotation is very rare �15�, and the detailed flow measurements
are not available in the literature. The pioneering heat transfer
study for rotating pin-fin channel �15� is limited at low rotation
rates with no attempt to investigate both rotational buoyancy ef-
fects and spanwise heat transfer variations over two opposite ro-
tating endwalls. Heat transfer correlations as the design references
for the rotating pin-fin channels are also absent. The lack of ex-
perimental heat transfer data and its correlations for rotating pin-
fin channels motivate this study. Nevertheless, the evaluations of
heat transfer rates in a rotating pin-fin channel need to consider
the Coriolis and centrifugal force effects, which act simulta-
neously and interact with the pin-fins to generate the complex
flow structures. The synergistic Coriolis and buoyancy effects
modify the endwall cooling performances from the nonrotating
conditions in the rotating pin-fin channel; while the degrees and
extents of such impacts are the research focus for this study.

In general, Coriolis forces affect mean flows and turbulent fluc-
tuations considerably. The cross-stream Coriolis secondary flows
drive the relatively cool fluids from the channel core toward the
unstable wall and return to the stable wall after washing the pe-
ripheries of a rotating channel. But with the presence of pin-fin
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array in the rotating channel, the Coriolis secondary flows are
considerably disturbed with less opportunities to generate the
three-dimensional Taylor–Görtler roll cells, which normally de-
velop at high rotation rates �16�. However, the mechanism for
producing turbulences triggered by the momentum exchange
through intensive interactions between the fluctuating streamwise
and cross-stream velocities still prevails in a rotating pin-fin chan-
nel, within which the turbulent activities are augmented as Cori-
olis forces act in tandem with these events but are attenuated
when the two act in opposition �17�. Heat transfer differences
between the stable and unstable endwalls of a rotating pin-fin
channel are realized as a result of Coriolis force effects. With heat
convection taking place inside a rotating pin-fin channel, the in-
teraction between centrifugal acceleration and density gradients of
fluids due to temperature differences vary the volumetric body
forces to large extents, since the centrifugal acceleration reaches
the order of above 104 g. This rotational buoyancy force moti-
vates the warmer and less dense fluids toward the axis of rotation
and alters the heat transfer performance by way of distorting the
velocity and temperature distributions with turbulence structures
modified. Features of the combinative effects between rotating
buoyancy and Coriolis secondary flows that interact with the
roughness elements, such as surface ribs �18�, are highly compli-
cated and interrelated. In this respect, there is no previous attempt
available to examine the interactive and individual buoyancy im-
pacts on heat transfer in a rotating pin-fin channel, which will be
examined in detail here. Because the buoyancy effects in a rotat-
ing channel are relevant to the structures of mean-flow and turbu-
lence, the effects of rotating buoyancy on heat transfer deem to be
Reynolds number �Re�, rotation number �Ro�, and location depen-
dent, as suggested by various research groups �19–26�. But due to
the limitation on the range of rotational parameters examined and
the various rotating buoyancy effects reported to date �19–26�, the
impacts of rotating buoyancy on heat transfer at the engine repre-
sentative conditions remain unclear.

Most of the previous laboratory-scale heat transfer experiments
used simplified blade cooling geometry to examine heat transfer
performances in these rotating channels at low Ro and low Bu
�16–26�. Only a few of the previous studies simulate closely the
real engine scenarios by operating experimental tests at conditions
of Ro�1 �27–29�. This experimental study examines endwall
heat transfer performances for a radially rotating rectangular pin-
fin channel with an aspect ratio of 8. Local endwall heat transfer
measurements along two opposite pairs of streamwise centerlines
and spanwise centerlines between two adjacent pin-rows in the
developed flow regime are generated with the rotating parameters,
namely, Ro and Bu, extended considerably from the past experi-
ences. Heat transfer performances in association with the indi-
vidual and interactive effects of Re, Ro, and Bu are illustrated
along the line of developing the empirical heat transfer correla-
tions. These empirical heat transfer equations not only stand for
the entire set of heat transfer data generated with the capabilities
to uncouple the individual but mutually interactive Ro and Bu
effects on heat transfer but also to determine the spanwise-
averaged Nusselt numbers �Nu� in the developed flow region.
However, this set of Nu correlations is limited to determine the
endwall heat transfer performance. The operational conditions
with the worst endwall heat transfer scenarios for this rotating
pin-fin channel are parametrically identified using the heat transfer
correlations generated by this study.

2 Experimental Details

2.1 Rotating Test Rig and Heat Transfer Test Module. The
constructional details of this rotating test rig and its instrumenta-
tions for measurements of flow rate, heat flux, and temperature, as
well as the data acquisition system, have been previously reported
�27�. The 420 mm long pin-fin test channel is mounted on the
platform of the rotating rig giving the midspan radius �R� of 420

mm. The maximum rotational speed of heat transfer test channel
is 500 rev/min. The pressurized and dehumidified test coolant �dry
airflow� is channeled through a set of pressure regulator and filter,
a pressure transducer, a mass flow meter, and a needle valve that
controls the mass airflow rate into the pin-fin test channel. Air
flows radially outward through the rotating pin-fin channel. Figure
1�a� depicts the heat transfer test section that shows the assembly
of the test module and the geometry of the pin-fin array. The
origin of the present X-Y coordinates is located at the midspan of
the bottom edge of the endwall, as indicated in Fig. 1�b�. The test
section is a five-layer sandwiched model consisting of an entry
plenum, two supporting flanges, a pin-fin channel, and the existing
plenum with choking device. Ten staggered rows of circular pin-
fins �1� with the X-wise and Y-wise pin-pitches of two pin-
diameters �dp� are mounted between two Teflon leading �2� and
trailing �3� endwalls normal to the flow direction inside the rect-
angular test section �4�. The channel width �136 mm� to channel
height �17 mm� �aspect ratio� is 8, which gives the hydraulic
diameter �d� of 30.2 mm. The characteristic length selected to
define the dimensionless groups is not the pin diameter but the
hydraulic diameter of the test channel �d�, which is the established
convention for pin-fin ducts. Each pin is made of the thermally
insulating material �Teflon� with the diameter of 13.5 mm. The
additional fin effects provided by this pin-fin array on HTE effec-
tiveness are not included. The Nu data generated here are limited
to the endwall heat transfer performance only. The leading or
trailing heater surface ��5� and �6�� on which the wall tempera-
tures �Tw� are measured is made of a continuous 27mm wide, 136
mm long, and 0.1 mm thick stainless steel foil. The adjustable dc
electrical power is directly fed through the heating foils ��5� and
�6�� to simulate the basically uniform heat flux thermal boundary
over the leading or trailing endwall. The electrical power for Joule
heating is supplied via a variac transformer with the total power
consumption metered by a wattmeter. At each tested flow condi-
tion, the heating powers are constantly adjusted in order to reach
the preset Tw levels and to vary the relative strength of buoyancy
level. Two ends of each heating foils ��5� or �6�� are sandwiched
between the insulation Teflon plates and the entry and exit copper
plates ��7� and �8�� those connect with copper bars to complete the
electrical circuit. The leading and trailing endwalls fitted with
heating foils and pin-fin array sandwich two Teflon sidewalls ��9�
and �10�� to formulate the rectangular pin-fin channel. The com-
plete set of pin-fin test section is tightened by four draw bolts �11�
between the entry �12� and exit �13� plenum chambers and two
sets of axial bolts �14� through two Teflon sidewalls. The entry
plenum chamber �12� with dimensions of 250�180�120 mm3

joins with the pin-fin test section �4� to simulate the abrupt entry
condition. This abrupt flow entrance with the abrupt area ratio of
19.46 triggers the simultaneous developments of thermal and hy-
drodynamic boundary layers at the immediate flow entrance of the
heat transfer section. Prior to the heat transfer test section �4�,
honeycombs and steel meshes are installed inside the entry ple-
num chamber. The temperature of test coolant in the entry plenum
chamber �12� is metered by a type K thermocouple �15�. Three
additional type K thermocouples �16� are equally spaced along the
spanwise centerline over the exit plane of the test section to mea-
sure the exit fluid temperatures. The measured exit fluid bulk tem-
perature is approximated as the averaged value of these three ther-
mocouple measurements �16�. A needle valve �17� is fitted on the
convergent exit plenum chamber in order to adjust the pressure
level inside the rotating pin-fin channel. Air leakages from the
jointed surfaces are prevented by means of a series of “O” ring
seals and high temperature sealants. Thermal insulation tapes are
wrapped over the external surfaces of the heat transfer assembly
in order to minimize the external heat loss. The complete test
module is vertically mounted onto the rotating platform with the
dynamic balance ensured.

As indicated in Fig. 1�b�, nine K-type thermocouples are in-
stalled on the back of each leading or trailing heating foil along its
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centerline for streamwise Tw measurements. These streamwise
thermocouples locate at the midpin positions. Between pin-rows 8
and 9 over the leading or trailing endwall, seven spanwise ther-
mocouples at the pin and midpin locations are installed to detect
the spanwise Tw variations in the developed flow regime over the
endwall. At each thermocouple junction on the back of the thin
heating foil, the ceramic cement is applied to secure its position.
Thermocouple wires are taken out of the test assembly via the
grooves machined on the Teflon back walls. These temperature
measurements are scanned by a PC via the Net-DAQ Fluke Hydra
2640A data logger. All the relevant raw data, such as temperature
measurements, airflow rates, pressures, and heater powers, are
stored in this PC for the subsequent data processing.

2.2 Parameters, Data Processing, and Program. Experi-
mental studies that determine heat transfer performance in radially
rotating channels generally adopt Re, Ro, and Bu as the control-
ling parameters with which the parametric coverage of realistic
engine conditions are accordingly specified. The rotating buoy-
ancy number �Bu� is a combination of density ratio ��� /� or
��Tw−Tb�� and the relative centrifuge that formulates the nondi-
mensional group of ��Tw−Tb�Ro2�R /d� with the physical identity

of relative strength of rotating buoyancy force. This experimental
study is formulated to determine the functional relationships be-
tween heat transfer levels, and these controlling parameters for a
rotating pin-fin channel are in the form of

Nu or Nu = ��Re,Ro,Bu,boundary conditions� �1�

In Eq. �1�, the experimentally defined Nusselt number �Nu� is
calculated by Eq. �2�. Re, Ro, and Bu are defined in the nomen-
clature. The boundary conditions and the coordinate system
adopted here are specified by the heat transfer test section, as
described in Sec. 2.1

Nu = qd/k�Tw − Tb� �2�

The local convective heat flux �q� in Eq. �2� is obtained. by sub-
tracting the external heat loss flux from the total heat flux sup-
plied. The heating area selected to calculate the heat flux is the
endwall area with the pin-fin sectional areas deducted. Heat loss
calibration tests are performed to generate the correlation between
external heat loss fluxes and the wall-to-ambient temperature dif-
ferences at various rotational speeds. This set of heat loss corre-
lations is incorporated into the data processing program to evalu-

Fig. 1 „a… Test assembly and „b… channel and thermocouples
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ate local heat loss fluxes and consequently the local convective
heat fluxes. The maximum heat loss flux takes place at the test
conditions with the highest rotational speed and wall tempera-
tures, which is about 8.9% of the total heat flux supplied. Having
determined the local convective heat flux �q� at each axial station
where the wall temperature �Tw� is detected, the local enthalpy
balance is accounted to calculate the fluid bulk temperature �Tb� at
this particular Tw spot. To check the accuracy of such energy
accountancy, the calculated and measured Tb values at the flow
exit are constantly compared when the heat transfer tests are per-
formed. Only the raw data can be collected for subsequent pro-
cessing when the differences between the calculated and measured
Tb values are lesser than 10%. All the fluid properties used to
define the dimensionless parameters in Eq. �1� are evaluated at
these Tb values. Table 1 summarizes the parametric conditions
examined here. The maximum Re and Ro in Table 1 are not si-
multaneously attainable. The present ranges of Ro and Bu are
considerably extended from the previous experiences �15–26� by
increasing test pressures and the channel hydraulic diameter �d�.
Test pressures are controlled in the range of 1.1–2.4 bars that
allow for the full coverage of the parametric conditions summa-
rized in Table 1.

The present experimental programs perform heat transfer tests
at static and rotating conditions with a final phase of deriving Nu
correlations. Steady state heat transfer measurements are carried
out at both static and rotating conditions. The steady state condi-
tion is assumed when the temporal Tw variations after several
successive scans are less than �0.3°C. Generally, the flow and
heater power have to be kept for about 45 min in order to satisfy
such steady state criterion. The heat transfer results obtained from
the static pin-fin channel are compared with the relevant data
available for validation. This set of heat transfer data obtained at
the zero-rotating speed is treated as the database against which the
heat transfer results detected from the rotating channel are com-
pared. Each set of heat transfer data generated by the rotating
pin-fin channel is produced at fixed Re and Ro by adjusting the
rotational speed, coolant mass flow rate, and the pressure level. At
each Re-Ro tested, four heater powers that raise the highest Tw
levels to 363 K, 383 K, 403 K, and 423 K are supplied to generate
four different steady state conditions with different buoyancy lev-
els. These four sets of heat transfer data are acquired at fixed Re
and Ro with four ascending buoyancy levels, which reflect the
isolated Bu effect on local Nu. However, adjustments of heat flux
vary local Tb values and accordingly vary the fluid properties such
as viscosity and thermal conductivity of the test coolant �dry air�.
To control Re and Ro at the flow entrance within the maximum
deviations of �1% from the targeting values, the mass airflow
rates are frequently adjusted so that the changes of fluid properties
due to variations in Tb are compensated.

For heat transfer tests, the acquisition of experimental heat
transfer data requires the finite wall-to-fluid temperature differ-

ence, which inevitably inherits certain degrees of buoyancy im-
pact on heat transfer results. Therefore an additional set of data
that is needed to separate Re or Ro impact from Bu interaction is
alternatively obtained by extrapolating the rotational heat transfer
data into the limiting condition of Bu=0, while Re and Ro remain
as the targeting test values. This regression process generates a set
of Nu data at the zero-buoyancy conditions with which the analy-
sis of individual Re or/and Ro effects on Nu or Nu can be per-
formed. Having realized the individual and intercorrelative rela-
tionships between Re, Ro, and Bu on heat transfer, a set of Nu
correlations is derived to evaluate the individual and interactive
effects of Re, Ro, and Bu on Nu along the leading and trailing
endwalls in the developed flow region of the rotating pin-fin chan-
nel. Typical HTE effects generated by various surface enhance-
ments for rotating channels are also compared with the present
pin-fin channel to reveal the different degrees of rotational im-
pacts on heat transfer. The uncertainty analysis indicates that the
most of experimental uncertainties result from the temperature
measurements because the fluid properties are estimated from Tb.
Applying the method of estimating experimental uncertainties rec-
ommended by the editorial board of ASME Journal of Heat Trans-
fer �30�, with the values of Tw−Tb in the range of 50–83 K, the
estimated maximum uncertainties for Nu, Re, Ro, and Bu are
about 8.9%, 5.3%, 4.2%, and 7.6%, respectively.

3 Results and Discussion

3.1 Static Results. In the static channel, the Tw measurements
at two opposite leading and trailing endwalls exhibit negligible
differences due to the lack of rotational forces. But the axial and
spanwise Tw variations generally show the lower Tw value behind
the pin relative to its adjacent location in front of the pin. Figure
2�a� typifies such axial Tw variations along leading and trailing
centerlines at Re=15,000. The local bulk temperature �Tb� de-
picted in Fig. 1�a� increases linearly along the test channel. The
locations behind and in front of a pin are, respectively, referred to
in the notations as BP and FP hereafter. As the experimental heat-
ing condition on each of the two opposite leading and trailing
endwalls corresponds closely to the uniform heat flux, the axial
and spanwise Nu0 variations reassemble the zigzag pattern of Tw
variations with the higher Nu0 values at the BP locations. By way
of normalizing the Nu0 value with Dittus–Boelter Nusselt number
�Nu	� �31�, the HTE effects generated by the pin-fin array in the
static channel are revealed.

Figures 2�b� and 2�c�, respectively, show the axial and spanwise
variations in Nu0 /Nu	 at Re=5000, 15,000, and 20,000 with zero
Ro. The range of data scatter at each x /d location driven by vary-
ing buoyancy levels is small that indicates the negligible buoy-
ancy impact on heat transfer in this static channel. The axial dis-
tributions of Nu0 /Nu	, as seen in Fig. 2�b� at Re=5000, 10,000,
and 15,000, follow a general trend of streamwise increase in the

Table 1 Range of dimensionless parameters

Dimensionless parameter Range

Reynolds number �Re� 5000, 10,000, 15,000, 20,000
Rotation number �Ro� 0–1.4

Buoyancy number �Bu=��Tw−Tb�Ro2�R /d�� 0.004–3.6
Density ratio ���Tw−Tb�� 0.1–0.24

Tested Ro for each Re

Re Ro

5000 0.05, 0.1, 0.15, 0.3, 0.5, 0.7, 1, 1.3, 1.4
10,000 0.05, 0.1, 0.15, 0.3, 0.5, 0.7

15,000, 20,000, 24,000 0.05, 0.1, 0.15, 0.3, 0.5
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initial entry region toward the asymptotic values with relatively
high Nu0 /Nu	 ratios in the developed flow region. This developed
flow region takes place after the fourth pin-row �x /d
4�, where
the regular zigzag heat transfer variations with the higher
Nu0 /Nu	 ratios are constantly observed at the BP locations. With
the abrupt flow entrance, the axial Nu0 /Nu	 profiles, as shown in
Fig. 2�b�, are in contrast with those in the plain channels where
the high heat transfer rates in the initial entry region axially decay
toward the asymptotic values in the developed flow region due to
the thickened boundary layers in the streamwise direction. The
typical axial heat transfer distribution shown in Fig. 2�b� agrees
with the well known fact for the flows across tube-bundles or a
pin-fin array that the fluid mixing and unsteadiness from the
wakes tripped by individual rows of tubes or pins increase pro-
gressively as the flow traverses further downstream. Heat transfer
performances over the first 3–4 rows of pins therefore increase
progressively with the three-dimensional advection and turbulence
diffusion enhanced further downstream. Although the thickened
boundary layers reduce downstream heat transfer rates in the ini-
tial entry region, the streamwise enhanced HTE mechanisms
tripped by pin-rows offset the effects of thickened boundary layers
and produce the axial increases in Nu0 /Nu	 ratios in the pin-fin
channel.

Figure 2�c� depicts the spanwise Nu0 /Nu	 variations along the
centerline between two adjoining pin-rows 8 and 9, where the
flow is considered as developed. Along this spanwise centerline at
7.14 x /d, the zigzag patterns with the higher Nu0 /Nu	 ratios at
BP locations are consistently found at all the Re tested. Over the
entire Re range from 5000 to 20,000, the ratios of Nu0 /Nu	 vary
in the range of 3.1–2.3. It is worth noting that the addition of heat
transfer capacities produced by pin surfaces can significantly el-
evate the HTE performances from the conditions reported for end-
walls only. Also indicated in Figs. 2�b� and 2�c� are the reduced

local Nu0 /Nu	 ratios as Re increases. Such systematic reductions
in Nu0 /Nu	 ratios as Re increases indicate that the Re exponent in
the Nu0 correlation for this pin-fin channel is lesser than 0.8 for
the Nu	 correlation. Consequently, the HTE effect in terms of
Nu0 /Nu	 attributed from the pin-fin array is Re dependent.

Due to the spatial variations in flow structure in this pin-fin
channel, the functional relationship between Nu0 and Re at each
measurement spot is individually examined. As the variations in
Pr are negligible over the temperature range covered here, the
local Nu0 values are correlated as Nu0=A�x /d��Ren�x/d�. The co-
efficient A and exponent n vary with the axial and spanwise loca-
tions. This set of correlations �not shown here� that evaluates local
Nu0 values is derived to serve as the zero-rotation heat transfer
references, against which the rotational Nusselt number �Nu� is
compared and normalized. The heat transfer performance in the
developed flow region of this pin-fin channel is indexed as Nu0,
which is acquired by averaging all the spanwise Nu0 measure-
ments at the BP and FP locations along two opposite centerlines
between pin-rows 8 and 9 �x /d=7.15� over the leading and trail-
ing endwalls. The varying manner of Nu0 /Nu	 ratios against Re
for BP and LP locations are displayed in Fig. 3 in which the
Nu0 /Nu	 ratios at BP location are consistently higher than those
at the FP location.

Also shown in Fig. 3 is the comparable data of Chyu et al. �13�
and Lyall et al. �32�, which share the similar geometries of pin-fin
array and test channel for the purpose of validation. As seen in
Fig. 3, the range of differences between the present Nu0 /Nu	 and
those reported in Refs. �13,32� of less than 15% is due to the
differences in H /d ratio, channel aspect ratio, and the number of
pin-rows of these pin-fin channels. Because the Nu0 /Nu	 ratios
cited in Ref. �32� are the spatially averaged Nu0 values calculated
from the full-surface Nu0 distributions over the entire endwall, the
spanwise-averaged Nu0 value defined by this study seems to be
close to the spatially averaged Nu0 value. The validation demon-
strated in Fig. 3 seems to be satisfactory. The Nu0 correlations at
BP and FP locations are, respectively, derived as Eqs. �3� and �4�
to level the averaged heat transfer performances in the developed
flow region of the present static pin-fin channel

Nu0 = 0.33Re0.628 at BP location �3�

Nu0 = 0.144Re0.708 at FP location �4�

3.2 Rotational Heat Transfer Results in General. It is a
well known fact in this technical community that the Coriolis
secondary flows convect the cooler fluids from the duct-core to
the trailing edge with the heated coolant flowing along the periph-
ery of the rotating duct toward the leading edge, when the main-
stream of airflow is radially outward. This is referred to a major
impact of Coriolis forces on mean-flow fields as the so-called
Coriolis washing effect. However, in the rotating pin-fin channel,
the Coriolis secondary flows are constantly disturbed by the pin-
fin array. But the velocity components driven by Coriolis and
rotating buoyancy forces can still affect the vortical flows tripped
by pin-fins, as well as the turbulent structures. In addition, the

Fig. 2 „a… Axial Tw and Tb variations at Re=15,000 „b… axial and
„c… spanwise distributions of Nu0/Nu� along leading and trail-
ing walls at Re=5000, 15,000, and 20,000

Fig. 3 Nu0/Nu� variations against Re at BP and FP locations
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Coriolis forces generate the spanwise pressure gradient that modi-
fies the local flow instability phenomena with the turbulence pro-
moted and suppressed at the unstable �trailing� and stable �lead-
ing� endwalls, respectively. These interactive effects produce heat
transfer differences between the leading and trailing endwalls with
the higher heat transfer rates on the trailing endwall. With the
basically uniform heat flux heating condition, leading Tw values
constantly operate at the higher levels than the trailing counter-
parts, as typified by Fig. 4�a�.

By way of normalizing the rotational endwall Nusselt number
�Nu� with Nu	, the HTE effects produced by the pin-fin array in
the rotating channel are revealed. Figure 4�b� typifies the axial
distributions of Nu /Nu	 along two opposite centerlines over lead-
ing and trailing endwalls with four different �� /� ratios at Re
=5000 and Ro=1.4. The heat transfer levels along the centerline
of trailing endwall constantly operate at the higher values than
those leading counterparts due to the Coriolis force effects. Unlike
the static pin-fin channel in which the buoyancy effect is nonex-
istent, four pairs of descending Nu /Nu	 profiles along each cen-
terline on leading or trailing endwall are driven by increasing
�� /� at the fixed Re and Ro shown in Fig. 4�b�. This clearly
demonstrates the impairing buoyancy effect on heat transfer on
both leading and trailing endwalls.

Figure 5 depicts the spanwise variations in Nu /Nu	 over the
leading �a� and �b� trailing endwalls in the developed flow region
�x /d=7.14� of the rotating pin-fin channel at Re=5000.

As seen in Fig. 5�a� where Nu /Nu	 obtained with Ro=0, 0.1,
0.5, and 1.4 with �� /��0.15 are compared, the increase in Ro
from 0 to 0.1 reduces heat transfer levels from the Nu0 reference
on the leading endwall. Further increasing Ro from 0.1 to 0.5,
Nu /Nu	 starts increasing on the leading endwall. With Ro
0.5,
Nu /Nu	 increases with the increase in Ro on the leading endwall.
On the trailing endwall, as shown in Fig. 5�b�, the increase in Ro
from 0 to 1.4 produces the consistent heat transfer elevations from
the Nu0 reference. Such heat transfer characteristics found in this
rotating pin-fin channel on the leading and trailing endwalls fol-
low those found in the rotating channels operating at high Ro

�27–29�. It is also worth comparing the attendant variations in the
spanwise Nu /Nu	 profiles over the leading and trailing endwalls
as Ro increases. In Fig. 5�a�, the spanwise zigzag patterns are
systematically moderated as Ro increases from 0 to 1.4. But such
spanwise zigzag Nu /Nu	 patterns are persistent over the trailing
endwall, as seen in Fig. 5�b�. It has previously stated that the
different heat transfer values at the BP and LP locations are pro-
duced due to the endwall vortices tripped by pin-fins. The Coriolis
forces directed toward the trailing endwall of this rotating pin-fin
channel seem to lift the endwall vortices from the leading wall as
Ro increases. Because the endwall vortices are lifted over this
rotating leading surface, heat transfer differences between BP and
LP locations, as shown in Fig. 5�a�, are accordingly moderated.
Acting by the Coriolis forces, the endwall vortices tripped by
pin-rows attach firmly on the rotating trailing surface so that the
spanwise zigzag Nu /Nu	 profiles are persistently found on the
trailing endwall, as seen in Fig. 5�b�. With respect to the Coriolis
force effect, which lifts the endwall vortices from the leading
surface and results in the heat transfer scenarios depicted in Fig.
5�a�, is the first time observation that can considerably alter the
spatial heat transfer variations over the leading endwall in the
rotating pin-fin channel.

Clearly, the presence of rotational forces in the enhanced cool-
ant passages of turbine rotor blades interacts with a variety of
HTE elements to produce different flow structures and heat trans-
fer performances. It is interesting to know how and to what extent
the different flow interactions between the rotational forces and
the flow features induced by various types of surface roughness,
such as ribs, pin-fins, and dimples, can affect the cooling perfor-
mances of these rotating channels. This attempt is realized by
comparing the variations in Nu /Nu	 against Ro for various sets of
data collected from the rotating ribbed �22–28�, dimpled �26�, and
pin-fin �15� channels. Such comparison is made in Fig. 6, where
the Nu /Nu	 data generated by this study are included. The ranges
of �� /� for each data trend compared in Fig. 6 are indicated by
the data available in the open literature.

As well as a reconfirmation, the present data agree well with
those reported in Ref. �15� for the rotating pin-fin channel in the
low Ro range �Ro�0.3�. It is noticed in Fig. 6 that the different
geometries of the channel wall provide various degrees of impact
on Nu0 /Nu	 in these rotating channels. Among these rotating

Fig. 4 „a… Axial Tw and Tb variations „b… axial Nu/Nu� varia-
tions along centerlines on leading and trailing endwalls with
different �� /� at Re=5000 and Ro=1.4

Fig. 5 Spanwise distributions of Nu/Nu� over „a… leading and
„b… trailing endwalls with Re=5000, �� /�=0.15, Ro=0, 0.1, 0.5,
and 1.4 at 7.14 x /d location
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channels with smooth-wall �21�, 90 deg �23�, and 45 deg ribs
�22,28�, dimples �26�, and pin-fins �15�, the smooth duct �21�
shows the lowest heat transfer levels but with the largest range of
Nu /Nu0 from 0.45 �leading� to 3.8 �trailing� in the Ro range of
0–0.5. The widest varying range of Nu /Nu0 in the Ro range of
0�Ro�0.5 among the comparative groups collected in Fig. 6
indicates the largest extents of rotational influences on heat trans-
fer in the smooth duct. The endwall Nu /Nu	 for the rotating pin-
fin channels, as shown by the data from Ref. �15� and present
study, is compatible with those in the dimpled channel �26�. With
Ro�1.5, the range of Nu /Nu0 between 0.8 �leading� and 2.1
�trailing� for the present pin-fin channel is lesser than the varying
range of 0.6�leading�–2.2�trailing� for the square duct roughened
by 45 deg ribs �28�. It is worth mentioned that the data points
collected in Fig. 6 are affected by Bu as well. The ranges of
Nu /Nu0 are subject to the variations from the scenarios depicted
in Fig. 6 to some extent at the conditions with the nonexistent
buoyancy impact. The lesser extent of rotational influences on the
endwall heat transfer due to the presence of pin-fin array is re-
vealed by the comparative study shown in Fig. 6. As described
previously, the protruding pin-fins disturb the Coriolis secondary
flows in the rotating channel and result in less degree of rotational
impacts on endwall heat transfer. Less degree of heat transfer
enhancements from the duct roughened by 45 deg ribs �28� result
in the lower heat transfer rates in the rotating pin-fin channel over
the trailing endwall.

Four sets of Nu /Nu0 data obtained with Re=5000, 10,000,
15,000 and 20,000 but at a fixed Ro with approximately the same
values of �� /� along the leading and trailing centerlines, as indi-
cated in Fig. 7. In each plot of Fig. 7 with Ro fixed at 0.05, 0.1,
0.15, 0.3, or 0.5, four sets of axial Nu /Nu0 profiles along the
centerline of leading or trailing wall collapse into a tight data band
that validates the feasibility of isolating Re impacts from the ro-
tational effects �synergistic Ro-Bu effects� on heat transfer using
Nu /Nu0 data structure. Such result enables the isolation of the Re
effect from the synergistic Ro-Bu impacts on Nu by presenting the
rotational heat transfer data in terms of Nu /Nu0. The axial
Nu /Nu0 profile displayed in each plot of Fig. 7 can therefore be
treated as the streamwise development of the combined Ro-Bu

effects on Nu. In view of all the plots collected in Fig. 7, the axial
Nu /Nu0 profiles follow a general pattern with an initial fall of
Nu /Nu0 at the flow entry region, where the boundary layers and
Coriolis secondary flow both develop. The values of Nu /Nu0
gradually evolve into the two asymptotic values in the developed
flow region after the airflow traverses about four pin-rows, where
the vortices tripped by pin-fins are developed. Over the entire
length of the rotating pin-fin channel, the higher Nu /Nu0 ratios
consistently develop at the trailing edge relative to its leading
counterpart. The leading-wall heat transfer impediments from the
nonrotation conditions develop at Ro=0.05 and 0.1. These com-
bined Ro-Bu impacts on axial Nu /Nu0 profiles typified by Fig. 7
are followed by all the test results obtained with different heat flux
settings.

3.3 Parametric Analysis of Rotational Results. The para-
metric analysis identifies the functional structures of Nu versus
Re, Bu, and Ro to reflect the heat transfer physics in this rotating
pin-fin channel. The individual and interactive Re, Bu, and Ro
impacts on heat transfer have to be examined along with the de-
velopment of heat transfer correlation. As described previously,
the seven spanwise Nu measurements at the BP and FP locations
in the developed flow region over the leading or trailing endwall
of the rotating pin-fin channel are averaged as Nu. The processes
of generating the Nu correlation with the associated heat transfer
physics illustrated are summarized in this section. Initially, the
isolation of Re impacts generate the synergistic Ro-Bu effects on
Nu, permitted by presenting the heat transfer data in terms of
Nu /Nu0. This is confirmed by the converged Nu /Nu0 obtained
with different Re but at the same values of Ro and Bu. With the
Re impacts isolated, the individual Bu effect on heat transfer is

Fig. 6 Variations in Nu/Nu� against Ro for rotating channels
fitted with surface ribs, dimples, or pin-fins along the centerline
of „a… leading and „b… trailing walls with radially outward flow

Fig. 7 Axial Nu/Nu0 profiles with Re=5000, 10,000, 15,000, and
20,000 but at a fixed Ro of 0.05, 0.1, 0.15, 0.3, or 0.5 and fixed
nominal �� /� along leading and trailing centerlines
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analyzed by plotting Nu /Nu0 against Bu at BP and FP locations
on leading and trailing endwalls. Figure 8 depicts the variations in
Nu /Nu0 against Bu at Ro=0.1, 0.3, 0.5, 0.7, 1, and 1.4.

With each Ro tested, the Nu /Nu0 descends linearly as Bu in-
creases. Due to the negative slopes for all the Ro controlled data
trends, as seen in the plots of Fig. 8, the isolated Bu effect impairs
heat transfer within the range of parametric conditions tested here.
But the magnitude of the slope for each data series, as shown in
Fig. 8, systematically decreases as Ro increases. The degrees of
impairing buoyancy impact on heat transfer in this rotating pin-fin
channel are consistently weakened as Ro increases. Such an inter-
correlative Ro-Bu structure needs to be considered in the as
correlation.

The subsequent analysis is devised to reveal the individual Ro
effect on heat transfer. But it is not practical to uncouple the Bu
effects from the Ro controlled thermal physics based on the direct
heat transfer measurements as the finite wall-to-fluid temperature
differences, and therefore the buoyancy interactions, are inevi-
table. In this respect, an additional set of zero-buoyancy heat
transfer data is generated by extrapolating each Ro controlled data
series, as seen in the plot of Fig. 8, to the limiting condition of
Bu=0 using the regressive type of analysis. As the data trend with
a fixed Ro in each plot of Fig. 8 follows a general trend of linear
variation, the extrapolating process adopts the linear curve fitting
routine that leads to the generation of Nu /Nu0 data corresponding
to zero ��Tw−Tb�. These fitted lines, as well as the Nu /Nu0 ratios
at the zero-buoyancy condition, are shown in Fig. 8. The Nu /Nu0
ratios over the leading and trailing endwalls at the BP and FP
locations are accordingly correlated by Eq. �5�

NuL,T

Nu0

= �1�Ro� + �2�Ro� � Ro2��Tw − Tb��R/d� �5�

In Eq. �5�, �1 and �2 are functions of Ro. The �1 function evalu-
ates the Nu /Nu0 ratios at the zero-buoyancy condition that quan-
tifies the individual Coriolis force effects on heat transfer. The
interactive mechanism between the Coriolis forces and rotating
buoyancy is captured as the �2 function by taking into account the
various Ro controlled slopes for the fitted lines shown in Fig. 8. A
physical interpretation of these �2 values is the various degrees of
buoyancy impact on Nu /Nu0. The negative �2 values signify the
impairing heat transfer impacts; while the magnitudes of �2 index
the degree of Bu impacts on heat transfer. Figure 9 displays the
varying manner of the �1 value, which represents the Nu /Nu0 at
zero-buoyancy condition, against Ro at BP and FP locations.

The data trends depicted in Figs. 9�a� and 9�b� restate the heat
transfer variations caused by the Coriolis force effects alone. At

both BP and FP locations on the leading endwall, the Nu /Nu0
ratios are initially reduced from the zero-rotation references as Ro
increases from 0 to 0.1. Such heat transfer impediments on the
leading endwall of the rotating pin-fin channel are soon recovered
with the Nu /Nu0 to be kept increasing as Ro increases above than
0.1. On the trailing endwall, the Nu /Nu0 ratios increase linearly as
Ro increases. It is noticed that, by adding the impeding buoyancy
effects, the Nu /Nu0 ratios are somewhat reduced. Therefore the
�1 curves shown in Fig. 9 limit the upper bound heat transfer
performances for in this rotating pin-fin channel. The review of
the present data ranges with involvements of the impairing Bu
effects indicate that the ranges of Nu /Nu0 on the leading and
trailing endwalls are 0.8–1.6 and 1–2.1, respectively. The upper
bounds of maximum Nu /Nu0 ratios on the leading and trailing
endwalls defined by the zero-buoyancy performances can reach
1.8 and 2.4, respectively. Converting the entire ranges of Nu /Nu0
including the zero-buoyancy conditions into the HTE effective-
ness in terms of Nu /Nu	 shows the Nu /Nu	 ratios on the leading
and trailing endwalls fall in the ranges of 2.6–5.9 and 3.3–6.9
respectively. The comparison of �1 values between the leading
and trailing counterparts, as shown in Fig. 9, clearly indicates the
increased heat transfer differences as Ro increases due to the en-
hanced Coriolis effects.

The variations in �2 versus Ro on the leading and trailing end-
walls, as seen in Fig. 10, depict a general trend of complex expo-
nential function. The �2 values remain all negative and increase to
asymptotic values. However, the magnitudes of �2 are reduced as
Ro increases. Although the date points collected in Fig. 10 reveal
a general trend of developing toward the positive �2 values, all
the Ro controlled �2 values still remain negative in the parametric
range of 0�Ro�1.4. Also the magnitudes of �2 value on the
trailing endwall are consistently larger than the leading counter-
parts. The trailing wall thus undergoes the more severe impairing
buoyancy impacts on heat transfer relative to its leading counter-
part in this rotating pin-fin channel. Considering all the data trends
revealed in Figs. 8–10, a set of Nu /Nu0 correlations that can
determine Nu values at the BP and FP locations in the developed
flow region on the leading and trailing endwalls of this rotating
pin-fin channel is generated as Eqs. �6�–�9�.

For leading �FP�,

Nu/Nu0 = �0.756 + 0.245e−29.2Ro� + �0.882 − 0.604Ro

+ 76.2e−27Ro� � Bu �6�

Fig. 8 Variations in Nu/Nu0 against Bu at fixed Ro of 0.1, 0.3, 0.5, 0.7, 1, and
1.4
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For leading �BP�,

Nu/Nu0 = �0.904 + 0.0962e−60.9Ro� + �0.703 − 0.495Ro

+ 72.1e−15.2Ro� � Bu �7�
For trailing �FP�,

Nu/Nu0 = �− 40.8 + 3.57Ro + 41.9e−0.0791Ro� + �1.09 − 0.681Ro

+ 183e−21.4Ro� � Bu �8�
For trailing �BP�,

Nu/Nu0 = �− 30 + 4.58Ro + 31e−0.137Ro� + �2.43 − 1.62Ro

+ 311e−24.4Ro� � Bu �9�

Equations �6�–�9� correlate and represent all the Nu /Nu0 measure-
ments generated here, which can be readily adopted for computa-
tional fluid dynamics �CFD� validations. A comparison of all the
experimental measurements with the calculated results for Nu us-
ing Eqs. �6�–�9� is performed. There are 90% of experimental data
found to agree with the correlation results within �30% discrep-
ancies, as shown in Fig. 11. However, the applications of Eqs.
�6�–�9� beyond the parametric ranges specified in Table 1 give rise

to the extrapolating uncertainties.
With the assistance of the derived Nu0 and Nu correlations, the

charts, which refer to the rotation induced relative heat transfer
modifications from the static references in terms of Nu /Nu0, are
constructed for this rotating pin-fin channel. Within the parametric
conditions covered by the present study, Fig. 12 depicts the varia-
tions in Nu /Nu0 contours against Ro and Bu over the leading and
trailing endwalls at the FP and BP locations. As the buoyancy
interaction impedes heat transfer performances, Nu /Nu0 consis-
tently decreases as Bu increases in the range of 0�Ro�1.4, as
seen in each plot of Fig. 12. The minimum Nu /Nu0 of 0.89 and
0.8 at the BP and FP locations over the leading endwall are, re-

Fig. 9 Variations in Nu/Nu0 at zero-buoyancy condition against Ro at „a…
FP and „b… BP locations

Fig. 10 Variations in �2 values against Ro on the leading and
trailing endwalls at „a… BP and „b… FP locations

Fig. 11 Comparison of experimental measurements with the
calculated results for Nu
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spectively, resolved at Ro=0.1 on the edge of the parametric lim-
its specified in Figs. 12�a� and 12�b�. On the trailing endwall,
Nu /Nu0 consistently increases with the increase in Ro but is re-
duced as Bu increases. Such synergistic Ro-Bu impacts lead to
high Nu /Nu0 at the bottom right corners of Figs. 12�c� and 12�d�.
The maximum Nu /Nu0 of 2.2 and 2.4 develop at Ro=1.4 with the
zero-buoyancy condition over the trailing endwall at BP and FP
locations respectively. From the viewpoints of design and opera-
tion, Nu /Nu0 is clearly the functions of Ro and Bu impacts, as
shown in Fig. 12. The parametric regime in which Nu /Nu0 is
lesser than unity on the leading endwall needs design precautions
in order to prevent the development of hot spots on the rotor
blade.

4 Conclusions
This experimental study simulates closely both parametric and

geometric conditions of a rotating pin-fin channel with cooling
applications to the typical coolant passage inside the trailing edge
of a gas turbine rotor blade. The Ro range of 0–1.4 examined here
considerably extends previous experiences with the first time heat
transfer data generated by this study. Several concluding remarks
are obtained as follows.

1. Local Nu0 values over the first 3–4 pin-rows along the pin-
fin channel increase progressively toward the asymptotic
levels, as the trade-off between the thickened downstream

boundary layers and the streamwise enhanced HTE mecha-
nisms tripped by pin-rows. The spanwise heat transfer varia-
tions show the zigzag patterns with the higher heat transfer
rates at BP locations. With 5000�Re�20,000, the range of
Nu0 /Nu	 falls between 3.1 and 2.3. The reduced Nu0 /Nu	

�HTE ratio� as Re increases indicates that the HTE effect
produced by this pin-fin array is Re dependent. The
spanwise-averaged Nu0 correlations at BP and LP locations
are derived as Eqs. �3� and �4�.

2. Rotational heat transfer rates on the trailing endwall are con-
stantly higher than those leading counterparts, with the ro-
tating buoyancy effects impairing local heat transfer. The
increase in Ro from 0 to 0.1 reduces heat transfer levels on
leading endwall from the Nu0 references. But the heat trans-
fer levels on the leading endwall are subsequently increased
as Ro increases from 0.1 to 1.4. On the trailing endwall, the
increase in Ro produces consistent heat transfer elevations
from the Nu0 references. Along with these typical rotational
effects on local Nu, the spanwise zigzag Nu patterns over
the leading endwall are systematically moderated as Ro in-
creases; however, the spanwise zigzag Nu patterns are still
persistent on the trailing endwall. Acting by the Coriolis
forces, the endwall vortices tripped by pin-rows attach
firmly on the trailing endwall but are lifted on the leading
endwall in this rotating pin-fin channel.

3. Isolation of Re effects from the synergistic Ro-Bu impacts

Fig. 12 Variations in Nu/Nu0 contours against Ro and Bu over „a… and „b… leading and „c… and „d…
trailing endwalls at FP and BP locations
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on Nu are achieved by representing the rotational heat trans-
fer data in terms of Nu /Nu0. Due to the combined Ro-Bu
impacts involving the impairing Bu effects, the ranges of
Nu /Nu0 on the leading and trailing endwalls are 0.8–1.6 and
1–2.1, respectively. The upper bounds of maximum Nu /Nu0
develop at the conditions without buoyancy impacts with
Nu /Nu0, respectively, reaching 1.8 and 2.4 on the leading
and trailing endwalls. The worst heat transfer scenarios de-
velop on the leading endwall that lead Nu /Nu0 to 0.89 and
0.8 at the BP and FP locations, respectively.

4. Increasing rotating buoyancy caused a decrease in wall heat
transfer at all measurement locations. The relative decrease
in heat transfer with buoyancy was greater at low Ro and
less at the highest Ro.

5. A set of heat transfer correlations that permits the evaluation
of Nu at FP and BP locations in the developed flow regime
of present rotating pin-fin channel is derived to represent the
experimental heat transfer data generated by this study with
the individual and interactive influences of Re, Ro, and Bu
assessed.

Nomenclature
A and n  coefficient

Bu  buoyancy number=Ro2��Tw−Tb��R /d�
Cp  specific heat of fluid �Jkg−1 K−1�

d  hydraulic diameter of test channel �m�
dp  pin diameter �m�
H  pin height �m�
k  thermal conductivity of fluid �W m−1 K−1�

Nu  rotational Nusselt number=qd / �k�Tw−Tb��
Nu0  stationary Nusselt number for pin-fin duct
Nu	  Dittus–Boelter Nusselt number for static

smooth duct based on channel hydraulic
diameter

Nu  spanwise-averaged Nusselt number in the
developed flow region

PX  X-wise pin pitch �m�
PY  Y-wise pin pitch �m�
Pr  Prandtl number=�Cp /k
q  convective heat flux �Wm−2�
R  rotating radius at midspan of test duct from

rotating axis �m�
Re  Reynolds number=�Wmd /�
Ro  rotating number=�d /Wm
Tb  fluid bulk temperature �K�
Tw  wall temperature of test duct �K�
W  channel width �m�

Wm  mean through flow velocity �m s−1�
X and Y  dimensionless axial and spanwise

coordinates=x /d, y /d
�  thermal expansion coefficient of fluid �K−1�
�  fluid density �kg m−3�
�  fluid dynamic viscosity �kg s−1 m−1�
�  rotating speed of test duct �rad s−1�

�, �1, and �2  unknown functions

Subscripts
L  refers to centerline of rotating leading edge
T  refers to centerline of rotating trailing edge
0  refers to nonrotating situation
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Investigation of Sand Blocking
Within Impingement and
Film-Cooling Holes
Gas turbines are not generally designed for operation with a particle laden inlet flow but,
in fact, are commonly operated in unclean environments resulting in dirt, sand, and other
debris ingestion. In addition to the negative effects within the main gas path, for
aeroengines these particles are pulled into the coolant system where they can clog cool-
ing passages and erode internal surfaces. Unlike previous research that focused on depo-
sition and erosion within the main gas path, this study evaluated blocking in a double
wall liner whereby both impingement and film-cooling holes were simulated. Double wall
liners are commonly used in the combustor and turbine for combined internal and exter-
nal cooling of metal components. Specifically, sand blockages were evaluated through
comparisons of measured flowrates for a particular pressure ratio across the liner. Four
liner geometries were tested whereby the coolant hole size and orientation were varied in
test coupons. At ambient temperature, blocking was shown to be a function of the im-
pingement flow area. A significant rise in blocking was observed as sand and metal
temperatures were increased. The overlap between the impingement and film-cooling
holes was also found to have a significant effect. �DOI: 10.1115/1.3106702�

1 Introduction
Figure 1 shows two instances of gas turbines operating in dust-

laden environments. Complete filtration of the intake air is often
deemed infeasible because of the associated pressure drop, filter
replacement and cleaning requirements, and overall increase in
engine weight. Particle ingestion into a gas turbine can have seri-
ous effects on both performance and engine service intervals.
While passing through the engine, ingested debris collides with
and subsequently erodes the metal surfaces. These particles,
which are also pulled into the coolant air bypass, clog the internal
channels thereby reducing coolant mass flow and increasing part
temperature. Elevated temperatures within the engine can melt the
sand, further increasing the likelihood of deposition and blocking
within the cooling channels. Two commonly used cooling tech-
niques within a gas turbine are impingement and film-cooling
�FC�. Impingement cooling is used to cool parts from the inside,
as this type of flow would be aerodynamically disruptive within
the main gas path. Film-cooling is often employed on the external
surface by providing a coolant film along the exterior.

For this study, the combination of impingement and film-
cooling holes, often referred to as a double wall liner, was sub-
jected to a sand-laden coolant stream. Measurements of the cool-
ant flow at a given pressure ratio �PR� were made to deduce the
reduction in flow that would occur in an engine under sand-laden
coolant conditions. The following parameters were investigated:
liner geometry, pressure ratio, entering sand temperature, sand
amount, and metal temperature. This paper also contains a litera-
ture review and description of experimental methods in addition
to the experimental results performed at both ambient and engine
temperatures.

2 Relevant Past Studies
As stated previously, ingestion of foreign particles can ad-

versely affect a turbine’s performance and lifecycle. The past stud-
ies review begins with previous research focusing on actual inci-

dents of in-service turbine hardware experiencing debris
ingestion. It is followed by a review of simulated experimental
and computational studies on the effects of particle ingestion rel-
evant to gas turbine applications.

2.1 Research Motivation. The most common instances of
foreign particle ingestion for a commercial aircraft engine arise
from entering a volcanic ash cloud. An early instance of this po-
tentially disastrous situation was on the June 24th, 1982 encounter
of British Airways 77 where a Boeing 747, powered by Rolls-
Royce RB-211 engines, flew into the eruption cloud of Mt. Ga-
lunggung near Indonesia �2�. Upon entering the cloud, the aircraft
was forced into an emergency landing after all four engines expe-
rienced a temporary flameout. Upon investigation after landing,
significant erosion and deposition was observed, as shown in Fig.
2. This encounter, along with several others, prompted the aircraft
community to address this new danger �4� and instruct pilots on
tactics to avoid ash clouds and emergency procedures during an
encounter �5�. The most well known instance of volcanic ash in-
gestion occurred on December 15th, 1989 when a Boeing 747-
400, powered by GE CF6-80C2 engines, entered an ash cloud
from Mt. Redoubt volcano near Anchorage, AL �6�. All engines
experienced a flame-out after being throttled up in an attempt to
climb above the debris. After numerous restart attempts and losing
more than 10,000 ft in altitude, the crew was finally able to restart
the engines and make an emergency landing. Repairs to the air-
craft totaled more than 80 million dollars, which included the total
replacement of all four engines. These and other instances of air-
craft traversing through volcanic dust clouds prompted studies on
the effects of ash ingestion for gas turbine engines and also the
development of satellite and radar systems to warn pilots of pos-
sible encounters. Despite these precautions, the ingestion of vol-
canic debris is still considered to be a significant danger to com-
mercial airliners.

With regards to military aircraft, helicopter pilots in Desert
Shield and Desert Storm were forced to come up with unorthodox
operational procedures to help mitigate the negative effects of
sand ingestion for virtually all helicopter platforms �7�. One such
procedure was lifting the helicopter off before the recommended
engine warm-up period and turning off the engines immediately
after a landing. This reduced the total amount of sand being in-

Manuscript received February 1, 2009; final manuscript received February 4,
2009; published online January 21, 2010. Review conducted by David Wisler. Paper
presented at the ASME Turbo Expo 2008: Land, Sea and Air �GT2008�, Berlin,
Germany, June 9–13, 2008.
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gested into the engine while under load, which was primarily
being stirred up by the rotors. Pilots also incorporated strict tur-
bine washing regimes after each flight, which removed some of
the deposits in the engine by flushing it with high pressure water.

2.2 Studies on Particle Ingestion. Several investigators have
performed research as to the effects of particle ingestion with
emphasis on gas turbines. The majority of these studies can be
grouped into several categories: full-scale engine tests, accelerated
erosion and deposition testing, and internal cooling blockage
studies.

The earliest full-scale engine studies on dust ingestion were
conducted by Batcho et al. �8� and Dunn et al. �9,10� in 1987. For
their tests, several engines were operated with a dust-laden inlet
stream while monitoring engine performance. After completion of
testing, each engine was disassembled and the effects of sand
ingestion were documented. They identified the following damage
mechanisms that resulted in deterioration of engine performance:
compressor erosion, deposition in the high pressure turbine,
blockage of cooling holes in the high pressure turbine, and partial
combustor fuel nozzle blockage. For their specific tests, however,
the turbine inlet temperature was too low to result in sand glassi-
fication downstream of the combustor. While the concentration of
sand ingested into the engine’s environmental control system
�ECS� was monitored, no attention was given as to the effects of
particles traveling through the coolant bypass and into the com-
bustor and turbine internal cooling geometries.

As a result of the high cost associated with these types of en-
gine tests, a hot section test system �HSTS� was developed by
Kim et al. �11� to simulate the exit temperature and flow of a T56
can-type combustor and the more modern F100 annular combus-
tor. Actual engine hardware was installed downstream of the
HSTS and different dust blends were introduced upstream of the
HSTS for each test. It was concluded that deposition was depen-
dent on sand composition, sand concentration, turbine inlet tem-
perature, and metal surface temperatures. Molten deposition was
reported in the turbine when inlet temperature and metal tempera-
ture were above 1177°C and 816°C, respectively. An indepen-
dent cooling system was utilized thereby supplying the turbine
components with a dust-free coolant stream, as the study was
focused only on the effects of a particle laden main flow through
the engine. Another study using the HSTS was performed by
Weaver et al. �12�. This study evaluated the effects of cooling hole
diameter, hole roughness, turbine inlet temperature, and vane ge-
ometry with a dust-laden main flow. Test vanes included Inconel®
617 and Lamilloy film-cooled cylinders as well as F100-PW-220
first stage turbine vanes. Unlike previous studies, the coolant

stream was modified to accommodate both clean and dust-laden
flows. Inspection after testing showed that the cooling holes or
passages had negligible clogging from dust while there was sig-
nificant deposition on the external surfaces at elevated turbine
inlet and metal temperatures.

Another subject of study pertaining to dust ingestion is the ero-
sion caused by particle impacts with metal surfaces. Accelerated
erosion studies at metal temperatures of up to 815°C have been
presented in the literature �13� showing the effects of impinge-
ment angle, temperature, particle and eroded surface character,
and impact velocity �14,15�. Recently the focus of this group has
been investigating the effect of different turbine blade coatings on
erosion rates and the resulting surface roughness characteristics. A
study by Tabakoff and Simpson �16� compared uncoated turbine
and compressor blades to a number of different coatings at el-
evated temperatures. After testing, the blade weight was taken and
compared with the original value. A similar study of coated and
uncoated turbine vanes was performed by Hamed et al. �17� with
the primary focus being on the resulting vane surface roughness.
All of these studies support the argument that particle ingestion
causes material erosion and deposition on external compressor
and turbine surfaces.

Other researchers have developed a high temperature acceler-
ated deposition facility with emphasis on studying the character-
istics and chemical composition of material deposits on turbine
surfaces �18�. Jensen et al. �18� recognized the need for acceler-
ated deposition studies as deposit formation could take as much as
25,000 operation hours in an industrial gas turbine. Bons et al.
�19� also quantified the surface characteristics and roughness lev-
els for in-service turbine blades and vanes to serve as a basis of
comparison for their accelerated tests. The results of the investi-
gation by Bons et al. identified the leading edge region as having
the highest levels of external deposition for the evaluated turbine
hardware. Another interesting finding of this study was the mea-
surement of substantial deposition on in-service turbine vanes op-
erated at a turbine inlet temperature below 900°C, which was
substantially less than the 1177°C threshold for deposition previ-
ously stated by Kim et al. �11�.

A review of the current research on erosion and deposition in
turbomachinery was presented by Hamed et al. �20�. In their pa-
per, the authors presented a review of erosion studies including
numerical studies of particle trajectories and collisions for the
main gas path. A summary of computational and experimental
studies on the mechanisms of particle delivery and deposition was
also presented. The authors also addressed the performance and
lifecycle reductions, which are associated with erosion and depo-
sition. The paper does not, however, address what effects erosion
and deposition have on internal cooling geometries. This is be-
cause of the lack of experimental research on internal cooling
blockage associated with dirty inlet air.

A numerical study of particles within a square channel having
periodically spaced ribs was performed by Tafti and Shah �21�.
For their study, 10 �m particles were shown to be more sensitive
to large flow structures within the channel. Particle impacts on the
rib surfaces were evenly distributed and impacts on the side walls
were preferentially concentrated in the region of the top and bot-
tom ribs. This was not true for the 100 �m particles, which
showed significantly higher tendency to impact the upstream sur-
face of the rib as well as the reattachment region behind the rib.

Walsh et al. �22� have currently performed the only experimen-
tal investigation within the literature directly focusing on the ef-
fects of a dust-laden coolant stream. Their study was focused on
the effects of metal temperature, coolant temperature, coolant
pressure ratio, number of cooling holes, sand amount, and sand
diameter on cooling hole blockage for a test coupon with laser
drilled film-cooling holes. Walsh et al. concluded that increases in
metal temperature had the most significant effect on cooling hole
blockage. Walsh et al. reported 1–6% reduction in test coupon

Fig. 1 Gas turbines operated in dust laden environments †1‡

Fig. 2 Image of turbine nozzle guide vanes after ingestion of
volcanic ash †3‡
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flow parameter �FP� at engine representative metal and coolant
temperatures for a pressure ratio range of 1.1–1.6 across the cool-
ing holes.

3 Geometries of the Double Wall Liners
Combinations representing four different designs of a double

wall liner utilizing impingement and film-cooling were chosen as
representative of either a combustor liner or blade outer air seal.
All liners consisted of an impingement plate, spacer plate, and
film-cooling plate, as shown in Fig. 3. A periodic representation of
the alignment between impingement and film holes is shown in
Fig. 4 for each of the four liners tested. As can be seen, for each
double wall liner, there was more or less overlap of the impinge-
ment jet locations with respect to the film hole entrances.

A 9�9 cm2 sheet of Inconel® 625, which is a high nickel
superalloy with similar physical properties to metals used within
the engine, was used as the material base for each plate. The
sheets had a machined finish and the thicknesses of the impinge-

ment, film-cooling, and spacer plates were 1.27 mm, 0.89 mm,
and 1.65 mm, respectively. The impingement and film-cooling
holes were machined 90 deg and 30 deg inclined to the surface,
respectively. All cooling holes were created using electron dis-
charge machining �EDM�, chosen for its high dimensional toler-
ance at this scale in comparison to traditional and laser machin-
ings. Each spacer plate was machined with a 3.8 cm2 hole for the
purpose of forming a sealed cavity between the impingement and
film plates. All 12 plates were also machined with a six-hole
mounting pattern to assure correct alignment for each test. De-
tailed information on each design is shown in Table 1.

For the geometries shown in Fig. 4, L1 was chosen as repre-
sentative of an actual engine combustor liner. Each design was
varied off of the L1 design to asses the effect of cooling hole
diameter, total cooling flow area, and relative alignment between
the impingement and film. The number of impingement holes was
increased between L1 and L2 while keeping the cooling hole di-
ameter and the number of film-cooling holes constant. This al-
lowed for the investigation of total impingement flow area on sand
blocking levels. Cooling hole size was reduced by 20% for L3
while keeping the total film-cooling flow area and impingement
hole pattern equal to the values for L1. L4 had an increased cool-
ing hole diameter of 20% above L1 and L2 in addition to a dif-
ferent pattern for the film-cooling and impingement holes.

4 Experimental Facility and Methodology
The level of hole blockage was quantified through the use of

the flow parameter, as was done by Walsh et al. �22�. The FP,
shown in the Nomenclature, is a convenient definition of a non-
dimensional mass flow parameter �23�. In the definition, Pexit re-
fers to the discharge pressure of the cooling hole. During testing
each liner was exhausted to the ambient laboratory environment,
which allowed Pexit to be replaced by Pamb in the definition of
flow parameter. There is one unique flow parameter that results for
a given geometry, temperature, and pressure ratio.

The pressure ratio is defined as the ratio of supply pressure
upstream for the impingement plate to the exit static pressure of
the film-cooling plate. The coolant supply pressure P0C was mea-
sured upstream of the impingement plate. If either the film-
cooling or impingement holes were partially blocked, one would
expect to measure a lower flowrate than for an unblocked hole at
the same pressure ratio. This drop in flowrate also corresponded to
a drop in flow parameter. Ultimately, matching the flow parameter
with engine conditions resulted in a matched air residence time
within the liner. For a realistic coolant temperature, matching the
air residence time resulted in a particle residence time, which was
similar to engine values. Matching the particle and air residence
times assured that the thermal response of each particle, set by

Fig. 3 Representative impingement and film-cooling double
wall liner

Fig. 4 Overlap between impingement hole exit and film hole
entrance „periodic section shown…

Table 1 Double wall liner details

Liner No.

Film cooling

NFC

DFC
��m�

AFC
�mm2� LFC /D P1FC /D P2FC /D

L1 64 635 20.3 2.8 7.0 7.1
L2 64 635 20.3 2.8 7.0 7.1
L3 100 508 20.3 3.5 8.8 7.1
L4 52 762 23.7 2.3 5.9 6.5

Impingement

Liner No. NI

D1
��m�

AI
�mm2� LI /D P1I /D P2I /D

L1 25 635 7.9 2.0 11.3 11.3
L2 32 635 10.1 2.0 11.3 10.0
L3 25 508 5.1 2.5 14.1 14.2
L4 13 762 5.9 1.7 9.4 13.1
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radiation and convection within the part, was equivalent to that
occurring within the engine. It was because of these relationships
that matching flow parameter as well as coolant and part tempera-
tures were important for studying the blockage of an internal cool-
ing geometry.

Before sand testing was performed, a baseline flow parameter
curve, shown in Fig. 5, was established for each liner at ambient
and elevated temperatures. At a given coolant temperature, each
liner had a unique relationship between pressure ratio and flow
parameter. Varying the coolant temperature changed the fluid vis-
cosity within the liner, resulting in a new relationship between the
flow parameter and the pressure ratio, as shown in Fig. 5. Each
respective baseline was used to evaluate the total reduction in flow
parameter �RFP� for a blocked liner, as shown in the Nomencla-
ture.

Prior to each blockage test where sand was injected into the air
stream, the measured baseline flow parameter was repeated to
ensure that the hole passages were clear of any sand from the
previous test. Note that the blockage was based on the flow pa-
rameter that occurred at the final pressure ratio of the clogged
liner. This procedure is illustrated in Fig. 6 as a zoomed graph of
ambient and heated baseline curves with representative data
points. Under experimental conditions, the result of sand blocking
with the liner was a sudden increase in pressure ratio and decrease
in flow parameter. After clogging with sand, liner flow parameter
and pressure ratio remained at their blocked values until the liner
was cleaned manually. This method of using the reduction in flow
parameter to quantify sand blockage within cooling holes was
published in a similar study by Walsh et al. �22�.

The reduction in flow parameter can be reported several ways,
whether an ambient temperature or a heated test was conducted.
The previously defined variable RFP was used to compare the
reduction in flow parameter under ambient conditions. For all cold
cases, the RFP was based on the difference between the blocked
flow parameter FPB and the equivalent unblocked flow parameter
at the blocked pressure ratio FP0. The calculation of RFP is illus-
trated in Fig. 6. At heated conditions, the RFPH was used whereby
FP0H was the equivalent unblocked baseline flow parameter at the
blocked pressure ratio and FPBH was the blocked value at heated
conditions, as shown in Fig. 6.

4.1 Test Facility. Originally constructed by Walsh et al. �22�,
a test facility that generated a constant pressure upstream of the
test coupons was modified to accept the double wall liner cou-
pons, as seen in Fig. 7. High pressure room temperature air was
supplied as coolant to the test coupons. This air was supplied to
the laboratory, prior to which it was filtered and dried by an
auxiliary compressor facility at approximately 550 kPa. A self-
adjusting precision pressure regulator was used to control
and regulate a constant coolant pressure. Downstream of the pres-
sure regulator was a laminar flow element, having a maximum
capacity of 1400 cm3 /s, which measured the total coolant flow-
rate through each liner. The required flowrate range was
170–830 cm3 /s.

Coolant temperatures were recorded within the center of the
plenum chamber using a type K sheathed thermocouple probe as
shown in Fig. 7. Coolant pressure was also measured at this loca-
tion using a 1.6 mm diameter Inconel® tube as a pressure probe.
The ratio of plenum diameter to impingement hole diameter var-
ied from 144:1 to 96:1, thus assuring that pressure measured
within the chamber was equivalent to the total coolant pressure.

Control of the metal temperature was accomplished by placing
the liner and sand feed pipe within an electric kiln. The coolant
temperature was controlled with a multipass heat exchanger sup-
plied with ambient temperature compressed air, also shown in Fig.
7. Two fiberglass shielded type K thermocouples were affixed to
the film-cooling plate using a high temperature ceramic adhesive
to measure the metal temperature of the film-cooling plate. Each
thermocouple was located in close proximity to a film-cooling
hole, but not within the coolant jet. For each test, the difference in
metal temperature measured between the two thermocouples was
less than 5°C. Variation of the metal and coolant temperature was
accomplished by changing the kiln power and auxiliary heat ex-
changer flow for the coolant stream.

An electric oven, set at 150°C, was used to dry the sand for 4
h before each test. This preliminary drying was performed to

Fig. 5 Baseline flow parameter curves for all liners at ambient
conditions and L1 at heated conditions

Fig. 6 Testing procedure for calculation of RFP

Fig. 7 Test facility used for studying sand blockages in the
double wall liner coupons
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avoid humidity clumping of the sand. Sand delivery to the liner
was accomplished using a sealed gravity feed system, shown in
Fig. 7. For each test, the prescribed sand amount was loaded
above a valve that controlled access to the sand feed pipe. Open-
ing this valve allowed the sand to pass vertically down the feed
pipe, which was approximately 10 cm in length. This pipe termi-
nated just upstream of the impingement plate and above the first
row of cooling holes. The sand feed pipe was terminated above
the cooling holes to insure that it did not disturb the inlet flow into
the impingement plate. It is important to note that this resulted in
a slightly higher mass loading of sand through the upper holes
than through the lower holes. In addition, visual inspection after
testing showed only trace amounts of sand within the coolant
plenum, which meant that all the sand had become entrained
within the coolant flow.

Since the tube supplying the sand was located within the hot
portion of the kiln, as shown in Fig. 7, it is important to recognize
that there was a significant heat up of the sand prior to entering
the test coupon. Heat transfer to the falling sand was driven pri-
marily through radiation from the section of the feed tube, which
was exposed to the heated kiln. It is also important to note that the
kiln temperature needed to be adjusted to maintain a constant
coupon metal temperature for different coolant flowrates. For a
constant coolant and kiln temperature, increasing the coolant
flowrate to the coupon resulted in a decrease in the part’s metal
temperature. Because of this, the kiln temperature was varied to
maintain a constant metal temperature for the different coolant
flowrates. As a result, the supply tube temperature was changing
with the kiln temperature. With the tube temperature changing, so
did the entering sand temperatures. At elevated temperatures the
probability of deposition increased when using heated sand.
Therefore a transient calculation was performed for each test to
estimate the sand temperature as it flowed into the impingement
plate. Reported values of sand temperature were based on the
mean particle size and assumed that the supply tube temperature
was equal to the kiln temperature.

Each liner plate was affixed in the test setup using a ceramic
adhesive and sealant that formed an airtight seal once cured up to
1260°C. Most importantly, the adhesive’s coefficient of thermal
expansion was similar to that of Inconel® 625, making it an ideal
high temperature sealant. Steps were made to ensure each joint
was hermetically sealed before and after each test, which was
verified through repeating the baseline flow parameter-pressure
ratio curve.

4.2 Sand Characterization. The chosen test sand, Arizona
road dust, is comprised primarily of crushed quartz �22�. The
analysis of each of the sand samples agree with the manufactur-
er’s specification stating that it contains different phases of quartz
�SiO2� up to approximately 68–76%. The other major constituent
is aluminum oxide �Al2O3� between 10–15%, with traces of iron
oxide �Fe2O3�, sodium silicate �Na2O�, lime �CaO�, magnesium
oxide �MgO�, titanium dioxide �TiO2�, and potassium oxide
�K2O� in descending concentration. Arizona road dust has been
used extensively for particle ingestion testing by the aviation, au-
tomotive, and filtration industries. Its chemical composition
closely matches the types of sand found in arid desertlike cli-
mates. In addition to having a wide variation in particle size, this
particular sand agglomerates readily forming large particles.

In characterizing the sand, a number of measurement methods
were originally used to verify the particle size distribution. To
reduce the particle breakup during the sizing measurement, a dry
analysis was performed by using a series of mesh sieves ranging
from 53 �m to 850 �m. The sieves were stacked thus filtering
the sand in different bandwidths. These results are given in Fig. 8.
The initial weight of each sieve and the sand were recorded. The
entire stack was then lightly agitated for 4 h. After the agitation,
each sieve was weighed and the amount of sand within each size
band calculated. Several large conglomerates of particles were

observed in the 850 �m sieve. The maximum linear dimension of
the conglomerates was measured by calipers as �3000 �m and is
listed in Fig. 8 as the 100% data point. A minimum particle diam-
eter of 0.6 �m was measured using a Horiba Partica LA-950
laser diffraction analyzer. The LA-950 utilizes both a wet and dry
measurement method, both of which caused significant breakup of
particle agglomerations and were therefore deemed unsuitable for
measurement of the overall size spectrum. The results of the laser
diffraction methods are also included in Fig. 8.

Unless indicated, the amount of sand used was 0.35 g for each
of the tests. The 0.35 g corresponded to a particle mass loading of
0.8, which was used by Walsh et al. �22� as representative of
actual levels within the engine. Particle mass loading is defined as
the mass flux ratio of the dispersed phase to the continuous phase
�24�. For these tests the sand and cooling air served as the dis-
persed and continuous phases, respectively. Walsh et al. deter-
mined the appropriate mass loading by comparing the flow param-
eters of clean turbine components with field-operated components
in which sand had entered the coolant stream and blocked cooling
holes.

Deposition within the engine is most likely to occur over a
longer period of time than the method used in this study in which
a slug of sand was introduced to the part. To assure realistic re-
sults, several tests were performed to determine if a slug of a
given sand amount has the same blocking characteristics as when
the given sand amount was divided into portions. It was verified
that the cumulative sand amount equaled that used for the single
slug tests. Representative results of these comparison tests are
shown in Fig. 9. The tests indicate an insensitivity to how the sand

Fig. 8 Size distributions for the test sand obtained by several
methods

Fig. 9 Cumulative blocking effects versus slug flow for L1 at
TM=982°C and Tc=649°C
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was introduced into the liner as both the cumulative and slug tests
resulted in the same overall blockage.

4.3 Testing Procedure. Before each test, deposited sand from
the previous test was removed from the impingement and film-
cooling plates. The liner was considered free of previous sand
remnants once its original baseline flow parameters could be
reproduced.

After confirming the appropriate baseline flow parameter curve,
the desired pressure ratio was set between 1.02 and 1.1. For an
unheated test, the system was ready for sand injection. When per-
forming a heated test, the test apparatus was placed in the kiln
prior to setting the appropriate pressure ratio. The auxiliary cool-
ing air flowrate and kiln power were varied until the desired cool-
ant and metal temperature were set and steady. Required time to
reach steady state for a heated test varied from 3–6 h, dependent
on the desired test conditions.

With the pressure ratio set and steady-state temperatures
achieved, the sand feed valve was quickly opened allowing the
prescribed amount of sand to flow through the part. Once the
pressure ratio and flow parameter were steady again, which typi-
cally took less than a few seconds, the new pressure ratio and flow
parameter were recorded. The appropriate reduction in the flow
parameter was then calculated relative to the clean liner flow pa-
rameter at the blocked pressure ratio. A 25 case repeatability study
conducted by Walsh et al. �22� showed that three tests conducted
for each case resulted in repeatable results to within 7%. In addi-
tion, multiple investigators have performed these studies spanning
over 1 year. Their results also indicate that an average of three
tests resulted in good repeatability. Each data point presented by
this study corresponds to an average of three independent tests.

4.4 Uncertainty Analysis. Uncertainty and repeatability tests
conducted by Walsh et al. �22� showed that three tests provided an
adequate repeatability for this type of cooling blockage tests. Av-
erage variation of RFP between each group of three tests was
2.5% for both ambient and heated conditions. The propagation of
uncertainty associated with the measurement methods was calcu-
lated for all test conditions, as outlined by Figliola and Beasley
�25�, to validate the observed results and trends. At both ambient
and heated conditions, the uncertainty in flow parameter was ap-
proximately �2% of the measured value for all pressure ratios. At
ambient conditions, the overall uncertainty in RFP was
0.11�0.011 at PR=1.02 and 0.16�0.01 at PR=1.10. At heated
conditions, the uncertainty in RFPH was 0.18�0.016 for PR
=1.03, TM =982°C, and Tc=649°C. Negligible variation in un-
certainty was calculated between the different liner geometries. In
addition, the uncertainty associated with measuring the prescribed
sand amount was 0.35 g�0.005 g.

4.5 Derivation of the Test Matrix. Significant consideration
was given to the generation of the test matrix, shown in Table 2.
The nominal coolant temperature chosen for the high temperature
testing was 649°C. With respect to external metal temperatures,
the combustor liner typically operates in excess of 1000°C. How-

ever, a maximum metal temperature of 982°C was chosen be-
cause of the material limitations of Inconel® 625 as it melts at a
lower temperature than proprietary engine alloys.

With regards to entering sand temperature, no information was
available as to the levels seen within the engine. Whether entering
sand temperature was above or below the coolant temperature
value was a function of particle residence time, slip velocity, and
wall collision rate. Since realistic engine values for these variables
are unknown, the maximum limitations of the testing capabilities
were chosen to evaluate this parameter resulting in an entering
sand temperature range of 316–760°C. This range was set by the
minimum and maximum heated lengths of the sand feed tube
within the limitations of the kiln’s interior dimensions.

5 Discussion of Results
A number of tests were conducted to analyze the effect of sand

being ingested into several double wall liner designs. The experi-
mental results are broken into two sections: ambient temperature
and elevated temperature. For the ambient temperature tests, the
effects of pressure ratio, liner geometry, and sand amount were
investigated. At elevated temperatures, the effects of liner geom-
etry, film-plate metal temperature, and entering sand temperature
were evaluated. The ambient results will be discussed prior to the
high temperature results. In Secs. 5.1–5.4 and 6, the reduction in
flow parameter will be referred to as an increase or decrease in
“blockage.”

5.1 Ambient Temperature Results. Figure 10 compares the
blockage levels for all four liner geometries at a range of pressure
ratios given a nominal sand amount of 0.35 g. An increase in
pressure ratio from 1.02 to 1.10 resulted in elevated blockage for
all liners with a maximum increase in RFP from 12% to 20% for
L3. As seen in Fig. 10, at all pressure ratios the liners showed the
same performance trend: lowest values of blockage for L2 and
highest blocking levels observed with L3. The results show that
the cooling hole diameter, both impingement and film, did not
solely dictate the level of blocking for a given design. L3, despite
having a 33% smaller cooling hole diameter than L4, varied in
RFP less than 1% relative to L4. L1 and L2, despite having the
same cooling hole size, showed a difference in blockage of ap-
proximately 6% at a pressure ratio of 1.06. However, when con-
sidering the total flow area through the impingement plate, con-
sistent trends were identified. Figure 11 shows the same data as
Fig. 10 but replotted versus the total flow area of each liner’s
impingement plate. Representing the data in this manner indicates
that blocking for a given liner design decreases monotonically
with increasing impingement flow area.

It was concluded that blocking levels within the liner, at ambi-
ent temperatures, were influenced by several different factors that

Table 2 Parameters used for combustor liner study

TM
�°C�

Tc
�°C�

ms
�g� PR

L1 20°C 0.21, 0.35, 0.52 1.02, 1.03, 1.06, 1.10
L2 0.35 1.02, 1.03, 1.06, 1.10
L3 0.21, 0.35, 0.52 1.02, 1.03, 1.06, 1.10
L4 0.35 1.02, 1.03, 1.06, 1.10
L1 871, 982 538, 593, 649 0.35 1.03
L2 982 649 0.35 1.03
L3 982 649 0.35 1.03
L4 982 649 0.35 1.03

Fig. 10 %RFP verses pressure ratio for all liners at ambient
temperature
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are unique to a double wall liner design. The two dominant factors
were filtration of large particles by the impingement plate before
entering the impingement cavity �refer to Figs. 3 and 7� and the
breakup of particles, which travel through the impingement holes
and impact against the upstream side of the film-cooling plate.

It was observed that the impingement plate acted as a filter for
the film-cooling plate with respect to sand particles and agglom-
erations whose maximum linear dimensions were equal to or
greater than the impingement hole diameter. Approximately 7% of
the particles tested were above 600 �m in diameter, which was
nominally the size of each liner’s impingement holes. Particles in
this size range blocked within the impingement holes and were
therefore unable to convect into the cavity upstream of the film-
cooling holes. It is also important to recall that the film-cooling
and impingement hole sizes were matched for each liner configu-
ration. For this particular design, the impingement plate was fil-
tering out all of the larger particles, which could have blocked
cooling holes within the film-cooling plate.

Particles, which did not stick to the upstream side of the im-
pingement plate or block within the impingement holes, were car-
ried into the impingement cavity by the coolant flow. Upon exit-
ing the impingement holes, the particles impacted on the upstream
surface of the film-cooling plate. This impingement broke up the
particles, increasing their likelihood to pass through the film-
cooling holes. Post-test inspection of the liner confirmed that the
particles were impinging on the upstream side of the film-cooling
plate, as shown in Fig. 12. The particle impingement velocities
were high enough to locally abrade the metal surface, as shown by
the dark circles on the upstream side of the film-cooling plate in
Fig. 12.

A study by Land et al. �26�, performed congruently with this
research, confirmed that particle breakup does occur within the
double wall liner. The study compared the relative blocking char-
acteristics of a combined impingement and film-cooling liner with
a film-cooling only liner. Land et al. �26� reported a �300% in-
crease in blockage with the film-cooling only configuration when

compared with the double wall liner thus verifying that the im-
pingement resulted in a beneficial breakup of the sand particles
within the cavity.

For the presented research, further visual inspection of the im-
pingement and film-cooling holes showed that the bulk of the
blockage occurred at the entrance to and within the impingement
holes. Conversely, very little blockage was observed within or
around the film-cooling holes. The breakup of impinging particles
and impingement plate filtering resulted in significantly higher
amounts of blockage in and around the impingement holes when
compared with the film-cooling plate.

Since all tests were performed with a nominal amount of sand,
it is logical that a liner with less impingement flow area would
block at a higher rate than a liner with a large impingement flow
area. Impingement flow area and particle breakup do not, how-
ever, offer insight into the cause of elevated blocking for all liners
as pressure ratio was increased. Blocking sensitivity to pressure
ratio results from how well particles follow the coolant flow. As
the pressure ratio was increased, so did the mean velocity of air
through the part therefore resulting in a decreased time character-
istic of the flow � f. The particle response time �s is commonly
used to describe the time required for a particle to respond to a
change in velocity. In an average sense, �s remained constant for
our testing since it was primarily a function of particle density and
diameter. Therefore an increased pressure ratio resulted in an in-
creased average particle Stokes number �St�.

Stokes number is commonly used to define how well a given
particle will follow the fluid surrounding it. Particles with a St
�1 are assumed to follow the flow perfectly while particles hav-
ing a St�1 are considered ballistic and are mostly unaffected by
the fluid �24�. Studies by Tu et al. �27� showed that, for a rebound-
ing flow over a curved wall, increased Stokes numbers were as-
sociated with particle trajectories deviating from the fluid stream-
lines thereby increasing the likelihood of wall collisions.

Calculations were performed to determine the Stokes number of
1 �m and 50 �m sand particles traveling through the liner. The
impingement jet velocity and impingement hole diameter were
chosen as the characteristic length and velocity of the coolant flow
within the cavity. At 50 �m, particle Stokes numbers were above
500 for all pressure ratios. It was therefore assumed that the tra-
jectories of sand particles at this size or larger deviated greatly
from the cooling air path. For a 1 �m particle traveling through
an impingement hole, Stokes numbers were slightly less than
unity for all four liners. Therefore the Stokes number of the 1 �m
particles fell within the range where particle motion was signifi-
cantly affected by the coolant air but did not follow it perfectly.
Increasing pressure ratio from 1.02 to 1.10 doubled the particle
Stokes number for all particle sizes. We may infer that increases in
pressure ratio also corresponded to an increased likelihood that
sand particles would collide with the surfaces in and around the
cooling holes. The increased number of wall collisions ultimately
related to a higher probability of deposition for a given sand
amount. Therefore elevated collision and deposition rates were the
cause of the increased blocking at higher pressure ratios.

5.2 Ambient Temperature Results With a Varied Sand
Amount. As explained previously, L3 exhibited the highest block-
age of the four liner designs tested because of its relatively small
impingement flow area. Therefore L3 was chosen to evaluate the
sensitivity of the blocking to sand amount. As previously de-
scribed for the nominal case, sand amounts were determined from
the studies by Walsh et al. �22� based on comparing clean and
field-operated turbine components. The maximum and minimum
particle mass loadings from Ref. �22� were matched for the double
wall liners resulting in high and low sand amounts of 0.52 g and
0.21 g, respectively. The effect of sand amount on L3 was then
evaluated for all pressure ratios, as shown in Fig. 13.

As shown in Fig. 13, a 51% increase in sand amount resulted in
an average increase in blocking of 18% across all pressure ratios.

Fig. 11 Ambient temperature results plotted versus impinge-
ment flow area for all liners

Fig. 12 Post-test images of sand deposition patterns at ambi-
ent temperature for L1 at PR=1.03
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Lowering the sand amount by 41% resulted in an average 35%
decrease in blocking. At pressure ratios above 1.03, these results
agree with the results of Walsh et al. �22�, which showed a near
linear dependence of blocking on the injected sand amount at a
given pressure ratio. It is important to note that the studies by
Walsh et al. were conducted at pressure ratios above 1.1. The
effect of varying sand amount was also evaluated for another liner
at a pressure ratio of 1.06 to assure that the results were not
dependent on the film-cooling and impingement geometry. As
shown in Fig. 14, L1 exhibits the same trend as L3 with linearly
increasing blockage as sand amount was increased.

5.3 Elevated Temperature Results. Each liner was evaluated
with a constant metal, coolant, and entering sand temperature at
TM =982°C, Tc=649°C, and Ts�760°C. In addition to these
tests, as was described previously, the length of the sand delivery
pipe was changed such that less of it was inside the kiln to lower
the sand temperature for L1 and L2 to Ts�370°C. As stated
previously, a transient heat transfer calculation was performed to
estimate the sand temperature flowing into the impingement plate.
It is important to note that all elevated temperature tests were
performed with a nominal sand amount of 0.35 g.

As discussed previously, the reduction in flow parameter or
blockage was calculated differently at heated condition than what
was performed for the ambient temperature testing. At heated con-
ditions, the RFPH was used. In this equation for the reduction in
flow parameter, FP0H was defined as the equivalent baseline flow
parameter at heated conditions and FPH was the blocked value at

heated conditions. Figure 6 illustrates the testing procedure and
calculation of this parameter at heated conditions.

The high temperature results for each liner are shown in Fig. 15
with the previously reported values of blockage for the ambient
temperature results. Each liner showed an increase in blocking at
elevated temperatures. L2 performed the best with the lowest val-
ues of blockage for both heated and ambient temperatures. L3 had
the highest operational flexibility, exhibiting very little change in
sand blockage between heated and ambient temperature testings.
The largest increase in blockage, by means of an increase in tem-
perature, occurred with L1. Explanation of the elevated tempera-
ture results was accomplished by disassembling each liner after
testing and noting differences in the sand blocking patterns.

At elevated temperatures, the liner blocking results no longer
scaled with impingement area as it did under ambient conditions.
Visual inspection after heated testing confirmed that the sand
blockage had moved into the film-cooling holes and continued to
occur within the impingement plate. Recall that negligible
amounts of blocking were observed within the film-cooling holes
at ambient conditions. It was apparent that the impingement plate
was still acting as a filter for larger particles, but observations of
completely blocked film-cooling holes meant there was a new
blocking mechanism occurring within the liner for heated
conditions.

Under heated conditions, blockages within the film-cooling
plate resulted from the sand becoming sticky at elevated tempera-
tures. This stickiness increased the likelihood of sand adhering to
the impingement and film-cooling plates as well as within the
cooling holes. It was found, as shown in Fig. 16, that the depos-
ited sand takes the shape of small mounds on the upstream side of
the film-cooling plate at elevated temperatures. Figure 16 illus-
trates these sand mounds in comparison to the case under ambient
temperatures, as shown in Fig. 12. As shown, each sand mound
was centered on the location of the impingement hole exit. These

Fig. 13 Effects of sand amount variation for L3 at ambient
temperature

Fig. 14 Sand amounts for L1 and L3 at PR=1.06 at ambient
temperature

Fig. 15 Comparison of all liners for ambient and heated tests
at TM=982°C and Tc=649°C and two ranges of entering sand
temperature at PR=1.03

Fig. 16 Upstream side of the L1 film-cooling plate at
PR=1.03 for „a… ambient and „b… TM=982°C, Tc=649°C, and
Ts=386°C
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mounds formed around and within the entrance to the film-cooling
hole when there was overlap between the impingement hole exit
and film-cooling hole entrance, thereby contributing to an increase
in blocking within the nearby film-cooling holes.

Recalling Fig. 4, L2 and L3 showed little overlap between the
impingement and film-cooling holes. The opposite was true for L1
and L4, which had much higher levels of cooling hole overlap.
Therefore L2 and L3 were less sensitive than L1 and L4 to oper-
ating at elevated temperatures because of the difference in overlap
between impingement and film-cooling holes. It was also of note
that L4 showed the highest blockage at elevated temperature de-
spite having the largest cooling hole diameter. Again, this was
attributed to L4 having the highest level of impingement/film-
cooling hole overlap when compared with the other three liners.
This result further reinforced the hypothesis that the combination
of sand stickiness and the amount of cooling hole overlap were
responsible for the increase in blocking observed at elevated tem-
peratures.

5.4 Results With Varied Metal and Sand Temperatures.
Varied metal and entering sand temperature tests were conducted
with L1 as it showed the greatest sensitivity to being operated at
elevated temperatures. The range of metal temperatures tested
�871–982°C� correspond to realistic values of metal temperature
for the combustor liner. As discussed previously, the range of
entering sand temperature was varied to the maximum allowable
limitations for the testing setup. This value was set by the heated
length of sand feed tube, as discussed previously. All tests were
performed with a fixed coolant temperature of Tc=649°C.

The results of this study are shown in Fig. 17 along with the
sand temperature entering the liner for each test. The blockage
level at ambient conditions is also shown in Fig. 17 to serve as a
basis of comparison for the elevated temperature tests. For a rela-
tively low entering sand temperature, the increase in metal tem-
perature from ambient to 871°C resulted in a 13% increase in
blocking. An increase of 17% in blocking was observed between
ambient and TM =871°C for a relatively high entering sand tem-
perature. Through visual inspection it was concluded that a metal
temperature of 871°C was too low to sufficiently heat the sand as
it passed through the liner. However, increasing the liner metal
temperature to 982°C resulted in a dramatic effect. As shown in
Fig. 17, for a relatively high entering sand temperature blocking
increased by 60% compared with TM =871°C. This corresponded
to two times the blocking at ambient conditions. For a relatively
low entering sand temperature, blocking increased by 14% when
compared with TM =871°C

The dramatic increase in blockage for a high entering sand
temperature occurred because the sand was becoming sticky at
higher temperatures. The driving heat transfer mechanism of this

effect was radiative heating from the liner’s metal surfaces to the
sand. Collisions with the surface also aided in the heating up of
the sand. With higher temperature, tackier sand was therefore
more likely to deposit on the internal surfaces of the liner. After a
particle adhered to the surface, it provided an area where subse-
quent particles could readily adhere. Interparticle collisions of
sticky particles also resulted in increasing mean particle size. Ag-
glomeration of colliding particles resulted in an increase in Stokes
number, which is a function of the particle diameter. Increasing
Stokes numbers corresponded to a greater deviation of particle
trajectories from the flow streamlines, thus increasing the likeli-
hood of wall collisions and depositions. Visual inspection of parts
after testing, shown in Fig. 18, support the conclusion that the
combination of elevated metal temperature and high entering sand
temperature was having a significant effect on particle stickiness.
At low entering sand temperatures, light color sand was observed,
which could be easily removed with high pressure air. At high
entering sand temperatures, sand color darkened appreciably and
could not be dislodged by high pressure air alone. The dark
mounds of sand were difficult to break up and required manual
removal.

6 Conclusions
The effects of sand flowing through a combined impingement

and film-cooling double wall liner have been presented. Pressure
ratio across the liner, sand amount, metal temperature, and sand
temperature were used to evaluate four realistic liner geometries.
The four liners were designed to investigate what effect the cool-
ing hole diameter, number of cooling holes, total coolant flow
area, and relative alignment between the impingement and film-
cooling holes had on blockage levels. The study was divided into
two sections: ambient and engine representative temperature re-
sults.

For all liner geometries tested at ambient conditions, an increas-
ing pressure ratio resulted in an increase in blockage. Since rais-
ing the pressure ratio resulted in an overall increase in fluid ve-
locity, it was hypothesized that the increasing deviation of
particles from fluid streamlines, described by the Stokes number,
resulted in more wall collisions and therefore higher deposition
rates. It was found that blocking levels scaled directly with im-
pingement plate area at ambient conditions. At ambient condi-
tions, the liner with the largest impingement flow area exhibited
the lowest blocking for all pressure ratios. Each double wall liner
design also had a matched diameter of impingement and film-
cooling holes, causing the impingement plate to act as a particle
filter for the film-cooling plate. It was also observed that particles
small enough to travel through the impingement holes subse-

Fig. 17 Blockage associated with varied metals and entering
sand temperatures for L1 at a fixed coolant temperature of
Tc=649°C and PR=1.03

Fig. 18 Post-test images of elevated temperature sand depo-
sition patterns for L1 at Tc=982°C, Tc=649°C, and PR=1.03
having two entering sand temperatures „a… Ts=386°C and „b…
Ts=767°C
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quently impinged on the upstream side of the film-cooling plate.
This impingement broke the particles up, allowing them to more
easily pass through the film-cooling holes. Because of the particle
breakup and filtering by the impingement plate, a negligible
buildup of sand was observed within the film-cooling holes or on
the upstream surface of the film-cooling plate at ambient condi-
tions.

At elevated temperatures, blocking levels did not scale with
impingement area. The amount of blocking increased for all liners
as metal temperature was increased. This was found to be a result
of the sand becoming sticky at higher temperatures thus increas-
ing the probability of particle deposition. Visual inspection of the
liner after testing confirmed that the sand was becoming sticky,
which resulted in elevated deposition levels on the upstream side
of the film-cooling plate and within the film-cooling holes. This
effect was quite different than at ambient conditions, where no
sand buildup was observed on the upstream surface of the film-
cooling plate. Since sand was depositing in small mounds on the
upstream surface of the film-cooling plate downstream of the im-
pingement jets, it was determined that liners with a high amount
of overlap between the impingement and film-cooling holes
blocked more when compared with staggered impingement and
film-cooling holes.

Overall, the liner with the largest impingement flow area and
least overlap between the impingement and film-cooling holes ex-
hibited the lowest blocking overall at both ambient and heated
conditions. At all operating conditions, the impingement holes
were acting as a particle size filter for the film-cooling plate. This
study has shown that impingement could be used to breakup
larger particles thereby reducing their possibility of blocking
within subsequent cooling geometries. In addition, the cooling
liners with staggered film and impingement holes were found to
be less sensitive to the sand depositing on the upstream side of the
film-cooling plate, which occurred at higher temperatures.
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Nomenclature
A � cross-sectional area
d � particle diameter
D � cooling hole diameter

FP � �ṁhole
�TcR� / �PexitAhole�

L � length
Lc � characteristic flow length
m � mass
ṁ � mass flowrate
n � number of holes
P � pressure

P1 � pitchwise cooling hole spacing
P2 � streamwise cooling hole spacing
PR � P0C / Pexit
Q � volumetric flowrate
R � air gas constant

RFP � �FP0−FPB� /FP0
RFPH � RFPH= �FP0H−FPBH� /FP0H

St � Stokes number =�s /� f
T � temperature
U � velocity
u � uncertainty

Greek
� � density
� � dynamic viscosity
� f � characteristic flow time scale, � f =Lc /U
�s � particle response time, �s= ��sds

2� / �18� f�

Subscripts
0 � equivalent unblocked parameter for ambient

conditions at the blocked pressure ratio
0H � equivalent unblocked parameter for heated

conditions at the blocked pressure ratio
0C � coolant total property

amb � ambient laboratory conditions
B � blocked with sand at ambient conditions

BH � blocked with sand at heated conditions
c � coolant

exit � film-cooling hole exit
hole � relating to a single cooling hole

H � evaluated at heated conditions
I � impingement

M � metal
s � sand
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Effects of Suction and Injection
Purge-Flow on the Secondary
Flow Structures of a High-Work
Turbine
In high-pressure turbines, a small amount of air is ejected at the hub rim seal to cool and
prevent the ingestion of hot gases into the cavity between the stator and the disk. This
paper presents an experimental study of the flow mechanisms that are associated with
injection through the hub rim seal at the rotor inlet. Two different injection rates are
investigated: nominal sucking of �0.14% of the main massflow and nominal blowing of
0.9%. This investigation is executed on a one-and-1/2-stage axial turbine. The results
shown here come from unsteady and steady measurements, which have been acquired
upstream and downstream of the rotor. The paper gives a detailed analysis of the chang-
ing secondary flow field, as well as unsteady interactions associated with the injection.
The injection of fluid causes a very different and generally more unsteady flow field at the
rotor exit near the hub. The injection causes the turbine efficiency to deteriorate by about
0.6%. �DOI: 10.1115/1.4000485�

1 Introduction
In order to improve the thermal cycle efficiency of gas turbines,

turbine entry temperatures have been continuously increased over
the past decades. With these increases the ingestion of hot gases
into the disk cavities has become an issue, as it can cause over-
heating of the disks, as well as thermal fatigue of the components.
In order to mitigate the adverse effects of ingestion of hot gases,
bypassed compressor air is injected through the rim seals between
the rotating and stationary parts. The goal is to minimize the
amount of injection massflow and to reduce the aerodynamic
losses, which can be attributed to the injection. The ingestion of
hot gases is driven by both disk pumping, as well as the external
nonaxisymmetric pressure field. This has been experimentally in-
vestigated in previous studies; Kobashi et al. �1� found that the
pressure difference criterion underestimates the minimum cooling
flow rate. Chew et al. �2� and Dadkhah et al. �3� also examined the
question of the minimum coolant flow that is required to prevent
ingestion and where the ingested air would end up in the cavity.
The pressure field is however highly unsteady due to stator-rotor
interactions. Roy et al. �4�, for example, showed that the effect of
the unsteady pressure field was much more pronounced inside the
cavity than the time-averaged circumferential external pressure
field. Recent research has focused on the flow interactions be-
tween the cooling air and the mainstream flow. McLean et al. �5,6�
tested radial, impingement, and root injection cooling configura-
tions. They observed that root injection had the most pronounced
effect on the loss coefficient and total-to-total efficiency. Further-
more they found profound effects on the secondary flows of the
following row. Girgis et al. �7� compared radial injection to com-

pound injection, which had both radial and tangential components.
They observed that the latter resulted in an efficiency improve-
ment. Ong et al. �8� also concluded that some of the efficiency
penalty due to coolant could be regained by introducing a swirl
component to the coolant jet. Furthermore they found that most of
the coolant is entrained by the downstream blade hub secondary
flow. Paniagua et al. �9� reported that there is an intensification of
the rotor hub vortex and an enhancement of the radial migration
due to injection. In recent studies the importance of the unsteady
interaction of the freestream and the cavity were highlighted. Bou-
det et al. �10� found frequencies that are unrelated to the blade
passing frequency. They attributed this to a nonlinear coupling of
the blade passing frequency with an instability formed inside the
cavity. They concluded that only full annulus and unsteady mod-
eling would capture the experimentally observed flow phenomena.
Reid et al. �11� quantified the efficiency penalty caused by the rim
seal flow to be about 0.56% for 1.0% of injection massflow.
Marini and Girgis �12� in a numerical study examined the effects
of the blade leading edge platform and noted that there is a 0.07%
stage efficiency benefit and a reduced sensitivity to an increasing
cavity massflow.

The present work shows performance sensitivities for purge
flow. Intensification of the secondary flows at exit of the rotor and
a higher penetration of the secondary flows with purge flow are
observed. A detailed time-resolved measurement and analysis with
and without purge flow are presented. By a spectral analysis at
exit of the rotor with purge, flow subharmonic frequencies are
resolved.

2 Experimental Method

2.1 Experimental Turbine Facility. The experimental inves-
tigation was performed in the research turbine “LISA” in the
Laboratory of Energy Conversion at Swiss Federal Institute of
Technology. Recently the existing two-stage, shrouded turbine
configuration �13� was redesigned as a one-and-1/2 unshrouded
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turbine that is representative of a high work cooled turbine. Fur-
ther details of the new design are presented by Behr et al. �14�, but
its salient features are described below.

The air-loop of the facility is a quasiclosed type and includes a
radial compressor, a two-stage water to air heat exchanger and a
calibrated venturi nozzle for mass flow measurements. Upstream
of the turbine section is a 3 m part with flow straighteners to
ensure a homogenous flow field. Additionally the flow undergoes
an acceleration ahead of the turbine section in order to reduce the
significance of any remaining flow nonuniformities. At the exit of
the turbine section the air-loop opens to atmosphere. A dc genera-
tor absorbs the turbine power and controls the rotational speed
with an indicated accuracy �0.02% ��0.5RMP�. A heat ex-
changer controls the Tt,in to an accuracy of �0.3%. A torquemeter
measures the torque on the rotor shaft. With a compressor ratio
limited to �c,max=1.5, it is necessary to add a tandem deswirl
vane arrangement to recover the static pressure at the exit of the
second stator back to the ambient level, in order to reach the
intended turbine pressure ratio of �1.5=1.65. The turbine is un-
shrouded with a nominal tip gap of 1% of the span. The variation
in the tip gap between builds is less than 1% of the tip gap, which
ensures a good repeatability.

Table 1 gives the general geometrical data of the first stage of
the investigated turbine. A new air-system was designed to pro-
vide the possibility of injection of air through the rotor upstream
rim seal. The air is bled off the primary air-loop upstream of the
flow conditioning stretch. The bleed air passes through a venturi
to measure the bypassed massflow. Finally the bypass flow enters
a plenum from where ten plastic pipes lead the flow to ten first
nozzle guide vane rows �NGV1s�. Through these NGV1s the flow
enters the cavity labeled B in Fig. 1. From the cavity underneath
the NGV1s there are two leakage paths indicated in Fig. 1 as
dotted arrows P and S. One path is through the upstream rim seal
into the mainflow P. The rest of the gas is ejected through the
drum to the ambient after being measured in another venturi
called the secondary massflow S. The pressure difference over the
labyrinth seal leading from the downstream rim seal into the drum
is balanced. Under these conditions the net massflow through the
downstream rim seal into the drum is assumed to be zero. Thus
the injection or purge massflow can be calculated as the difference
of the bypass massflow and secondary massflow. Previously it was
only possible to run the rig with the upstream rim seal in a suck-
ing mode.

2.2 Measurement Technology. The steady flow field is mea-
sured with a miniature cobra-head five-hole probe with a tip di-
ameter of 0.9 mm. The unsteady flow field is measured with a fast
response aerodynamic probe �FRAP�, which was developed at the
LEC �15,16�. The probe is capable of capturing unsteady flow
features of up to frequencies of 48 kHz based on measurements
including total and static pressures, flow yaw and pitch angles,
and Mach number. The frequency bandwidth of the temperature is
limited to a frequency of 10 Hz. However the influence of the
temperature on the velocity is very modest. The used FRAP probe
has a 1.8 mm tip diameter and is equipped with two sensors. The
probe is operated in a virtual-four-sensor mode to measure three-
dimensional time-resolved flow properties. The measurement grid
consisted of 39 radial and 40 circumferential points �covering one
stator pitch� with a radial clustering near the endwalls. The data
are acquired at a sampling rate of 200 kHz over a period of 2 s.
During the data processing a phase lock averaging over 85 rotor
revolutions per rotor pitch is used. The postprocessing is done for
three consecutive rotor pitches. The sampling rate resolves 82
points per rotor pitch in the relative frame of reference.

3 Results and Discussion

3.1 Operating Conditions. During measurements the turbine
1�1/2� stage total-to-static pressure ratio is kept constant at �1.5
=1.65. The entry temperature is kept constant to permit an accu-
rate comparison between measurements made on different days.
To account for the change in ambient pressure on different mea-
surement days the pressures are nondimensionalized by the re-
spective inlet total pressure. The operating conditions are given in
Table 2.

In this paper the data of two different injection rates are com-
pared. The definition of the injection rate is given in Eq. �1�.

IR =
ṁby − ṁdr

ṁv
· 100 �1�

The tests were conducted with two different IRs −0.14% and
0.9%. At −0.14% the rim seal is nominally in a modest sucking
mode, while at 0.9% it is said to be blowing.

3.2 Performance Sensitivity. In this section the sensitivity of
the total-to-total efficiency to different injection rates is presented.
The definition of efficiency used in this study, accounting for the
injection is given in Eq. �2�

�tt =

� · M

ṁv · cp · Tt,in

1 − �1 −
IR

100
� · � pt,R1ex

pt,in
��−1/�

−
IR

100
· � pt,R1ex

pt,cav
���−1�/�

�2�

The efficiency drop is ��tt=0.6% when comparing the sucking
case �IR=−0.14%� to the blowing case �IR=0.9%�.

Figure 2 shows the circumferentially massflow averaged rela-
tive flow yaw angle at the exit of the rotor. The design metal angle
is −67 deg over the whole span. At the hub one can see the
underturning region between 20% and 30% span.

At 10% span there is the overturning region induced by the hub
passage vortex. At 72% span the tip passage vortex introduces

Table 1 Characteristic geometry

Stator 1 Rotor

No. of blades 36 54
Inlet angle �midspan� �deg� 0 54
Exit angle �midspan� �deg� 73 −67
Solidity �chord/pitch� 0.87 1.17
Aspect ratio �span/chord� 1.27 1.41
Profile stacking LE CoG

Fig. 1 Illustration of leakage path

Table 2 Operating conditions

�1.5 1.65�0.4%

Tt,in 328�0.2 K

ṁ�Tt,in

pt,in
152�0.2% � kg K1/2

s bar
�

N
�Tt,in

2.48�0.05 rps

K1/2
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underturning. At 88% span there is the combined overturning of
the tip passage vortex and the tip leakage vortex. Finally at the
casing the underturning part of the tip leakage vortex can be seen.
In the outer half of the annulus there is no influence of the injec-
tion. At the hub the underturning is reduced by 1.4 deg with purge
flow, while it radially migrated outwards by 5% of the span. The
overturning is the same in both cases. With purge flow the highest
overturning is at a 5% lower span position. With purge flow the
signature of the secondary flow is diminished, while it has a larger
radial extent.

Figure 3 shows the radial distribution of the total-to-total effi-
ciency. It should be noted that this efficiency is linearly related to
the total pressure distribution since the power used to calculate it
is only a one-dimensional �1D� value. The efficiency is nondimen-
sionalized with the midheight value of the �IR=−0.14%� sucking
case. There is an increasing efficiency deficit toward the hub for
the injection case. The suction case has a more pronounced loss
core around 20% span, while it is more diffused in the purge flow
case.

3.3 Time-Resolved Data. Figure 4 shows the relative total
pressure field of the blowing case with an injection rate of 0.9%
for two stator pitches at exit of the rotor. As the vane to blade ratio
is two to three, the loss systems of three rotor blades can be seen.

Figure 4 shows the situation at one instant in time in the absolute
frame. The rotor loss features can be identified as the low relative
total pressure zones.

From 90% span up to the casing the loss is associated with the
tip leakage vortex labeled with 1. Between 65% and 80% span the
tip passage vortex loss 2. In between 30% and 65% span the rotor
wake can be identified. From 10% to 30% span the low relative
total pressure zone shows the rotor hub passage vortex 3. The low
momentum purge flow is entrained by the hub passage vortex of
the rotor. This results in a large and diffused region at the hub.

Based on the stationary flow field three different interaction
zones in the rotor exit flow field can be identified. The centerlines
of these regions are seen as radial lines in Fig. 4 labeled with A,
B, and C. In the region along traverse A the loss features of the
upstream nozzle appear. Sharma et al. �17� called this region mini-
mum interaction time location as the nozzle flow features pass
through the rotor passage with minimal interaction with the rotor
leading edge. Traverse B is in the middle of a high relative total
pressure zone caused by the pressure waves of the downstream
nozzle. In the region around traverse C there is no interaction of
the rotor flow features with either the upstream nozzle or the
downstream nozzle. Sharma et al. �17� showed that this region is
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Fig. 3 Mass-averaged total-to-total efficiency traverse plane
R1ex

Fig. 2 Mass-averaged relative flow angle traverse plane R1ex

Fig. 4 Relative total pressure for blowing IR=0.9% at traverse plane R1ex
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characterized by low turbulence values and that the flow field is
quite similar to the one, which would be observed in cascade tests.
To better understand the different interactions in region A, B, and
C, these traverses are plotted against time, as seen in Figs. 5–7.

Figure 5 shows the rms values of the random part of the total

pressure signal as a plot of radius against time for the three
traverses. Using the triple decomposition of the time-resolved
pressure signal as shown in Eq. �3� the random part p��t� can be
evaluated as the difference between the time-resolved pressure
p�t� and the phase-locked averaged pressure p̄+ p̃�t�. The same

Fig. 5 rms of random part of total pressure at traverse plane R1ex „Pa…

Fig. 6 Relative flow angle traverse plane R1ex

Fig. 7 Pitch angle at traverse plane R1ex
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approach was used by Porreca et al. �18� to derive turbulent quan-
tities.

p�t� = p̄ + p̃�t� + p��t� �3�
Figures 5�e� and 5�f� show only minor rotor-stator interactions

characterized by the lowest integral rms values. The rotor flow
features identified in Fig. 4 can be seen as high rms regions. From
90% span to the tip one can identify the tip leakage vortex labeled
with 1 in between 60% and 80% span the rotor tip passage vortex
2, and finally between 15% and 35% span the rotor hub passage
vortex 3. With purge flow the highest unsteadiness in the hub
passage vortex is constrained to the hub and diffused over a larger
area.

In traverse B the unsteadiness in the rotor hub passage vortex
rises due to the interaction with the downstream stator leading
edge. The purge flow case shows a much stronger increase in rms.
This could be the signature of a vortex break down.

Along traverse A the integral rms values rise once more as
additional high rms zones are occurring. These zones show the
remains of the upstream vane flow features. There is a high rms
zone at the hub labeled 4 associated with the upstream vane hub
passage vortex. With purge flow the high rms zone of the rotor
hub passage vortex 3 is lifted of the endwall once it starts to
interact with the upstream vane hub passage vortex 4. This is
probably happening as the leakage fluid has very little momentum.

If streamwise vorticity is present in a flowfield one will find
radial gradients of yaw angle, as well as circumferential gradients
of pitch angle. As the rotor vorticities travel through the radial
traverse, the time gradients are related to the circumferential gra-
dients in the rotating frame. Therefore the strength of the radial
yaw angle and the time gradient of the pitch angle are good indi-
cators of the strength of the streamwise vorticity.

Figure 6 shows the relative flow angle in the time-space format.
At the hub there is a positive radial gradient of the relative flow
angle associated with the hub passage vortex 3. In traverse B and
C this gradient is lowered by a factor of about 5–6 with purge
flow present. In traverse B it has been reduced from 4.9 deg/mm
to 1.0 deg/mm with purge flow and at traverse C from 4.6 deg/mm
to 0.8 deg/mm. At traverse A the gradients are about the same size
1.4 deg/mm and 1.6 deg/mm for both injection cases. This leads to
the conclusion that the hub passage vortex of the purge flow case
shows a different behavior once the vortex starts to interact with
the upstream vane features as seen in traverse A. With purge flow
the vortex is gaining intensity as it starts to interact with the up-
stream flow features. Without purge flow the vortex loses
intensity.

Figure 7 shows the radial-time diagram for the pitch angle of
traverse A and C. Traverse C shows pitch angle variations caused

by the rotor flow features. Between 10% and 30% span there is a
positive temporal pitch angle gradient, which is the signature of
the rotor passage vortex 3. The maximum pitch angle gradient is
at 27% in the sucking case and at 21% in the blowing case. The
gradient reduced by 2.7 deg per blade passing period with purge
flow. This indicates a lower vorticity peak closer to the hub. In
traverse A the maximum temporal pitch angle gradient can be
found at 23% in the sucking case and at 26% in the blowing case.
With purge flow the positive gradient at the hub is reduced by 3.5
deg per blade passing period in this circumferential location. With
purge flow the rotor hub passage vortex migrates outwards going
from traverse C to A. This reconfirms the observation made fur-
ther up that the hub passage vortex lifts of the endwall once it
starts to interact with the upstream vane flow features, as seen in
traverse A if purge flow is present.

3.4 Rotating Frame Time-Averaged Results. Figure 8
shows the relative total pressure at the rotor exit time-averaged in
the rotating frame of reference. Below 30% span there is the low
relative total pressure zone that is associated with the rotor hub
passage vortex 3. Between 65% and 80% the tip passage vortex
loss core can be identified as 2. Between 90% span and the casing
there is the signature of the tip leakage vortex 1. The narrow band
of low relative total pressure between 30% and 65% represents the
rotor wake. In the purge flow case the hub loss zone is about twice
the size of the zone in the sucking case. This loss zone extends
from 40% span down to the measurement line closest to the hub

Yrel�r� =
ptrel,S1ex�r� − ptrel,R1ex�r�
ptrel,R1ex�r� − ps,R1ex�r�

· 100 �4�

Equation �4� gives the definition for the relative total pressure
loss coefficient Yrel. Figure 9 shows the radial distribution of Yrel
determined with the mass-averaged relative total pressure values
at the same radial height. Figure 9 confirms the observations made
in Fig. 8. The peak loss in both cases is the same within 1%. The
purge flow however shows loss over a much larger radial extent,
resulting in an 18% higher integral hub loss.

Figure 10 shows the streamwise vorticity at the rotor exit time-
averaged in the rotating frame of reference. The positive stream-
wise vorticity seen at 20% span and labeled 3 is due to the rotor
hub passage vortex. The negative vorticity region 5 can be asso-
ciated with the trailing edge shed vortex. At 75% the vorticity of
the tip passage vortex can be seen in region 2. The tip shed vortex
is labeled 4. Along the casing the positive vorticity signature of
the tip leakage vortex is seen in region 1. With purge flow the
peak vorticity of the hub passage vortex is about halved. This
agrees with the observation made in the radial-time plots of the
pitch and relative flow angle, as seen Figs. 6 and 7. However the

Fig. 8 Time-averaged relative total pressure in the rotor frame of reference at traverse plane R1ex
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integrated circulation is 10% higher with injection. The integrated
circulation of the hub trailing shed vortex has increased by 30%.
This indicates a greater variation in blade lift with span. Therefore
the lift at the hub must have reduced. The purge flow shows no
significant influence in the outer annulus half.

Figure 11 shows the time-averaged rms values of the random

part of the total pressure signal in the rotating frame of reference.
There are three distinct regions of high rms values representing
the hub passage vortex �below 40% Span� 3, the tip passage vor-
tex �between 60% and 80% Span� 2 and the leakage vortex �be-
yond 90% span� 1. Furthermore there is a band of high rms values
between 40% and 60% span associated with the rotor wake. The
rms plot shows a very diffused hub passage vortex region with
purge flow, which has increased in size and reduced in peak in-
tensity compared with the sucking case.

The rate of irreversible heat generation by doing work against
the viscous forces is given in Eq. �5� given in Ref. �19�. The
parameter � is the dissipation function. The viscosity in Eq. �5� is
the molecular or laminar viscosity. In order to evaluate the dissi-
pation correctly one would need a very fine spatial resolution. The
instantaneous velocity vector with its deterministic and turbulent
fluctuations is also needed. In practice the spatial resolution is
limited by the traverse grid size and the temporal resolution is
only deterministic. For these reasons the calculated dissipation
must be regarded with some care as the modest spatial resolution
and the deterministic time signature will result in an underesti-
mate of the dissipation

dQF = dt · �V · 	 · � �5�

�, the viscous dissipation function, is given in cylindrical co-
ordinates in Eq. �6�. The required axial gradients are approximated
using a frozen flow structure assumption. The detailed approach
can be found in Ref. �20�
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Fig. 9 Time-averaged and circumferentially mass-averaged in
the rotor frame of reference relative total pressure loss at
traverse plane R1ex „%…

Fig. 10 Time-averaged streamwise vorticity in the rotor frame of reference at traverse plane R1ex „1/s…

Fig. 11 Time-averaged rms of random part of total pressure in the rotor frame of reference at traverse plane R1ex „Pa…
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In order to better quantify the dissipation function, it is normal-

ized by the flux of kinetic energy given in Eq. �7�

ṁ ·
u2

2
= � · ux · Ax ·

u2

2
�7�

where

u2 = ux
2 + ur

2 + u

2 �8�

Thus we have the semi-nondimensional dissipation function D
given in Eq. �9�

D =
	 · �

� ·
u2

2

�9�

Figure 12 shows the time-averaged D parameter at the rotor exit
in the rotating frame of reference. The highest values are mea-
sured both in the tip leakage region and in the interaction zone of
the tip trailing edge shed vortex 4 and the tip passage vortex 2.
The dissipation at the hub is much less pronounced. The peak
dissipation values are about the same in both cases. However the
extension with purge flow is much larger, resulting in a 39.6 %
higher integral dissipation value for the lower annulus half.

3.5 Spectral Analysis. The frequency composition of the
flow in the hub loss core is determined from an fast Fourier trans-
form �FFT� of the raw voltage signal of sensor 1 of the FRAP

probe, which is directly related to the pressure signal. The ampli-
tude is nondimensionalized by the baseline value at blade passing
frequency. The measurements at 16% span and �12.5% pitch are
considered. The results are presented in Fig. 13. The blade passing
period is 2430 Hz. With IR=−0.14% there is a distinct peak at the
blade passing frequency. With purge flow the peak amplitude at
the blade passing frequency is reduced. Furthermore there is a
band of relatively high amplitudes centered on the subharmonic of
the blade passing frequency. The injection seems to introduce
such subharmonic frequencies, as was observed by Boudet et al.
�10�. They found that such frequencies result from the nonlinear
interactions with cavity instabilities. In the present work no time-
resolved cavity data are available. Therefore no conclusive state-
ment on the origin of these frequencies can be made. Alternatively
there are possibly some nondeterministic modes of the rotor hub
secondary flows influenced by the purge flow.

4 Conclusions
The results with axisymmetric endwalls show a total-to-total

efficiency drop of ��tt=0.6% when increasing the injection from
the sucking mode IR=−0.14% to the blowing mode IR=0.9%.
With injection and conventional endwalls the hub secondary flows
have a larger radial extent. The angles, as well as the vorticity
contour plots in the rotor hub passage vortex region, show that the
vorticity peak values are reduced by using purge flow. This indi-
cates a reduced rotation of the vortex when the purge flow is
entrained into the vortex. However the integrated circulation of
the passage vortex with purge flow has increased by 10%. The
circulation of the hub trailing shed vortex has increased by 30%
with injection through the rotor upstream rim seal. The integrated
dissipation function D has increased with purge flow by almost
40% explaining some of the efficiency deficit.

Fig. 12 Time-averaged D parameter in the rotor frame of reference at traverse plane R1ex „%/s…

Fig. 13 FFT of the raw voltage signal of the frap probe at 16% span and −12.5% pitch
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FFT results show that there is a frequency in the pressure signal
of around half the blade passing frequency in the hub region,
which could possibly result from a nonlinear combination with
some cavity modes. Nevertheless no conclusive statement can be
made as there is no time-resolved data from the cavity available.
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Nomenclature
A � area �m2�
D � semi-nondimensional dissipation function �%/s�
cp � specific heat for constant pressure �J/kg�
IR � injection rate
M � torque �Nm�
ṁ � massflow �kg/s�
N � rotational speed �rps�
p � pressure �Pa�
p̄ � time mean part of pressure signal �Pa�
p̃ � periodic part of pressure signal �Pa�

p� � random part of pressure signal �Pa�
Q � amount of heat �J�
r � radial coordinate �m�
T � temperature �K�
T � blade period �s�
t � time �s�
u � velocity �m/s�
V � volume �m3�
x � axial coordinate �m�
Y � total pressure loss coefficient

Greek
� � isentropic coefficient
� � efficiency

 � circumferential coordinate
	 � viscosity �kg /m s�
� � pressure ratio
� � density �kg /m3�

� � dissipation function �1 /s2�
� � rotational speed �rad/s�

Subscripts
by � bypass

c ,max � compressor
cav � cavity

dr � drum
F � frictional
in � turbine inlet
r � radial coordinate

rel � relative frame
R1ex � rotor1 exit

s � static flow quantity
S1ex � stator1 exit

t � stagnation flow quantity

tt � total-to-total
v � main venturi
x � axial coordinate

 � circumferential coordinate

1.5 � total-to-static 1.5 stages

Abbreviations
R1ex � rotor1 exit
S1ex � stator1 exit
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